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Abstract

Climate change and negative environmental effects from a human’s life style have ignited the search
for grid-scale electricity production from renewable energy sources. Significant advances with respect
to renewable energy conversion into electricity has been achieved in recent years. However, their
integration with the electrical grid is still an unsolved problem because the natural intermittency
associated with them. Grid-scale energy storage can be the solution to the intermittency problem; of
all the types or storage, compressed air energy storage (CAES) is one of the most promising potential
solutions to effectively integrate renewable energies to the grid.

CAES consists in compressing air during times when the electricity production is larger than the
demand. This compressed air is stored in a huge reservoir; it is then used during peak demand times
to run gas turbines which are connected to power generators. Literature about steady state CAES is
widely available; topics such as system efficiency, fuel free CAES, and reservoir sizing being
arguably the most commonly published. However, there are very few works about dynamic state of a
CAES system; and there are next to no publications regarding the transient modelling of the

turbomachinery for CAES.

This thesis develops two independent dynamic models of axial turbomachines for CAES systems; one
for a compressor and one for a turbine. These models should be able to represent the behavior of the
machines, as well as easily connect with the rest of the components of the system. For these reasons,
the models are developed in the SIMULINK® environment, which is a tool commonly used for
electrical modelling. The models use the time domain, and are based on compressor and turbine

performance maps, which make them representative, and let them require a short simulation time.

The objective of the simulations is to see how the models behave with regards to power inefficiency,
part-load operation; and the effects on the complete operation caused by the system inertias. The
models can replicate the operation of any axial turbomachine provided the respective map, and can be
also used with centrifugal compressors. Upon running the simulations, a round trip efficiency of 55%
was obtained. Furthermore, it takes 296 seconds to increase the pressure of a cavern of 3000 m? from
422.18 Kpa to 747.4 Kpa. The simulated turbine of 167 MW and design speed of 17000 rpm, with a

nominal mass flow rate of 400 kg/s, will take 778 seconds to reach its nominal speed.
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Chapter 1

Introduction

The way humans have been utilizing natural resources the last two hundred years is unsustainable and
is heading towards bringing forth a global energy crisis [1]. In recent years, there has been an added
emphasis on developing clean energy technology around the world [2]. One of the areas that has
received attention is electricity production and distribution. Today, manufacturers of wind turbines
and other similar expertise have developed technologies that are both efficient and powerful;
however, a gap exists that must be bridged when it comes to the implementation of these technologies
in an urban grid. This problem lies with intermittency of energy supply to the grid from renewable
energy sources. For example, electricity production from wind turbines depends on the availability of
the right wind conditions to run the generators. When these conditions are not met, there is not
sufficient electricity production. Since this can happen at any time on any day; if an urban power grid
were to rely solely on wind turbines for its energy supply, it would be too chaotic and unreliable for
the supplier, as well as the consumers. Therefore, electricity production systems based on renewable
energies need to interface with a grid-scale storage system before the connection to a grid. Pumped
hydro is the most commonly used method of grid-scale energy storage; however, the construction of
new pumped hydro dams comes with significant consequences to the environment and elevated costs.

Furthermore, their operation affects fauna present in the area [3].

Compressed air energy storage (CAES) is one of the most promising potential solutions to
effectively integrate renewable energies to the grid [4]. In its core configuration, CAES operates by
compressing air using excess energy from the grid to then store it in an underground reservoir. When
required by the grid, the air is reheated and expanded in a turbine which is connected to a power

generator to produce electricity, as seen on Figure 1.
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Figure 1 Generic Compressed Air Energy Storage Diagram [5]

There are currently two fully functional CAES plants that exist in the world. One in Huntorf
Germany, and the other in Alabama U.S. Both plants work using the aforementioned principle: using
excess energy from the grid to store ambient air in underground salt reservoirs, and then using
combustion chambers and turbines to run generators [6]. Another configuration of a CAES system
could be to use wind turbines or solar energy to feed the system instead of excess energy from the
grid [7]. In this way, the intermittency of the renewable source could be regulated using a reservoir
capable of containing an amount of compressed air large enough to produce several hours of grid-

scale power.

1.1 Motivation

In literature, there are many publications about CAES that touch a wide range of topics The current
CAES literature primarily focus on the following: (1) low-fidelity thermodynamic modelling of
efficiency for gas turbine-based CAES systems [8]-[10] with some validated against the existing
Huntorf CAES system in Germany [11], (2) cavern heat transfer validated against the Huntorf CAES
system[12]-[15], (3) low-fidelity thermodynamic modelling of efficiency for adiabatic [16]-[23] or
isothermal CAES systems [24], (4) adiabatic or isothermal CAES heat storage and heat transfer
options [25]-[29], and (5) low-fidelity strategic integration of CAES systems into an energy network
that includes, for example, wind turbines [7], [30]-[32]. Lacking in the literature are studies into the
application of CAES to specific electricity grids each of which have their own consideration in terms

of CAES locating, grid infrastructure, and grid management. Also lacking are high-fidelity CAES



models capable of capturing system transients such as variable turbine speed-load efficiency and

rotary machinery inertia, and of capturing detailed cavern dynamics and heat transfer.

1.2 Objective

The objective of this thesis is to create models of the turbomachinery parts of the overall CAES
system. These models should be able to represent simulate the behavior of the machines, as well as
easily connect with the rest of the components of the system. This means that the models must be
flexible enough for customization, should be able to be used with an external control strategy, and run
the simulation relatively fast. Due to these reasons, this work contains two models of axial
turbomachinery, one of the axial compressor, and one of the turbine.

1.3 Thesis Outline

This thesis is divided into six different chapters.
Chapter 1 provides motivation for energy storage and gives an overview of CAES.

Chapter 2 contains a review of the published literature of turbomachinery models, and techniques
used in them for data interpretation and collection.

Chapter 3 explains what a turbomachine is, their working principles, main components, and types
of machines. Chapter 3 also points out specific thermodynamics and fluid mechanics phenomena that
are closely related to the topic, as well as how these are integrated in turbomachinery maps, which are

then used in models.

Chapter 4 details how the models are built for simulation. Starting with the thermodynamic aspects
of the compressor followed by how to connect them with the rotational motion of the machine. After
that, it explains how the data is read from the compressor maps and details the solving sequence for
that model. The second part of Chapter 4 contains the turbine model; it keeps the same structure as
the compressor section. Starting with the thermodynamic aspects of the model, followed by the
connection of the model with the rotational motion. After that, the solving sequence for this model is

presented.

Chapter 5 shows the results obtained from the simulations. The first part shows the compressor’s
simulation results and the second part shows the turbine’s simulation results. Both sections explain
how the results obtained match the expected performance, and concludes explaining why they could

not be compared with real data.



Chapter 6 contains the main conclusions found after this work, and outlines recommendations for

future work.



Chapter 2

Literature Review

This chapter discusses the various CAES and turbomachinery models published in literature. Models
capturing transient effects in the system are important to enable future CAES systems to be designed
to deliver ancillary services in addition to arbitrage services; and for developing grid-integration
system control strategies. Parameters such as cavern dynamics and heat transfer will affect system
capacity, cycle frequency, and life. This work focusses on increasing the fidelity of the axial
compressor and turbine models used in CAES systems, and therefore, this literature review starts by

considering existing non-CAES models of compressors and turbines.

2.1 Gas Turbine Engine Models

Gas turbine engine dynamic models can be classified into two distinct types, models based on control
theory and use the s-domain, and models executed on the time domain. Both types are reviewed in the

next two sections.

2.1.1 Models based on Control Theory
In 1983, while working for the turbine division at General Electric, W. I. Rowen [33] published the

first model capable of simulating the behavior of multiple GE single-shaft gas turbines for power
generation. The Rowen model became the foundation for all other frequency domain base models
since published; the model uses transfer functions and linear equations to simulate all the components

of a particular gas turbine engine. Figure 2 below shows part of Rowen’s model.
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Figure 2 Fragment of Rowen's Model, from [33]

In the Rowen model, values for parameters such as gains, time constants, and other coefficients
were obtained from tests and field experience; this data can be found in the article. The simulations
done with this model represent with good accuracy the group of gas turbines it aims to study.
However, the article does not mention how the model would change if a different turbine is attempted
to be simulated with it. Furthermore, Mantzaris and VVournas [34] presented a model similar to
Rowen’s. In their model they acquired the data needed to perform the simulation from three different
sources. Their results show that the time constant values used in the model affect the transient
performance results drastically; thus, confirming that frequency domain models are suitable to be
used when attempting to study a specific gas turbine or a specific group of gas turbines with
accompanying data. Shalan et al. [35] further studied the Rowen model with the use of a lab-turbine
engine different from the ones referenced in Rowen’s model; the goal was to find the values for the
simulation parameters needed to replicate the lab-turbine using Rowen’s model. They were able to
accurately simulate the turbine, and in order to accomplish this, they used the mathematical
calculations published by Tavakoli [36], to estimate the parameters used by Rowen in the mechanical
power block section of the model. This is illustrated below in Figure 3 and Figure 4. These constants

can be calibrated until they fit the selected engine.
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Figure 4 Mathematical Calculations for Rowen's Parameters Estimation, from [36]

The Institute of Electrical and Electronic Engineers (IEEE) published a model of a combined cycle
power plant using the frequency domain [37]. The purpose of the publication is to have a generic
model capable of simulating these type of plants, and to standardize the modelling of this type of

plants around the world. An example can be seen below in Figure 5.
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Figure 5 Gas Turbine Blocks of the IEEE Model, from [37]



The IEEE model assumes a fixed compressor ratio, which according to Yee et al., fits only systems
that simulate constant speed or steady state operation [38]. Furthermore, although the IEEE model fits
the general operation of a gas turbine plant, it does not simulate the start up of the engine. Although
all models mentioned in this section gave satisfactory results, they are limited because they represent,
with a certain degree of accuracy, only a specific series of turbines and an specific range of operation,
which does not include all the phases of the turbomachinery operation. An important point to
highlight, which will make more sense at the end of this chapter, is that when using frequency domain
models, various constants and parameters need to be derived and then validated against
experimentally obtained data, specifically for the turbine of interest to be modelled; otherwise, the
turbine behavior achieved in the simulation would be considerably different than the physical engine
to be modeled [38].

2.1.2 Time Domain Models

Models on the time domain, use the differential versions of the momentum, mass, and energy
conservation equations. These are seen below in equations (1),(2),(3), as well as the rotational motion
equation (4) , from [39].

d(pu); ) . 1)
VTLH = —(Mip1Uipr — MU + Dip1Aipr — PiA) +F

d(p; 2

R @

d(pH — p); . ) s 3)
VTM = —(Myp1Hipq —miH) + Q — W

dw 4

1_=Gt+GC+Gl ()

dt

Where is IV the volume, p the density, m the mass flow rate, u the axial velocity, p the static pressure,
A the area, F the force, H total enthalpy, Q the heat transfer rate, i, the shaft power, G, the turbine

torque, G. the compressor torque, and G; the load torque. These equations need some data from a
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reliable source in order to solve them; and because of this, these types of models can be also classified
into two distinct categories: those who use compressor and turbine maps, and those who obtain the
required data directly from the manufacturer. The models that use maps can use distinct approaches to
retrieve data; section 2.2 of this thesis will discuss this further. A considerable number of models
using the time domain are available in literature. Kim et al. [40] modeled a single spool turbojet
engine using turbomachinery maps and beta lines. Further discussion on beta lines and their
application are present in section 2.2 of this thesis. With the maps’ data, they produced lookup tables
and used linear interpolation to estimate the value of the required parameters. For the turbine map, a
single speed line assumption was made. The results show that this assumption does not model the
system very accurately at low speeds. However, at higher speeds, the results are representative. Ismail
and Bhinder [41] created a computer program that simulates an aircraft engine; their work also uses
compressor maps to build lookup tables, and Lagrangian interpolation for inter-value estimations.
Their results were never compared to real data, but according to the authors, the trend shown on the
diagrams fits the predicted results correctly. Al-Hamdan and Ebaid [42], modeled a gas turbine for
power generation, using beta lines, three dimensional look-up tables, and linear interpolation. Their
work focuses on predicting the running line of a turbine engine by matching the compressor and
turbine mass flow rates and speeds; this is done by superimposing both maps. The authors did not
compare their results to test data, and their running line contribution is specific to a certain
compressor and turbine model. Bettocchi and Fabbri [43] developed a model for diagnostics and
measurement, as well as control sensors of an industrial gas turbine. Their model divides the turbine
engine into the following blocks: compressor, combustor, and turbine; and assumes that each block is
connected to a constant section duct. Bettochi’s and Fabbri’s model uses compressor maps, but no
interpolation method is discussed. The simulation results were satisfactorily compared to
measurements taken from a single-shaft gas turbine in operation. Crosa et al. [44] developed a model
that splits the compressor map into different sections according to their pressure ratio. The model uses
performance maps and linear interpolation; their results could not be compared to real data, but they
were satisfactorily compared to the results given by an older FORTRAN 77 model published by the
same authors; which was previously compared satisfactorily to a test engine. Camporeale et al.[45]
developed a real-time model of a gas turbine for power generation; the model considers compressor
and turbine as volume-less objects, and adds a plenum after each turbomachine for mass calculations.
The model uses bilinear interpolation to estimate data from the maps; their results were compared

well to previously published data.



Other publications have modeled gas turbine engines without using performance maps [39], [46],
[47]. Instead, these articles have used stage characteristic curves. Stages characteristics represent the
relationship between the flow coefficient, pressure coefficient, and efficiency, as seen in Figure 6 and
Figure 7. From the curves, data is retrieved and used to solve a system of differential equations, by an

iterative procedure.
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Figure 6 Pressure Coefficient Stage Characteristic Curve Example, from [47]
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Figure 7 Isentropic Efficiency Stage Characteristic Curve Example, from [47]

The stage curves used in these kinds of models also needs to be obtained from the manufacturers or
empirical test. All the gas turbine engine models obtained by the author require empirical data, this is
the major limitation of turbomachinery modeling. However, the methods used in them can be reused
to model another specific model of the machine, only the source data needs to be changed. The

different ways that authors read data from turbomachinery maps is arguably the most significant
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difference between the time domain models; for this reason, section 2.2 has been added to this work
to further understand these approaches.

2.2 Reading Data from Operation Maps

Compressor maps are used abundantly for the simulation of turbomachinery. Further discussion of
what they contain and why all of them have almost the same shape is shown in section 3.3 of Chapter
3. In this chapter, the focus is on how the data is extracted from the compressor maps.

Kurzke [48] created the beta lines method. This is one of the most commonly used approaches in
turbomachinery literature. Beta lines, as seen in Figure 8 and Figure 9, are equally spaced parabolic
lines or equally spaced straight lines parallel to the surge line that cover the complete range of
operation of the compressor map. They eventually work as one of the axis to be used in look-up tables
[49]. Angular speed and pressure ratio are given as inputs; then, a beta value is guessed and corrected
until it matches both parameters. The correct beta value is then used as one of the axis of an

interpolation table to get mass flow rate or efficiency. A graphical example of this is given below in
Figure 10.
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Figure 8 Parabolic Beta Lines on Compressor Map Example, from [48]
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Figure 10 Example of Look-Up Tables with Beta Lines from [49]

Another way to retrieve data from compressor maps is by using artificial neural networks. Some
articles [50], [51] among others, studied the use of neural networks to read and extrapolate data of
compressor and turbine maps. Moraal and Kolmanovsky [51] found that using a neural network

12



involves using one hidden layer, n,, neurons, n,, inputs and n,, outputs. In order to accurately use a
network to read a compressor map, the pressure ratio should be the unknown variable. When the mass
flow rate becomes an additional unknown, the neural networks method cannot obtain an accurate
estimation [51]. For turbine maps, using artificial neural networks would mean the addition of
artificial mapping points to be able to estimate the performance at very low speeds, thus making it not
a suitable method for modelling turbomachines [51]. Jensen et. al. published a different method for
capturing the data of a compressor map [52]. It uses the least square fitting technique on experimental
data, to find the coefficients k in equations (5) and (6). Then with the obtained data it attempts to
solve either equation (7) or (8) which are the representations of mass flow rate and pressure ratio

respectively.

ke k@ (5)
- k3 - (I)
_ k¥ -k (6)
T ok, 4+ V¥
VA
i = ®pg 7 dZU, @
1 k_
k-1
Poue (V¥ ®)
= +1
Pin CpTa

In the last four equations, W is the pressure coefficient, ® the flow coefficient, m the mass flow rate,
U, the angular speed, d. the effective diameter of the compressor, T, the air temperature, k the least
square fit coefficients, C,, specific heat at constant pressure, and p the pressure.

Orkisz and Stawarz [53], published a method that uses two variable functions to capture data from
compressor maps. This method uses a concept similar to the beta lines called Z lines, and adds some
equations for additional detail.

Ul T, |
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Figure 11 Compressor Map with Z Lines Example, from [53]
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This method assumes the mass flow rate, ., and the isentropic efficiency, 7, as second-degree
polynomials, and uses the square fitting method to find the coefficients A and B as seen on equations
(9) and (10).

My, = Ag + AiNZ. + AN, Z + Ay Z + AsZ? 9)

Ne = BO + BIIVZC + levzzc + B31V2CZ + B4Z + BSZZ (10)

After this is done, and iterative solution is then run to get the estimated final values, as seen in

Figure 12.
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Figure 12 Iterative Solution of Z Lines Method, from [53].

All the available literature on gas turbine engine models require the compressor and turbine to be
interconnected by a common shaft. This is an essential part of the solving method; none of these
models can predict the performance of a compressor if a turbine is not connected to it, because it
obtains data from one machine to feed the other. For the purposes of CAES modelling, turbines and
compressors require to be modelled completely independent of each other. Thus, the gas turbine

engine methods need to be adapted and modified to accurately represent CAES operation.

The objective of this work is to make dynamic models of an axial turbine and an axial compressor,
that can be capable of representing the behaviour of these machines. These models are going to be
used for CAES simulations. After reviewing what is available the literature, the author decided that
the best approach for this project is to model the machines using maps. Also, beta lines are chosen as

the method for reading data because of the accuracy, and level of complexity that it requires
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compared to the others. The main differences between this work and previous published ones, is that
the compressor and turbine models are entirely independent of each other. Furthermore, the models
contain the compressor driver and the turbine load, who are commonly assumed without considering
time transients. To help the reader to comprehend these machines, the following chapter contains a

detailed explanation of what occurs in them.
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Chapter 3

Turbomachinery Concepts and Operation

The purpose of this chapter is to provide to the reader the background theory of the models
developed on Chapter 4. First, it contains the general concept of what a turbomachine does; then, it
shows some physical conditions that happen during operation which are key to know the limitations
and constrains of these machines. Subsections 3.2.1 to 3.2.1, explain these physical phenomena and
constrains. Section 3.3 wraps up all these concepts and explains how they contribute to the models in
Chapter 4.

3.1 Parts of Axial Turbomachinery

An axial turbomachine has several rows of fixed and moving blades, called stators and rotors
respectively. A stator is a row of fixed blades, they guide the fluid in a specific direction and can also
function as nozzles or diffusers. A rotor is a row of moving blades attached either directly to the shaft
or to a disk connected to the shaft; they either spin the fluid, as in a compressor, or are spun by the
fluid as in a turbine. Rotor and stator are arranged one behind the other in a consecutive pattern, as
seen in Figure 13. A group of one stator and one rotor is called a stage; this term will be widely used

in this work.
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Figure 13 Typical Axial Compressor Configuration, adapted from [54]

3.2 Turbomachinery Operation

In an axial compressor, rotor blades increase the absolute velocity of the fluid and its static
temperature; therefore, its absolute temperature increases, and this creates an increase in enthalpy.

Within the rotor blade rows, the relative velocity of the fluid decreases, thus producing an increment
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in static pressure. The stator vanes diffuse the fluid, decreasing its speed and further increasing its

static pressure. This is how a compressor completes its goal of increasing the fluid’s static pressure.
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Figure 14 Turbine and Compressor h-s diagrams, from [55]

In a turbine, stator vanes work as nozzles, increasing the absolute velocity of the fluid while
decreasing its static pressure and keeping the total temperature constant; then the fluid goes through
the rotor, which changes the whirl velocity, reducing the total temperature and total pressure. This is
how a turbine converts the pressure energy of the fluid into kinetic energy, which is then retrieved as
rotational motion. It is important to understand that the power input or output, according to each
machine type, is achieved entirely by the change in angular momentum of the fluid, as seen in
equation (11) [55]-[58]; Also, that the energy exchange occurs in the rotor since it is the only
moving part of the machine [59].

P=Tw= mw(VZQrZ - Vlgrl) (11)

Where T is torque, w is the angular velocity, Vg is the tangential velocity, r the mean blade radius

and the suffixes 2 and 1 means output and input to the rotor blades respectively.

17



3.2.1 Speed of Sound and Mach number

Speed of sound is a key parameter in the study of turbomachinery, since at different ranges for the
value of the speed of sound, the flow can behave completely different. The speed of sound of a fluid,
as defined by White is
“The rate of propagation of a pressure pulse of infinitesimal strength
through a still fluid. ” [60]
The speed of sound is a thermodynamic property, equation (12), from [60], defines it for an ideal
gas
1
Speed of Sound = a = (k_p)f = (kRT)% (12)
p
Where Kk is specific heats ratio, p the pressure, p the density, and R the gas constant. Equation (12)
shows that the speed of sound will increase as the square root of the absolute temperature. The
relation between the speed of sound of a fluid and the velocity of that flow is called Mach number.
Equation (13), from [60], defines the Mach number.

Fluid Velocity (13)
a

Mach number =

For the scope of this work, Mach numbers can be classified into three distinct types: subsonic, which
are all the Mach numbers whose value is smaller than 1; supersonic, which are all the ones greater
than 1; and sonic, which are the ones equal to 1. When a flowing fluid experiments an area change,
e.g. a fluid passing through a nozzle, its Mach number will dictate what physical event occurs to it.

Section 3.2.2 details this behavior.

3.2.2 Area Change and Working Fluid

From here on, for simplification, a decrease of available area where a fluid passes is going to be
referred as a nozzle, also an increase of the flowing area is going to be referred as diffuser. When a
subsonic fluid passes through a nozzle, its pressure and enthalpy decrease while its speed increases. A
nozzle does not produce work. It is adiabatic since it’s length and the high speed of the working fluid,
do not allow heat to be exchanged to the exterior; it is not isentropic since there are friction losses in
it [61].
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Figure 15 Nozzles and Diffusers Phenomena

When a fluid passes through a nozzle at a supersonic speed, it experiences a pressure increase and a
speed reduction, therefore it behaves as a diffuser, see Figure 15. A diffuser is like a nozzle but with
an inverted shape. The goal of the diffuser is to increase the pressure of the subsonic fluid while
reducing its speed, thus increasing the enthalpy. Like the nozzle, when a fluid with supersonic speed
passes through a diffuser, it experiences the inverse phenomenon to subsonic flow; therefore, a
supersonic fluid that passes through a diffuser experiences a decrease of pressure and an increase of
speed. Area reductions are present in turbomachines, especially in turbines which is a key reason of

how this machine works.

3.2.3 Boundary Layer Separation

When a laminar flow is in contact with a surface, its homogeneous speed distribution is changed into
a non-uniform shape, because there is a no-slip condition at the wall that retards the flow and
produces diffusion [60], as seen in Figure 16. The section of the flow where the speed is not the free

flow speed is known as the boundary layer.
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Figure 16 Boundary Layer Shape, from [60]

A smooth boundary layer like the one at the right side of Figure 16, will not produce any considerable
issue in a turbomachine. However, according to the pressure gradient present in the duct, the
boundary layer might behave in an different way which could cause discrepancies. A favorable
pressure gradient, where the flow goes from a high pressure to a lower pressure, as illustrated in
Figure 17 A, will ensure the boundary layer to have a smooth shape. With only one curve with no
inflection point, and have the minimum losses possible. A zero-pressure gradient, will work as a
favorable pressure gradient, such that the difference being that the point of inflection will be exactly
where the fluid touches the surface, as in Figure 17 B. A weak adverse gradient, as seen in

Figure 17 C, where the flow goes from a lower to a higher pressure, will lose the previously
mentioned shape and will acquire a curved shape with an inflection point not at the bottom but higher;
it will have two different curves due to the inflection point, and it will not present backflow. A
moderate adverse pressure gradient, as in Figure 17 D, will create a critical condition where the wall
shear stress is equal to zero, this will be the last moment before backflow occurs, which is not good
for the machine’s operation. A strong adverse pressure gradient will create backflow, increased

losses, and part of the pressure rise will be lost [56].
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Figure 17 Boundary Layer Common Shapes According to Pressure Gradient, from [60]

In the case of compressors, the boundary phenomena will limit the amount of pressure increase that
each stage can have; because at high pressure ratios backflow will occur, thereby creating stalling
conditions that can compromise the machine. Turbines work with a favorable pressure gradient, so
backflow will not occur; therefore, turbines are able to operate with higher pressure ratios at each
stage. This is the reason why gas turbine engines have fewer turbine stages than compressor stages.
High-pressure ratios in a turbine will lead to choking; at this point, the non-dimensional mass flow
rate will be fixed for the entire machine. When a turbine is at its choking point, the angular speed will
have no effect on the operation point; hence, it will operate as a steady machine unless the pressure

ratio is drastically decreased, or the flow area is changed.

3.2.1 Choking

Choking and boundary layer separation are the most important phenomena that limit the operation of
a turbomachine; they define the margins of the operation maps, and in the case of boundary layer

separation, it is the main cause of losses in a turbomachine.

When the flow passes through the smallest area of a duct or passage, commonly known as throat, and
this being the exact point when the flow Mach number becomes sonic, the mass flow rate passing
through this object cannot be increased unless the area of this throat is changed [60]. When this
occurs, the object is said to be choked and the flow has reached its maximum mass flow rate. Choking

gives the shape to operation maps, as will be explained in section 3.3.
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3.2.2 Incidence Angle Effect

When the compressor is working at its design point, the inlet flow angle of the next stage is almost
parallel to the camber line of the blade, this creates a smooth pressure distribution on the blade and
the fluid deflection, also known as turning, is achieved by the blade shape, as seen in Figure 18 A.
When this happens, the compressor presents the least amount of possible losses. When the
compressor works with speeds or mass flow rates that are far from the design point, the incidence
angle of the fluid on the blades increases by either a positive or negative amount, as can be seen in
Figure 18. The pressure distribution on the blades changes, and this can cause flow separation. At an
elevated level, even flow stall. Typically, compressor blades need to have an incidence angle
tolerance of +- 5° for off-design operation [55]. When the incidence angle is positive, as in

Figure 18 B, the compressor stage is loading. The work done by that stage, is higher, and the
deflection is increased. During positive incidence angle operation, the main flow will hit the pressure
surface of the blade and the flow on the suction surface will accelerate at the leading edge. The flow
will then decelerate to a speed similar to the main flow speed, creating very high local diffusion at the
front of the blade. When the incidence angle is negative, the flow accelerates around the leading edge
of the blade onto the pressure surface; the pressure distribution of both sides of the blade swaps. This
increases the diffusion on the pressure surface. During negative incidence angles, the compressor
operates under low loading. Hence, the fluid deflection is reduced, and at very high values the flow

will separate causing losses and potentially stalling.
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Figure 18 Incidence Angles Effects on Compressor Blades, from [55]

In a turbine, the flow is accelerating, and the pressure is falling. This produces more stable
boundary layers, and thus, a turbine can accept a much higher loading without the risk of flow
separation. The diffusion on a turbine is very low unless the Reynolds number is very small [55]. It is

common to have supersonic speeds at the outlet of a turbine, this can cause losses due to shockwaves.

3.3 Turbomachinery Maps

All of the concepts seen so far in Chapter 3 are the main physical phenomena that occur in a
turbomachine. As mentioned in Chapter 1, to compute all of them requires a huge amount of
computational power and time. Turbomachinery maps contain all the information mentioned before in
this chapter, the data is shown in a practical way and can be used to model the behaviour of a

machine. The turbomachine maps are graphical tools that show the operational and the performance
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data of a machine at different conditions of angular speed, mass flow rate, pressure ratio, and
efficiency. The maps are made through expensive empirical tests and are owned by turbomachinery
manufacturers. Given that the maps contain confidential information; they are typically difficult to
obtain. One of the reasons that this work uses turbomachinery maps, as mentioned in Chapter 1, is
that when two machines are of the same type, geometrically similar, and work with the same fluid,
then the maps of one can be used to represent the other [62] [63].

There are two types of compressor maps, the ones based on pressure ratio and mass flow rate, in this
work referred as operation maps; and the ones based on efficiency and mass flow rate, in this work
called performance maps. The compressor operation map has mass flow rate as the x-axis and
pressure ratio as the y-axis. It has several number of curves, each one represents a constant angular
speed. This is illustrated in Figure 19. These curves are limited at the left of the map by the surge line

and at the right by the stall line. Surge and stall conditions are explained later in section 3.3.1.
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Figure 19 Typical Compressor Operation Map, from [57]

Compressor maps usually do not contain data from speed values below 50% of the nominal speed,
because at these low speeds the operation of the compressor is not stable and makes it very complex
to obtain data from it [49]. As can be seen in Figure 19, all the speed curves in the map tend to

become vertical at high mass flow rates, this is because the first stages of the machine become
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chocked and the mass flow rate cannot be increased [55]; choking conditions are explained in section
3.2.1. In an compressor efficiency map, mass flow rate is used as the x-axis, isentropic efficiency is
the y-axis and again different constant speed curves are plotted.
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Figure 20 Typical Compressor Performance Map , from[57]
Turbine maps are also classified into two types: operation and performance. In contrast to

compressor maps, turbine maps have the pressure ratio on the x-axis and not mass flow rate. The

maps contain several curves of different constant speeds, similar to compressor maps.
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Figure 21 Typical Turbine Operation Map, from [64]

25



In a turbine map, all the speed lines merge into one after certain amount of pressure ratio, this is
because the stator becomes choked; thus, the mass flow rate cannot be increased at this point even if
the angular speed is changed.
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Figure 22 Typical Turbine Performance Map, from [64]

Due to the nature of both machines, compressors are usually designed to be stable at the biggest
range of conditions possible, and then have the best possible efficiency; on the other hand, turbines
are more stable, thus, they are designed to be the most efficient possible [56].

3.3.1 Surge and Stall

As mentioned in section 3.3, the compressor map is limited by the surge and stall lines, these lines
represent two events that occur during the compressor operation. Stall occurs when the incidence
angle on a compressor rotor blade reaches the point where the kinetic and potential energies cannot
keep the flow without separating it, thus the back flow present due to boundary layer separation stops
the rotor and creates local stall [65]. Multistage compressors can operate with some of their stages
stalled; during slow speed operation, after start up, the frontal stages may be stalled and the
compressor can operate normally [49]. However, the aim of a turbomachine operation is to have all
its stages moving. Surge, is the point where the local stall is so severe that the machine cannot
produce the pressure rise needed; which then, reverses the flow from high to low pressure. This
produces a loud bang. If this happens, bleed valves must be opened to prevent this phenomenon from
happening again; if no action is taken, the cycle repeats five to ten times a second [49]. Surge
eventually creates engine damage. For these reasons, turbomachinery-controllers always work to

prevent these phenomena, and the range of operation conditions of a machine is reduced.
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This chapter has attempted to provide the reader the necessary information to understand how
turbomachines work, and why the author decided to use turbomachinery maps in the models. The
complexity of the phenomenon occurring inside the machines is without a doubt a significant
challenge to model; the maps help notably to keep the results realistic. The next step to carry out is
connecting this information with time, in order to obtain a dynamic model. Chapter 4 contains the
details of how the model is built, and how the simulation is performed.
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Chapter 4

Compressor and Turbine Models

This chapter details the turbomachinery models developed in this work. Due to the size of the models,
and the large number of components that it contains, this chapter is divided into three different
sections. The first section, section 4.1, contains the compressor and motor model; the next section,
section 4.2, contains the method used to obtain the data form the compressor maps; the last section,

section 4.4, contains the turbine model .

4.1 Compressor Model

A realistic and accurate simulation of an axial compressor is a very complex task because these
machines involve a fluid moving in three dimensions. Since the fluid is not moving uniformly at
every stage, it has different speeds and different directions, thereby making the modelling of the
process very complex. As mentioned in Chapter 1, CFD modelling requires an enormous amount of
computational power and time to obtain a realistic result, also it is not possible to connect a CFD
model to a controlling model which is one of the goals of this work; for this reason, this model uses
compressor maps; which are made by empirical tests and contain an accurate representation of what

happens inside a turbomachine.

4.1.1 Compressor Model Equations

As mentioned in section 3.3, there are two types of compressor maps; operation maps, which show
pressure ratio as a function of the mass flow rate with curves of constant angular speed, as seen in
equation (14) ; and performance maps, which show isentropic efficiency as a function of mass flow

rate and constant angular speed curves, as seen in equation (15) .
Pr(m, w) (14)

Nisen (M, @) (15)
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Figure 23 NASA 37 Compressor Maps, from [66]

To connect the thermodynamics of a compressor to the rotational motion of the system, the next
equation is used, from [57]

W 16
IE = Motor Torque — Load Torque — Friction Torque (16)

The equation is derived from Newton's second law; in it, | represents the moment of inertia of the
machine and of the motor that is spinning it. Load torque, is the force that the fluid is exerting on the
machine, which is the force normal to the one that the rotor is exerting on the fluid; friction torque is
the mechanical friction produced by the bearings and other solid components of the motor and
compressor. Equation (16) indicates that the difference between torques will accelerate or decelerate
the motor; if no difference is present, the system will keep a constant speed. When multiplied by the
angular speed, equation (16) becomes a power based equation, leading to the next equation, from [57]

dw - a7
I Ew = Motor power — Load — Friction power

The load is obtained by the equation (18), from [67].
mah (18)

Which is a common equation used in thermodynamics to represent the power of a compression or
expansion process. In this equation m is the mass flow rate passing through the compressor, and for
this work, it is considered to be uniform along the machine; 4h is the change of enthalpy produced on

the fluid by the compression process. The friction power is obtained by equation (19), from [68].
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Fw? (19)

Where F is a friction factor commonly given by the manufacturer; for this work, the friction factor is
taken from [68], because this publication contains information from the Huntorf CAES plant. The
motor power is the electric power supplied to the motor multiplied by the efficiency of the motor,
from [68].

Pelectric €motor (20)
Combining equations (17),(18),(19), and (20) equation (21) is obtained, from [68].

d_w _ Pelectric €electric — [mAh + sz] (21)

dt wl

The moment of inertia, I, in equation (21) is representative of the motor and compressor, this value is
a constant, and for this work it is obtained from [68]. To obtain 4h, the temperature at the exit of the

compressor is needed, it is obtained from equation (22), from [43].

k-1
)" -
Py

Where T is the ambient temperature, P, the ambient pressure, P, the compressor outlet pressure,

. 22)
T2 = T1 + Tl

Nisen

and n;s., the isentropic efficiency. n;s.n, is obtained from the compressor performance map. P,,
which is given by the system, is the pressure of the cavern; the ideal gas equation of state obtains it,
as seen in equation (23) . The cavern is assumed to be an isothermal pressure vessel, this is because
the scope of this work does not include the cavern’s model. The cavern pressure is obtained from the

ideal gas equation of state, as in equation (23) .

_ mcavernRTcavern (23)

P2compressor = Pcavern = V.
cavern

Where R is the gas constant, T,y IS the cavern temperature, V,4,er iS the cavern volume and
Meqvern 1S the mass in the cavern. The mass in the cavern is calculated with the next equation

Meavern = fmin — Moyt (24)

In equation (24), m,, is the mass flow rate through the compressor going into the cavern, and m,; is

the mass flow rate leaving the cavern. A representation of this model is shown on Figure 24.
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Figure 24 Compressor Model Diagram

4.1.2 Motor Equations

The compressor is driven by a three-phase asynchronous motor. In this model, during start-up, no
mass can enter the compressor until it reaches the speed required to obtain the exit pressure that
matches the actual cavern pressure. During this time, the compressor’s rotor will spin only
accordingly to the motor characteristics. After that, the valves open, letting the mass to flow across
the machine. To model the motor, the asynchronous machine block from SIMULINK® is used; the
following parameters need to be provided: rated power, voltage, frequency, stator’s resistance and
inductance, rotor’s resistance and inductance, mutual inductance, inertia constant, friction factor, and
number of poles. The mechanical section of the motor is calculated with equation (16), load and
friction torque come from equations (18) and (19) dividing them by the angular speed. To obtain the

electrical torque, the following system of equations is used?, from [69].

dgs (25)
dt + wd)ds

Vs = Rsigs +

where Vs is the stator voltage of the g axis and is obtained from the sum of the product of the stator

. . . . . daygs
resistance Rsand the q axis stator current igs; plus, the back electromotive force on the g axis :f ;
plus, the product of the angular speed, w, and the d axis stator flux ¢ .
d
Ve = Ryigs + % + s (26)

! These equations where obtained from MATLAB ® literature, the author decided to keep the same symbols for
consistency.
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Where Vs is the stator voltage of the d axis, and is analogous to I, from equation (25); the rest of the

elements of this equation are also analogous to the ones mentioned in equation (25).

! I d¢’ r
Vqrerlqr'i'Tqr"_(w_wr)d)dr (27)

Where V', is the voltage at the g axis of the rotor, and is obtained from the sum of the product of the

rotor’s resistance R', and the rotor’s q axis current i’y ; plus, the electromotive force of the rotor’s q

dorgr,

axis — %,

plus, the product of the difference between the electrical angular velocity and the reference

angular velocity (w — w,.), times the flux on the rotor’s d axis ¢,

d !
V,dr = R’ri’dr + (thr + (0.) - wr)d)’qr (28)

Like equation (27), equation (28) shows V', which is the voltage at the rotor’s d axis, the elements

that form equation (28) are the same as in equation (27), with the axis inverted.
T, = 1.5p(Pasiqs — Pgsias) (29)

Where T, is the electromagnetic torque and is obtained from the difference between the stator flux of
the d axis, times the current on the stator’s q axis, ¢qsi4s, and the flux of the stator’s q axis times the
current on the stator’s d axis, ¢gsiqs; this, multiplied by 1.5 times the number of poles.

$qs = Lsiqs + Linigr (30)
Where ¢, is the stator’s electromagnetic flux on the q axis, and is obtained by the sum of the product
of the total stator inductance, L, times the stator’s q axis current; plus, the product of the magnetizing
inductance, L,,, times the rotor’s q axis current.

$as = Lsias + Lmiar (31)
Where ¢4, is the stator’s d axis electromagnetic flux, which is obtained by the sum of two products,

the first product being the total stator’s inductance times the stator’s d axis current; the second one

being the magnetizing inductance times the rotor’s d axis current.

¢ gr = L'l gr + Linigs (32)

Equation (32), shows that the rotor’s q axis flux, ¢'4,, is obtained by the sum of the product of the
rotor’s total inductance, L',., times the rotor’s d axis current; and the product of the magnetizing

inductance times the current at the stator’s q axis.

¢ ar = L'vi'gr + Linias (33)
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Similar to equation (32), equation (33) obtains the rotor’s d axis flux; which is obtained by the sum of
the product of the rotor’s total inductance times the rotor’s d axis current, plus, the product of the
magnetizing inductance times the stator’s d axis current.

Ly=Li+ L, (34)

Equation (34) calculates the stator’s total inductance L, which is obtained by the sum of the stator’s
leakage inductance, L;s, and the magnetizing inductance.
L. =Ly +Ly (35)

Equation (35) calculates the rotor’s total inductance, L;., by the sum of the rotor’s leakage inductance,

L}, and the magnetizing inductance. The motor’ equivalent diagram is shown on Figure 25.

R, ijmi& L, Ly (hi_wf:wlm R, ijis Lig Ly [a};a.lr]_;.:;-'qr
+ A )—rW—l_rm__{}—_am_ﬁ + ‘—"""*"—O—’FW‘—F’WU‘—O—-W"—‘*
—» < er — L er i
vqs ‘qs Lm% lIqr "’rlqr Vs lds m% gy Vi

Figure 25 Induction Motor Equivalent Diagram, from [69]

4.1.3 Compressor Model Solving Sequence

The model is solved numerically using MATLAB® and SIMULINK®; the initial conditions required
from the user to solve the model are P1, T1, Pcavern, Cavern volume, the motor speed at which the valve
opens, and the initial angular speed which is any number greater than zero. For this work the initial

speed selected is 1% of the compressor’s nominal speed.

After the initial conditions are given and the motor specifications provided, equation (16) is solved at
each time step considering the load torque as zero until the speed at which the valve is opened is
reached. Once the opening valves speed has been reached, the mass flow rate is calculated through
the compressor map using the current angular speed of the rotor and the pressure ratio between the
cavern and the ambient pressure. After the mass flow rate is known, it is then used as input to the
efficiency compressor map to calculate the isentropic efficiency. After that, the temperature at the end
of the compressor is calculated by equation (22), and the new cavern pressure by equation (23). After

that, the temperature at the compressor’s outlet is used to calculate the work done by the compressor
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and is supplied to equation (16) to calculate the angular speed of the next timestep. A visual

representation of this process is shown in Figure 26.
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4.2 Beta Lines

As seen in Chapter 1, one known drawback of using compressor maps is the difficulty of reading data
from the map due to its complex shape. For this reason, in this work, beta lines like the ones in [48],
shown in section 2.2, are created. To obtain the beta lines, the higher point of each speed line and the
origin of the graph are taken as data to fit a parabolic curve, as seen on Figure 27, this way the first
beta line is obtained.

Beta 1
24
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22| maximum speed Ve
20 100%
18 /

161 / 90%

14+ g ‘
pd 80%
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Figure 27 Compressor NASA-37 Operation Map with First Beta Line

The first beta line complies with the equation form A x?+ B x + C; to obtain the other beta lines, the
value of B is increased in equally spaced intervals to cover the area between the first beta line and the

stall limit of the compressor map. The achieved result is shown on Figure 28.
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Figure 28 Compressor NASA-37 Operation Map with full Range of Beta Lines

After the map is fully covered, multiple data points are read per beta line to build two tables. The
tables have the beta line number as the header of each column, the angular velocity values as the
header of each row; and in the interior, either the pressure ratio or the mass flow rate; as seen on

Table 1 and Table 2.

Table 1 Pressure Ratio Beta Lines Data for Compressor NASA-37

Beta Line Number
1 2 3 4 5 6 7 8 9 10

50 1.1965 1.1926 1.1857 1.1759 1.1641 1.1454 1.0993 1.0669 1.0679 1.0267
60 1.3004 1.2886 1.2866 1.2777 1.263 1.2424 1.1865 1.1512 1.1502 1.108
70 1.4395 1.4267 1.4198 1.409 1.3914 1.3659 1.2972 1.256 1.254 1.204
80 1.6178 1.6129 1.5992 1.5835 1.5589 1.5246 1.4265 1.3657 1.3648 1.2893
90 1.8599 1.8628 1.8344 1.802 1.7657 1.7127 1.5902 1.5127 1.5019 1.4255
100 2.1706 2.1333 2.0853 2.0372 1.9607 1.8862 1.7186 1.6225 1.595 1.5186

Speed %
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Table 2 Mass Flow Rate Beta Lines Data for Compressor NASA-37

Beta Line Number

1 2 3 4 5 6 7 8 9 10
50 8.662 8.662 10.037 10.695 11.372 12.079 13.231 13.782 13.812 14.131
° 60 10.579 10.579 11.885 12.563 13.221 13.831 14915 15.389 15.379 15.815
s 70 12,669 12.669 13918 14.576 15.157 15.738 16.676 17.112 17.112 17.412
g 80 14886 14.886 16.183 16.783 17.315 17.780 18.448 18.631 18.622 18.651
“ 90 17.451 17.451 18.690 19.135 19.541 19.899 20.354 20.412 20.287 20.393
100 20.258 20.258 20.983 21.361 21.467 21.574 21.709 21.632 21.332 21.467

These tables are then created using a block called “Look-up Table (n-D)”, where they are used as

look- up tables, and linear interpolation is used to find values to feed into the model.

4.3 Map Scaling

Turbomachinery maps are a valuable asset of turbomachinery manufacturers. Very expensive

experiments need to be conducted in order to create these maps. Therefore, it is very hard to acquire a

specific one. The probability of finding a map that exactly fits the required conditions for the system

to be modeled, i.e., pressure ratios, mass flow rates, efficiencies, is very low. However, scaling maps

of an existing machine is a practice that has been done for many years with good results [49], [62],

[70]-[72]. The scaling methods available in the literature vary from simple linear methods to complex
iterative algorithms [71], [73]-[79]. After reviewing the above mentioned methods, and analyzing the

complexity and clarity of the publications; the method proposed by Kong et al, which according to the

authors has an accuracy error of 6% or less [74], is chosen for this project. The method is divided in

two parts; the first part consists on obtaining linear scaling factors; to obtain these, equations (36) (37)

and (38) are used.

Where PRg,c¢0r is the pressure ratio factor relation between the original and the scaled map. PRy,

PRfaCtor =

PR, — 1

—=——(PRy—1)+1
PRMD—l( w= D+

(36)

is the desired pressure ratio of the scaled map, PR, is the pressure ratio at the design point of the

original map, and PR, is an arbitrary pressure ratio of the original map.

Meactor =

mp
My
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Where 1¢4c40r IS the mass flow rate factor relation between the original and the scaled map, m, is
the desired mass flow rate of the scale map, m,,, is the mass flow rate at the design point of the

original map, and r,, is an arbitrary mass flow rate of the original map.

n
Nractor = 2 Mm (38)
Nmp

Where 154.¢0r 1S the efficiency factor relation between the original and the scaled map, 7, is the
desired efficiency of the scale map, n,,p is the efficiency at the design point of the original map, and
1y is an arbitrary efficiency point of the original map. The values chosen to obtain the factors are
shown in Table 3. In the second part of the method, each component of the beta lines obtained in
section 4.2; pressure ratio, mass flow rate, efficiency, is plotted against their respective rotational
speed. Then, each of the curves of these plots is fitted into polynomial equations. The pressure ratio
curves fit well to polynomial equations of second degree; efficiency and mass flow rate, fit well to
polynomial equations of third degree. Figure 29, Figure 31, and Figure 30, show the fit results of the

curves.
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Figure 29 Compressor’s Beta Lines Pressure Ratio Data Plotted Against Speed Data with

Polynomial Fit Results
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2 This plot is chosen to be displayed in 3D because to ensure it is interpreted only in one way.
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After the curve fitting equations for each of the beta lines are obtained, each equation is multiplied by
their corresponding factor. Then this is plotted in the generic maps format, and new operation and
performance maps are obtained, as seen in Figure 32 and Figure 33.

Table 3 Data used for Map Scaling

Scaling

Data Value
PRp 6
PRwm 2.12

PRwp  1.5632
mp 41.6468 Kg/s
iy 20.8234 Kg/s
mump  17.2907 Kg/s
7] 85 %

n 84.12 %
™MD 85.19 %

The data is obtained from the original compressor map, by choosing a nominal operation point and an

arbitrary point; and choosing the nominal operation point in the desired map.
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Figure 32 Scaled Compressor Operation Map
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4.3.1 Compressor Regulating System

To make the simulation results more representative, a simple regulating system is added to the
model to prevent it from going into surge or stall. To achieve this, the map is divided into different
sections, by two parabolic lines. These lines are then interpreted as equations and the values of
estimated operation points are introduced into the equations and compared to the limits. If the
estimated operating point is above the upper limit, the mass flow rate is increased until the operating

point is within the specified limits. If the estimated point is below the stall line, the mass flow rate is
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reduced. The speed is adjusted after the mass flow rate has been regulated. The limits and lines used

for this model are shown below in Figure 34.

8
C_) 7 B Upper Limit tlne/ P Lower Limit Line
- ,.f' ~
m _
T6:
o <
-

i - 100%
Uw) 5 90% ’
9 - 80%
B 4 | - 60% 70% Each line is a different constant
50% speed
3 ! L I ,

Mass Flow Rate

Figure 34 Compressor Regulating System Guiding Lines

4.4 Turbine Model

The turbine is modelled as a semi-steady process, i.e., the pressure at the inlet and outlet of the
turbine is kept constant, and the outlet temperature varies according to the efficiency of the machine.
This approach is chosen to simulate a pressure regulator installed upstream of the turbine as in the
CAES plant in Huntorf, Germany [80].

4.4.1 Turbine Equations

Like the compressor, the turbine model requires turbine maps to represent the complex phenomena

occurring with the flow inside it.

43



—
—

e 1
*
> 0.9
ke
L
w 0.8
wn
0]
o 40% of Maximum Speed
0.7 - 60% of Maximum Speed
100% of Maximum Speed
0.6 |
5 10 15 20 25
Pressure Ratio
1 .
0.8~
)
906
Q0
O
= L
T 04
40% of Maximum Speed
02" 60% of Maximum Speed
. 100% of Maximum Speed
0 1
5 10 15 20 25

Pressure Ratio
Figure 35 Turbine Maps, scaled from [57]

In Figure 35, one map shows the mass flow rate as a function of the pressure ratio and the angular
velocity, same as in equation (14) used for the compressor model. The other map, describes the
isentropic efficiency as a function of pressure ratio and angular velocity, as seen in equation (39) .

Nisen = (Pr,w) (39)

To connect the thermodynamics and flow characteristics to the rotational motion of the rotor,

equation (40), from [68] , is used.
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dw _ Turbine power — Load — Friction power (40)
dt — wl

In this equation, turbine power refers to the power produced by the turbine, the load is a simulated
electrical load connected to the rotor of the turbine, and the friction power refers to the one produced
on the bearings and other solid components of the system, by applying equation (18) and equation
(19) into equation (40) the next equation is obtained.

dw mdh— Load — Fw? (41)
dt wl

The friction factor needs to be known beforehand, for this work this value is obtained from [68]
because it is representative of the Huntorf CAES plant. The load, is the combination of a signal
produced by the signal builder block, and the chosen nominal load to be supplied by the machine, i.e.,
after deciding the nominal load, it is multiplied by a non-constant signal that comes from the signal

builder, this is done to see how the turbine reacts to a theoretical change of load.
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Figure 36 Arbitrary Turbine Load

The moment of inertia | is a constant, for this work it was obtained from [68], because it is a
representation of the Huntorf CAES plant. To obtain the turbine power, the fluid’s temperature at the

exit of the turbine, T, is required, this is obtained by equation (42), from [81].

k-1
Py E (42)
Ty =T; — T3Nigen |1 — (P_>

4
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Where Tz is the inlet temperature, Psthe inlet pressure, and P4 the ambient pressure. The isentropic

efficiency and the mass flow rate are obtained from the turbine performance maps.

4.4.2 Turbine Model Solving Sequence
Like the compressor model, the turbine is solved numerically using MATLAB® and SIMULINK®.

The solution starts by choosing the nominal load of the machine, nominal angular velocity, turbine’s
inlet pressure and the inlet temperature. An initial speed, of some value close to zero, is required to
avoid mathematical errors. For the first time-step, an initial value for speed and pressure ratio is used
to obtain the mass flow rate and the isentropic efficiency from the performance maps. Then, the
output temperature is obtained using equation (42). The squared current speed gets multiplied to the
friction factor, then the 3 quantities; load, friction and turbine power are used in equation (41) and the
next angular speed is obtained to be used in the next time step. The pressure ratio is kept constant, and
the process continues. A graphical representation of this process is shown in Figure 37.
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Figure 37 Turbine Simulation Sequence

The models shown in this chapter give the current conditions of both machines at each time step. The

compressor time line can be delimited by the pressure ratio increment that will occur in the cavern.
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The turbine time line, will depend on the cavern’s pressure. This pressure is affected by the heat
transfer between the cavern and its surroundings. For this reason, this topic is out of the scope of this
work. However, an adiabatic or isothermal cavern can be modeled using the ideal gas equation of
state, to obtain an approximation of the available time that the turbine could be producing power. The
developed models in this work are unique because compression and expansion components are
completely independent of each other. Furthermore, they simulate the compressor driver and the
turbine load, whose effects are commonly just assumed without considering the transients. All the
equations required to model the turbomachinery behaviour have been shown in this chapter. In the

next chapter, Chapter 5, the results of the simulations are shown and explained.
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Chapter 5

Simulation Results

The results shown in this chapter are to establish that the models behave as expected with regards to
start-up behaviour, inertial effects, and fluid mechanics limits. Given there is very limited
experimental data to validate against, this chapter depends more heavily on ensuring that the results
match the map, and that the transient results are reasonable. This chapter is divided into two different
sections: section 5.1 contains the compressor simulation results, and section 5.2 the turbine simulation

results.
5.1 Compressor Simulation

5.1.1 Initial Data and Compressor maps

The compressor model in this work simulates a variable speed axial compressor. It is assumed that
this compressor is connected directly to a cavern. The data and compressor maps chosen for the
model are shown on Table 4, Figure 38 and Figure 39. Some of the values, as specified by the * next
to them, are obtained form [68], the data from this source corresponds to values of the Huntorf CAES
plant. However, this model does not fully replicate Huntorf’s compressor train, which consists of an
axial and a centrifugal compressor. The aim of this model is to simulate an axial compressor similar
to Huntorf’s. Since not enough published data is available, specifically about pressure ratios,
compressor maps, and efficiencies; this work assumes that the axial compressor used in the Huntorf

plant has a nominal pressure ratio of 7:1.
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Table 4 Compressor Simulation Parameters

Parameter Value
Cavern Operation Isothermal
Cavern Volume 3000 m3**
Ambient Temperature 298°K
Motor Nominal Power 15.5 MW
Motor Inertia 1200 kg m?
Motor Nominal Voltage 460V
Motor Nominal Frequency 60 Hz
Compressor Nominal Mass Flow Rate 55 kg/s
Compressor Inertia 2400 kg m?
Compressor's Friction Factor 3.94 %
Compressor's Nominal Pressure Ratio 7.32

Initial Cavern Pressure 422.18 Kpa
Final Cavern Pressure 747.4 Kpa

* Data obtained from [68]

** The cavern is 100 times smaller than Huntorf, to reduce simulation time
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5.1.2 Simulation Time Step

The compressor model’s motor section uses a block called asynchronous machine, this block
represents a high fidelity physical model of the induction motor. Therefore, the block is very sensitive
to changes in time steps and selection of solving method. If a time step bigger than .001 seconds is
used, the shape of the sinusoidal waves used for the electrical system is distorted. Thus, preventing

the simulation from running.

5.1.3 Compressor’s speed

The speed at which the compressor operates is dependent entirely on the compressor’s design
conditions. When the mass flow valve is open, the compressor must operate within the set limits

between the surge and stall lines, as can be seen in Figure 40 below.
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In Figure 40, the red and blue curves are the predefined operating limits, as seen in section 4.3.1.
Point A shows the mass flow valve opening, after reaching 50% of the nominal speed; the mass flow
rate at this point is 22.68 kg/s. At point B, the operating point reaches the lower limit and the
regulating systems stars controlling the operation. The system regulator keeps the mass flow rate
within the surge and stall limits, as seen on Figure 40 from point B to point C. This is done by
adjusting the speed increase according to the increment of pressure in the cavern. At point C, the
system reaches its maximum speed; from there to point D, it will maintain a constant speed and the

increasing backpressure from the cavern produces reduction in the mass flow rate.
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Figure 41 Compressor Speed Result Respect to Time

In Figure 41, during the start-up, when the compressor’s valves are closed and no mass is flowing
through the machine, the rotor will accelerate at the same rate as the motor. When the valves open,
point A, the rotor will slightly decelerate to compensate the increased load on the compressor. At
point B, the system regulator will start to limit the compressor mass flow rate and controlling the
acceleration rate of the motor. At point C, the motor reaches its maximum speed and keeps it almost
constant until the desired pressure ratio is achieved, which is indicated by point D.
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5.1.4 Mass Flow Rate

The mass flow rate behaviour is closely related to speed; they both are dependent on the compressor’s
characteristics, and the output pressure required by the system, as can be seen on Figure 42. During
start-up, the mass flow rate is zero, then, when the valves open at 50% of the nominal speed, it
instantaneously jumps to the value that matches the current speed and pressure ratio. This is
represented by point A on Figure 42. The instantaneous jump occurs, because there is no delay in the
model to set the time that takes to open the inlet valves. At point B on Figure 42, the mass flow rate
reaches its limit for that operation point, and the system regulator will control its increment rate. In
practice this is done by bleeding valves, throttling inlet valves, and controlling the compressor’s
speed. At point C, the system reaches its maximum speed which is kept almost constant, the mass
flow rate is then decreased due to the increase in backpressure from the cavern. From the results, it
can be seen that it takes 296 seconds to increase the pressure of a cavern of 3000 m®by 3bar, using an
axial compressor that has a nominal mass flow rate of 55 kg/s.
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Figure 42 Compressor Mass Flow Rate Result Respect to Time
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5.1.5 Compressor’s Efficiency

The efficiency results are heavily influenced by the mass flow rate and the speed, as expected from
the map. The highest efficiency of 72.95% as shown by point E on Figure 43, is reached at
approximately 92% of the maximum speed at a mass flow rate of 44 kg/s. The total variation of
efficiency, from lowest to highest point is 5%, which shows a partially stable operation. This is
achieved because of the regulating system, which tries to achieve a high efficiency. However, this
regulating system is not completely optimized, especially at low mass flow rates around 22 to 40 kg/s,
as can be seen in Figure 44; that is one of the reasons why the efficiency results are on the lower side.
The average efficiency operation of the compression cycle is 71.09% and this can be increased by
incorporating an optimized controlling system. The other reason behind having low efficiencies is due
to the map scaling method. In this method, the map is scaled keeping the same number of stages,
which increases the work required per stage, also known as stage loading; this reduces the isentropic
efficiency of the machine, therefore contributing to the low efficiency results [49], [64].
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Figure 43 Compressor Efficiency Result Respect to Time
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5.1.6 Stored Energy

The specific work rate done by the compressor on the air per unit time is obtained by using equation
43 below

w = m(hoye — hin) (43)

Where 1 is the mass flow rate in kg/s, h,,; is the enthalpy of the air coming out of the compressor and h;;,
is the enthalpy of the air just before entering the compressor. Assuming the air is stored as it comes out of the

compressor, with no losses and no temperature changes, the energy stored can be obtained by equation
Ideal stored energy = [ 1i(hoy; — hin)dt (44)

Using these equations on the simulation results, the stored energy with respect to time is obtained,

Figure 45 shows this.
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Figure 45 Ideal Energy Stored in Cavern

The ideal stored energy in the cavern, after increasing its pressure from 4 to 7 bar is 3.2507e6 KJ.

5.1.7 Cavern Size Change

As mentioned in section 5.1.1, the cavern size chosen for the simulation is 100 times smaller than
Huntorf’s cavern; this is done in order to make the simulation time shorter. Another simulation is run,
with a cavern 10 times larger than the one used in the original run. A few results obtained from it are

shown in Figure 46 and Figure 47.
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Figure 47 Compressor Efficiency Result of Second Simulation, Cavern 100 Times Larger

As seen on the two graphs above, the results obtained by using a cavern 10 times larger have the same
pattern as the original ones. The only difference between them is that the time span difference

between both cycles is directly proportional to the caverns’ size difference.
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The compressor simulation shows expected results. It stays inside the operation range given by the
maps and works at part load most of the time. The time it takes the compressor to reach the valve
opening speed depends on the characteristics of the compressor, the nominal power of the motor, and
the size of the pressure container. For this simulation, the cavern size is one hundred times smaller
than the Huntorf cavern, and the chosen mass flow rate is half of the nominal mass flow rate of the
Huntorf plant. This is done in order to achieve a shorter simulation time without affecting the fidelity
of the results. In the section that follows, the results obtained from the turbine simulation are

presented.
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5.2 Turbine Simulation

The turbine model is simpler than the compressor model, it has a constant pressure ratio due to the
regulator valve located upstream from the turbine, and the outlet pressure is assumed to be ambient.
The main goals of modelling the turbine is to see how it reacts to changes to the load connected to it;
the time it takes during start-up to reach the required operation point, as well as how the efficiency of
the machine changes during this time. There are two versions of the simulation, one where the load
starts at zero and after 10 seconds it increases to its nominal value and remains steady. In the second
version, the load is now varied, and it increases and decreases slightly beyond nominal conditions. In
both versions, the turbine starter is only compressed air, and no electric motor is used throughout the
simulation. This type of starting method was chosen because it fits the CAES’ conditions and
operation [82]. The initial data required for the simulation is show on Table 5, data marked with the
symbol * is taken from [68] because it is based on the Huntorf CAES plant.

Table 5 Turbine Simulation Data

Parameter Value
Ambient Pressure 101 Kpa
Pressure Ratio 2

Inlet Temperature 1573 K°
Nominal Speed 3600 Rpm *
Nominal Load 167 MW
System Inertia 5070 Kg m?*
System Friction Factor 0.02*
Nominal Mass Flow Rate 400 Kg/s *

* Data obtained from [68]
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The time step used for both turbine simulations is the continuous time step, because the simulations

run in less than 3 minutes with good detail.
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5.2.2 Steady Nominal Conditions — Angular Speed

During the steady nominal conditions simulation, the turbine begins to spin from rest. Then, after 10
seconds, it is connected to the load, as illustrated by point A below in Figure 49. The results obtained
from this simulation show that this turbine will need 778 seconds to reach its nominal point, as seen
on point B of Figure 49.
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Figure 49 Turbine Angular Speed Result, Steady Nominal Conditions

5.2.2.1 Influence of the System’s Moment of Inertia

Upon observing the result obtained in Figure 49, another simulation is run. This time, with a smaller
system moment of inertia; this is done to see how much having a lighter turbine and lighter electric
generator would affect the start up time. This test is done by reducing the turbine moment of inertia
by 10% decremented steps, from 100 to 50%. The results are seen in Figure 50. It can be seen there,
that the time it takes the system to reach the nominal speed varies linearly with the moment of inertia
of the system. This result is going to play a key role when choosing the machinery for a CAES project

according to the services planned to provide.
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Figure 50 Effect of Moment of Inertia on Turbine Start-up Time

5.2.3 Steady Nominal Conditions — Mass Flow Rate

The mass flow rate begins initially at its maximum value because it needs a huge amount of power
to start moving the machine. Then, as the speed increases, the mass flow rate decreases until it
reaches a steady value; which is approximately 94% of its maximum value. This is expected since on
the turbine operation map, as seen in Figure 48 , the mass flow rate has this value at the selected

pressure ratio of 12.
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Figure 51 Turbine Mass Flow Rate Result, Steady Nominal Conditions
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5.2.4 Steady Nominal Conditions — Efficiency

According to the efficiency performance map, the efficiency of the turbine reaches its optimum point
when the pressure ratio is close to 20, at an angular speed of about 100%. This is represented as point
Al on Figure 52. When the selected pressure ratio is 12, the maximum efficiency point on the map
occurs when the angular speed is at 60%, as show by point B1 on Figure 52. However, at values
between 60 to 99% it has efficiencies higher than the one achieved at 100% speed, also seen at point
B1 on Figure 52. This explains the results obtained from the simulation, which are shown on

Figure 53. At speeds below 60%, the simulation shows efficiency values close to 70-80%. Then, as
the machine keeps accelerating, it has a peak efficiency of 87.8% at a speed of 70%, as indicated by
point C on Figure 53. It then decreases and reaches a steady state efficiency value of approximately
83%, at nominal conditions.
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Figure 52 Turbine Performance Map, from [57]
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Figure 53 Turbine Efficiency and Angular Speed Results, Steady Nominal Conditions

5.2.5 Variable Conditions - Load

The second part of the turbine simulation has a variable load connected to the turbine; the purpose of
this is to study how the turbine reacts to load variation and how much time does it take to regain
stability. The selected variable load starts at zero and then increases and decreases up to 20 % away
from the nominal point, which can occur in real power generation turbine engines. The load variation
with respect to time, for this simulation is shown on Figure 54.
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Figure 54 Turbine Load Arbitrary Simulated Signal
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5.2.6 Variable Conditions — Angular Speed

The angular speed is increasing in the beginning of the simulation and the load is 0%, as can be seen
from points A to B in Figure 55. When the load reaches 50% the turbine stops accelerating, this is
shown by points CL and CS. When the load reaches 82%, the turbine starts decelerating, this is
represented by points DL and DS. Then, when the load is higher than nominal conditions the speed
decreases, as seen from point GL to HL, and also from point GS to HS. When the load is lower than
nominal conditions the speed will increase, as is reflected on sections IL and IS. This typically
happens in power plants and is what provokes the need of frequency regulation services. The load and
the speed have an inverse relationship. When the load is higher than nominal conditions the speed
will decelerate, and when the load is lower than nominal conditions the turbine will accelerate. When
the load is at nominal conditions the speed will remain constant, and provide the required power and

frequency.
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Figure 55 Turbine Angular Speed and Load Result, Variable Conditions Simulation

5.2.7 Variable Conditions — Mass Flow Rate

The mass flow rate, similar to the nominal conditions test, starts at the maximum point and decreases
below its nominal value as the turbine starts accelerating. Initially, the load is 0%; this is shown on
the graph from point AL to BL on Figure 56. When the load reaches 50% of its nominal amount, this
is represented by point CL; the turbine stops accelerating and remains steady for a short amount of

time, as can be seen at section CS. When the load reaches 80%, this is marked by point DL, the
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turbine starts decelerating, and the mass flow rate starts increasing, as seen on points DS and DM. As
the load stays higher than the nominal condition, the speed will continue decreasing, and the mass
flow rate will keep increasing until it reaches the choking condition, as marked by point EM. As the
load decreases, the mass flow rate will also decrease even if the load goes below the nominal point, as
can be seen from point EM to FM, and EL to FL. When the load starts increasing the mass flow rate
will follow. The load and the mass flow are directly proportional because the mass flow gives the
power to the turbine to reach the required load. The delay in the mass flow rate adjustment is

attributed to the moment of inertia of the system.
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Figure 56 Turbine Mass Flow Rate Result, Variable Conditions Simulation
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5.2.8 Variable Conditions — Efficiency

Similar to what was observed during steady state conditions, when the angular speed increases
beyond 80%, the machine’s efficiency decreases, as seen on point A in Figure 57. Then, when the
speed starts decreasing, and getting closer to the 80% of the nominal value, the efficiency increases;
as can be seen at point B and C in Figure 57. When the load decreases and the turbine accelerates to
values higher than nominal, the efficiency decreases as dictated by the performance map. This can be

seen at point D on Figure 57.
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Figure 57 Turbine Efficiency Result, Variable Conditions Simulation

5.2.9 Round Trip Efficiency

Upon charging a 3000 m? cavern with compressed air and then expanding that air in the turbine; an
electrical power input of 4478.1 KJ is used and a shaft power output of 2471.1 KJ is obtained, giving
an overall efficiency of 55%. This result is higher than the 41% efficiency obtained in the Huntorf
plant [80]. This occurs because the level of detail of the developed models does not take into account

the losses from the cavern as well as and the generator.
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Figure 58 Round Trip Efficiency

This chapter has shown the results obtained from both simulations. At this time, these results cannot
be validated because there is no experimental data to compare the results against. However, the
results show a close resemblance to the turbomachinery maps, which is what it is expected. The times
obtained from the turbomachine simulation results are limited to the amount of real data that is
available; therefore, they need to be interpreted cautiously. The modelled compressor and turbine are
not the same as the ones being used in the Huntorf plant. The maps of those machines are not
available in the literature. Nonetheless, when using these models in conjunction with maps of the
machines to be modelled, the time results will always be representative. The models developed in this
work will aid a CAES plant engineer to design a general or specific CAES plant, and to generate
specifications for the required turbomachinery, as well as for other components within the plant such

as the cavern and its size.
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Chapter 6

Conclusion and Recommendations

6.1 Conclusions

Two axial turbomachinery models for CAES systems have been created and explained in this work,
one for a compressor and one for a turbine. The models use turbomachinery maps to capture the
complex fluid phenomena occurring in the machines. The novelty of the models is that they consider
the compressor driver transients, as well as the inertias present in the process, which are reflected
significantly in the turbine simulation results. They can be used in efficiency tests, control strategy
design, plant operational-mode range selection, among others. From the simulations run, the key

results that were obtained are outlined below:

e It takes 296 seconds to increase the pressure of a cavern of 3000 m®from 422.18 Kpa to 747.4

Kpa using an axial compressor that has a nominal mass flow rate of 55 kg/s.

e During the charging process where the cavern pressure increases from 422.18 Kpa to 747.4
Kpa, the average efficiency of the compressor is 71. %; and this can be increased by
incorporating an optimized controlling system

e For the turbine, when there is a difference between the nominal and the current loads, the
machine will accelerate as long as the current load is lower than the nominal; and it will

decelerate as long as the current load is higher than the nominal load.

e Fora 167 MW turbine, with a design speed of 17000 rpm, with a nominal mass flow rate of

400 kg/s, it will take the turbine 778 seconds to reach its nominal speed.

e For this simulation with the afore mentioned conditions, the overall efficiency obtained is 55%.
This result is higher than the 41% efficiency obtained in the Huntorf plant, because the

developed models do not consider the losses from the cavern as well as and the generator.

e The relationship between the turbine moment of inertia and the time taken for the turbine to
achieve nominal power is linear; which means that lighter turbines and lighter generators will

reach their nominal speeds faster.
The developed models have the following additional characteristics:

e The models are relatively simple and fast as compared to computational fluid dynamics

models; thus, a complex control system can be added to them for analysis purposes.
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e The models work in SIMULINK®, which is one of the most common tools used for electrical

and electronic design, therefore they can be easily used in power grid connection analyses.

e The developed models can represent the behavior of any axial and centrifugal turbomachine,

provided that there is a map associated with it.

e The turbine model is flexible enough to run under a variable inlet pressure scenario, this can

be done by adding a cavern model to simulate the phenomena inside the cavern.

6.2 Limitations

Along with its benefits, the model also has some limitations. The time results obtained from the
simulations are initial approximations; however, the model is flexible enough to accommodate
specific cases. If a specific case wants to be replicated, for example the Huntorf CAES plant, real
values for the plant parameters must be provided, e.g., motor’s initial values, exact nominal
conditions, operational mode, machines’ arrangement, etc. The regulation system for this work is
designed to keep the operating points within the turbomachinery map limits, i.e., the regulation
system does not try to achieve the highest efficiency, or the fastest of times; a different regulation

strategy should be applied if any other scenario is to be studied.

6.2.1 Huntorf Compressor Train

The Huntorf CAES plant contains an axial and centrifugal compressor connected in series [83]. The
developed model, can simulate the axial compressor with variable speed. For the Huntorf plant, there
is little to no published information regarding the nominal pressure ratios of the machines, nor is there
information published on the control and operational mode, i.e. variable geometry or variable speed.
The model methodology proposed in this work can be used to simulate a variable speed centrifugal
compressor used in a CAES plant, provided the corresponding compressor map. In this way, the
entire compressor train of a CAES plant with similar configuration as the Huntorf plant can be

simulated, as part of future work.

6.2.2 Efficiency

The efficiency results obtained from the compressor simulation, reflect the performance of a variable

speed axial compressor. However, these efficiency results represent only the losses that occur inside
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the machine, not taking into account the inlet throttling losses or bleed losses produced during the

operation.

6.2.3 Variable Geometry

If a compressor with variable guide vanes and constant speed is desired to be modeled, there are a few
considerations to consider. If a variable compressor guide vane map is available, the simulation
methodology would require a set of initial guesses for the entire starting process until the desired
operating speed is achieved. Then, a governor system is needed to control the speed. The best
scenario will be to obtain a map that contains on it, how the speed varies with the orientation of the
guide vanes. Unfortunately, such maps are not commonly created by machine manufacturers, and
hence may have to be experimentally obtained. Some publications mention ways to model the effects
of variable guide vanes, also known as variable geometry. Some of them model this behaviour in a
generalized way, either using an s-domain transfer function, or through experimental tests [36], [84],
[85]. Other works, are based on the assumption that each stage of a machine has identical stage
characteristics, and utilize long iteration methods to create a compressor map for each valve position
[39], [47], [86].

6.3 Recommendations

Although the simulation results fit the expected performance of a turbomachine well, it is
recommended that the model is validated with physical measurements and data. This can be done in a

laboratory with a micro turbine and compressor along with a pneumatic or hydraulic system.

To further evolve this model into a specific scenario, the following next steps are recommended to

build upon this work:

e To add a generator model to the turbine to simulate synchronous or asynchronous operation

modes.

e To experiment with other types of motors for the compressor to find the best fit for a

particular scenario.
e Toadd the time delays that reflect the valve opening-closing operation.

e To add the time delays that reflect the initial procedure required for the turbine, e.g., warmup

time, purge time, among others.
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To add bleed losses and throttling losses of the system.

To add the effects of variable machine geometry for performance, as well as operation of the

system.

To create a methodology to develop custom turbomachine maps, where parameters such as
pressure ratios and number of stages can easily be varied; and their effect on the map can be
studied.

To add a centrifugal compressor to the model, in order to replicate a CAES plant having a

configuration similar to Huntorf.

To incorporate a control strategy that optimizes the efficiency of the system.
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Appendix A

Flow Coefficient and Stage Loading

Flow Coefficient and Stage Loading are two important parameters which are used in gas turbine
models; both appear in the stage characteristics curves, which are the main source of data for the
performance maps In an axial flow machine, the flow coefficient ¢ is a non-dimensional factor that
represents the ratio of axial-flow speed to blade speed, as seen in the next equation, obtained from
[46] .

_ G (45)
¢ = U

Where Cyis the axial velocity and U is the blade speed. For a fixed geometry and fixed blade speed,
the flow coefficient will increase as the mass flow rate increases [55]. Low values of flow coefficient
represent highly staggered blades; for the opposite is true for high values of flow coefficient. The
stage loading coefficient v is the ratio of stagnation enthalpy change of a stage to the square of the
blade speed, as seen in equation (10)(46) from [46] .

Ah, (46)
Y= Tz

Where Ah,, is the stagnation enthalpy change, and U is the blade speed. In an adiabatic machine,
the stagnation enthalpy change is equal to the specific work, which then makes the stage loading be
equal to the ratio of the change in fluid tangential velocity to the blade speed, as in equation (47) from

[46] .

AC,
= TH (47)
Where ACy is the ratio of the change in fluid tangential velocity. This means that the larger the
stage loading coefficient, the larger amount of work is being done or used by a stage. An increase in
stage loading coefficient will also produce a decrease in efficiency [64]. These two coefficients are
important for this work because the combination of both can describe the performance of a single

stage of a machine, and provide data for the simulation.
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