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Abstract

The suspension system of a vehicle is conventionally designed such that the spring-damper element is
configured in the vertical direction, and the longitudinal connection between the vehicle chassis and
wheels is always very stiff compared to the vertical one. This mechanism can isolate vibrations and
absorb shocks efficiently in the vertical direction but cannot attenuate the longitudinal impacts caused
by road obstacles. In order to overcome such a limitation, a planar suspension system (PSS) is
proposed. This novel vehicle suspension system has a longitudinal spring-damper strut between the
vehicle chassis and wheel. The dynamic performance, including ride comfort, pitch dynamics,
handling characteristics and total dynamic behaviour, of a mid-size passenger vehicle equipped with
such planar suspension systems is thoroughly investigated and compared with those of a conventional

vehicle.

To facilitate this investigation, various number of vehicle models are developed considering the
relative longitudinal motions of wheels with respect to the chassis. A 4-DOF quarter-car model is
used to conduct a preliminary study of the ride quality, and a pitch plane half-car model is employed
to investigate the pitch dynamics in both the frequency and time domain. A 5-DOF yaw plane single-
track half-car model along with a pitch plane half-car model is proposed to carry out the handling
performance study, and also an 18-DOF full-car model is used to perform total dynamics study. In
addition to these mathematical models, virtual full-car models are constructed in Adams/car to
validate the proposed mathematical models. For the sake of prediction of the tire-ground interaction
force, a radial-spring tire model is modified by adding the tire damping to generate the road excitation
forces due to road disturbances in the vertical and longitudinal directions. A dynamic 2D tire friction
model based on the LuGre friction theory is modified to simulate the dynamic frictional interaction in
the tire-ground contact pitch.

The ride quality of a PSS vehicle is evaluated in accordance with the ISO 2631 and compared
with that of a conventional vehicle. It is shown that the PSS system exhibits good potential to
attenuate the impact and isolate the vibration due to road excitations in both the vertical and
longitudinal directions, resulting in improved vehicles’ ride and comfort quality. The relatively soft
longitudinal strut can absorb the longitudinal impact and, therefore, can protect the components. The
investigation of handling performance including the steady-state handling characteristics, transient
and frequency responses in various scenarios demonstrates that the PSS vehicle is directionally stable



and generally has comparable handling behaviour to a similar conventional vehicle. The application
of PSS in vehicles can enhance the understeer trend, i.e. the understeer becomes more understeer,
neutral steer becomes slightly understeer, and oversteer becomes less oversteer. The total dynamic
behaviour combining the bounce, pitch, roll and the longitudinal dynamics under various scenarios
such as differential brake-in-turn and asymmetric obstacle traversing was thoroughly investigated.
Simulation results illustrate that the PSS vehicle has a relatively small roll angle in a turning
manoeuvre. In some cases such as passing road potholes, the PSS vehicle has a better directional
stability.



Acknowledgements

The author would like to thank his supervisor Professor A. Khajepour and co-supervisor Professor E.
Esmailzadeh from UOIT for providing the opportunity for this research, for their continued

intellectual guidance, encouragement and financial support throughout the course of this research.

The author would also like to express his gratitude to Professor M. Ahmadian of Virginia Tech
for serving as his external examiner and valuable helps. The author also thanks his PhD committee
Professor J. McPhee, Professor S. Lambert and Professor F. Ismail for their valuable suggestions,

advices and comments on the research and this manuscript.

The author wishes to thank members of the faculty and staff of the Department of Mechanical &
Mechatronics Engineering, University of Waterloo for their time and assistance during the course of
this work. The author is thankful to all the friends and colleagues for their help and valuable
discussion. Special thanks to his colleague, Mr. Alireza Kasaiezadeh for his help in the construction

of Adams/car model in the dissertation research.

Financial support provided by Natural Sciences and Engineering Research Council of Canada
(NSERC) postgraduate scholarship, Ontario Graduate Scholarship (OGS), University of Waterloo
President's Graduate Scholarship, and Toyota Motor Manufacturing Canada (TMMC) fellowship are
gratefully acknowledged.

The author would like to express his thanks for the patience, sacrifice and support to his wife who
was pursuing her own study during the same time. Sincere thanks also go to the author’s father and
other family member in China for their preserving support. Finally the author wishes to mention his
sons whose innocents demand made this work somewhat tougher, but who provided a lot of

enjoyment during the completion of the thesis.



Table of Contents

AUTHOR'S DECLARATION. ..ottt ettt ase et saeste st esse e eseasaesessesseneeneenes ii
A 0L - Uod USSR iii
F Ao 10TV o o T=T 0 1T £ SP v
TADIE OF CONMTENTS ...ttt bbb et b bbb b bbb ne e Vi
ST OF FIQUIES ...t bbbttt bbbttt s bbbt b b et e e e e e ene s iX
T A0 o] L= SRS Xiv
Chapter 1 INTFOUUCTION .....c.veiiiieiieiisieite sttt b bbbt ettt ettt b b 1
1.1 Introduction to Planar SUSPENSION SYSTEMS .......c.uiiiiriiririeiieieieiee sttt 1
1.2 Objectives of the Dissertation RESEAICH .........ccoviiiiiiiiie e 4
1.3 TNESIS OFQANIZATION ..ottt bbb e b e b bbb 5
Chapter 2 LITErature REVIEW ........c.oiiiiiiriiite ettt bbbttt b b 7
2.1 AUtOMOLIVE SUSPENSION DESIGN ...c.viiiieiiiticie ettt s e e ste et et s be e be b sresreenes 7
2.2 Vehicles’ Ride Comfort and Ride DYNamICS........c.coviiiiiiiieiiieiie et 8
2.2.1 Ride Comfort EVAIUALION .........cccoiiiiiiieieiccs s 8
2.2.2 Road Irregularity DESCIIPLION ......ccciciiiiiecie sttt ta b sreeneas 10
2.2.3 VENICIE MOUEIIING.......cciiieie et st ta et sbeeneas 11

2.3 Pitch Dynamics Of AULOMODIIES .........cocooiiiiiiececce e 14
2.4 Handling and Directional Stability ..........ccccciiiiiiiiiiicic e 15
2.5 TIrE MOABIIING ...t be et e e be s te e e e s besaeesresteenbesreeneas 17
Chapter 3 Study Of RidE DYNAMICS.......ccciiiiitiiieie ettt et sae e reene e 20
3.1 OVEIVIBW ...ttt sttt sttt ettt e st e st e et et esbe e st e bees e e saeebees e s beeb e e benee e e e neeeneeseeeneantenaeeneas 20
3.2 Analysis and Comparison with a Conventional Vehicle in the Frequency Domain.................. 20
3.2.1 Quarter-Car VEhiCle MOUEL ..ot e 22
3.2.2 Analysis of Response to FrequenCy INPUL...........ccooiiiiiiiiieceeese e 23

3.3 TImMe DOMAIN ANGIYSIS .....oveieiiiitiitiitet ettt ne e r e e ere 27
3.3.1 Integration of Tire Model to the Quarter-Car Model .............cooeieiiiniininin e 27
3.3.2 SIMUIALION RESUILS ...ttt st 32

BB TU ] 10T Y/ PR R 38
Chapter 4 Pitch DYNaMICS STUAY ......ccviiiiiiiiie ettt re e sre e eeenne e 40
O Y =T oY TSR 40
4.2 Study of Pitch Dynamics in Frequency DOMAIN...........ccoooiiieiiiiieieieeee s 40

\



A Y A= a1 [ 1Y/ (oo (=Y PR 40

4.2.2 Frequency Domain ReSpoNSe ANAIYSIS .......cccveviiiiiieieiieie e 42
4.3 Wheelbase Filtering of a Vehicle With PSS..........ccoo i 47
4.4 Study of Pitch Dynamics in Time DOMaIN.........ccooiiiiiiiiiiieneie e 51

4.4.1 Development of Vehicle MOdel ..o e 52

4.4.2 Response due to an Isolated Road OBStaCle ..........ccoviieiiiiiiee e 55

4.4.3 Response due to Distributed ROAd UNEBVENNESS ........coeeviiieiieiieitecie et ste et sre v 61
SIS T U T 0= Y S 67

Chapter 5 Handling Dynamics Study: Model Development and Steady-State Characteristics ........... 68
5.1 OVEIVIEWO ...ttt sttt sttt e st s et e b e b na et et et e st e st e b e e benbe st e e e e et enes 68
5.2 2D Average LuGre Dynamic Tire Friction Model..........cccooveviiiiiiiiiicc e 69
5.3 Development of a Half-Car Handling model ... 78

5.3.1 Formulation of the Half-Car Pitch Plane Sub-Model.............ccccooiiniiinniicncceee 78

5.3.2 Formulation of the Single-Track Yaw Plane Sub-Model ...........c.ccocviiiiiiiiiiniicee, 81
5.4 Analysis of Steady-State Handling CharaCteristiCS .........ccuvvvrvriineiinnie e 86

5.4.1 Derivation of Steady-State Steering RESPONSE........cecveiieieiririsisie e 86

5.4.2 Study of steady-state handling RESPONSES...........cccoriieieiieiiirse e 89
5.5 SUMIMAIY .ottt r e R e e e sE e s s bt bt e nn e s b e e e e reane e nnenreenes 98

Chapter 6 Handling Dynamics Study: Time and Frequency Domain ReSPONSES ........c.cccevvrvevereeanns 99
8.1 OVEIVIBW ...ttt sttt st et e e te st et e s et e e te e st e see et e estesbeeseenbenRease e beeseenaesbeaneeneeeneensenneeneas 99
6.2 Study of Handling Performance in Time DOMAIN.........cccriiiririiiieieisese s 99

6.2.1 Validation of the Proposed Handling MOdel ............cccooiiiiiiiiiiii e 100

6.2.2 Case I :Turning onaBumpy ROAA ..........ccceiriiiiciniiiieie i 102

6.2.3 Case II: Turning Combined With BraKing...........cccceoureriiiiininiiisenee e 107

6.2.4 Case III: Turning Combined with ACCeleration ............ccoceoveiiiinennienee e 111

6.2.5 Case IV: Lane Change ManOBUVIE...........ccerueieieirieesiese et 113
6.3 Study of Handling Performance in Frequency DOMAIN ..........ccccovevieieiveiiie e 115

6.3.1 Linearization of System EQUALIONS..........cccvoviiiiieie e st 116

6.3.2 Turning on a Straight Flat Road without Longitudinal Friction Force............cccccoeveivenin. 118

6.3.3 Turning on a Flat Road with Longitudinal Braking FOICe ..........cccccvvviieveivcie e seeienins 123
5.4 SUMIMAIY ...ttt bt bbb bt bt s e bt e b e nb e ekt ek e s bt e b e et e s bt e e e eb e e beenbeebeenbenre s 126

vii



Chapter 7 Total DYNAmICS STUAY .......ccveiiiiiiiiie et sreens 127

7. L OVEIVIBW ...tttk bttt b bbb bbb bbbt e e st bt bbbt 127
7.2 Development of an 18-DOF Analytical Full-Car Model ...........cccccvvviviiniieie e, 128
7.3 Overall Dynamics Study Using Adams/car MOdel ...........ccccoviiiiiiiiineiic e 140
7.3.1 Analysis of Kinematics and Compliance (K&C) Characteristics..........cocvvvvererriieennnnnnn. 140
7.3.2 Investigation of Turning PErformance .........cccccviiieiiieriie i 144
7.3.3 Simulation of a Single Lane Change Man0EUVIE ...........ccccceeveiievieiecie et 147
7.3.4 Study of 1SO (Double) Lane Change TeSt........cccciiiieieiiiecce et 149

7.4 Validation of the Proposed 18-DOF Analytical Model ..., 152
7.5 Investigation of Dynamic Response under Differential Braking...........ccocoeeveiiveiciciviccnennenn, 158
7.5.1 Differential Braking on Straight RO ............ccoeiiiiiiiiiiicccec e 159
7.5.2 Differential Braking in a Turning ManOEUVIE ............cceiiiiiiiieeie et 163

7.6 Investigation of Dynamic Response due to Asymmetric Potholes..........cccccoccviveicieiiccneneen, 169

T 7 SUMIMIBIY .ottt ettt et bt s bbbt e btk e e e e b e e b e bt e b e e R Rt ab e e ae e R e e b e e bt e b e e s b e nbeeneennenneens 174
Chapter 8 Conclusion and FULUIE WOTK ..........cc.oiiiiiiiiiiieiece e 176
ST A T 0T | SR 176
8.2 Highlight of CONTIIDULION .......oiiiiiiiiciee e 177
ST 0] o] 1013 [0 LSS 178
8.4 Recommendation fOr FULUIE WOTK .........ccoeiiiiiieeiie ettt e 179
BIDIOGIAPNY ..o 180
Appendix A Definitions of Suspension Kinematics and Compliance (K&C) Characteristics .......... 188

viii



List of Figures

Figure 1-1: Tilt side-view arrangement of SUSPENSION StrUt [2] .....cccoovveierieiiiieee e 2
Figure 1-2: The realization of the planar SUSPENSION SYSTEIM .........ccciiiiiieiieiiieee e 3
Figure 3-1: Nonlinear longitudinal spring CharaCteristiCs ...........cccvvveviiieeiiiie s 21
Figure 3-2: Quarter car model With PSS SUSPENSION.........ccevieiiiiiie e 22
Figure 3-3: Conventional vehicle suspension and chassis connection in longitudinal direction.......... 24
Figure 3-4: PSD of road roughness for ISO class A, B, C and D (60 Km/h).......cccooeviiniiiiiiiienn, 25
Figure 3-5: Effect of vehicle speed on PSD of road excitation (Class C, average)..........cc.ccvevrvervennne. 25
Figure 3-6: Chassis vertical acceleration response of PSS VENICIe ... 26
Figure 3-7: Comparison of chassis longitudinal acceleration response (Speed: 100km/h).................. 27
Figure 3-8: Quarter car model With PSS SUSPENSION..........ccuiiiiiiiiieisisesie s 28
Figure 3-9: Radial spring tire-ground contact MOGEN .............cccoviiiiiiiiiie s 29
Figure 3-10: Tire-ground vertical static contact force vs. tire deflection...........cccccooeve e, 31

Figure 3-11: Sprung and unsprung mass displacement response of PSS vehicle (speed: 8 Km/h)...... 33

Figure 3-12: Longitudinal velocity response of PSS vehicle (speed: 8 Km/h) .......c.ccoooveiiviicnnnenn, 33
Figure 3-13: Time history of tire-ground contact force (speed: 8 Km/h)........ccooveiiiiveiiiecicceneen, 34
Figure 3-14: Time history of chassis (sprung mass) acceleration response (speed: 8Km/h) ............... 34
Figure 3-15: Time history of suspension longitudinal response (speed: 8 Km/h)..........cccevevveieinnnnenn, 35

Figure 3-16: Comparison of sprung and unsprung mass velocity response between PSS and
conventional vehicles (speed: 20 KM/N) ....ooviiiiiicce e e 36

Figure 3-17: Comparison of sprung and unsprung mass acceleration response between PSS and
conventional vehicles (Speed: 20 KM/N) ..o 37

Figure 3-18: Dynamic tire-ground contact forces of PSS and conventional vehicles (Speed: 20 Km/h)

...................................................................................................................................................... 37
Figure 3-19: Comparison of suspension longitudinal force when passing over the bump................... 38
Figure 4-1: 6-DOF pitch plane half-car vehicle model ..o 41
Figure 4-2: Displacement response transmissibility (gain) for pure bounce input.............ccccceeevnnnne. 45
Figure 4-3: Comparison of displacement response transmissibility (gain) between PSS and

conventional vehicles for pure DOUNCE INPUL...........ccoiiiiiiii e 45
Figure 4-4: Displacement response transmissibility (gain) for pitch input ..o 46

Figure 4-5: Comparison of response transmissibility (gain) between PSS and conventional vehicle for

[SLU L=l oL (ot g TN Ta] o1 | USSP 47



Figure 4-6: Chassis acceleration transmissibility of PSS and conventional vehicles .......................... 49

Figure 4-7: PSD of chassis acceleration response to average road roughness for PSS and conventional

VEIICIES ...t bbbttt b bbb b ettt bbb 49
Figure 4-8: 9-DOFs two-dimensional planar half-car vehicle model .............cccoooiiiiiiiiiiiciicn 53
Figure 4-9: Virtual model of a PSS vehicle and a conventional vehicle..............ccoccoooiiiiniinnneen. 56
Figure 4-10: Time history of vehicle acceleration response to a single road bump..............ccccceee.. 57
Figure 4-11: Time history of the tire force when traversing a road bump.........cccccceveiieeiiciieccieneen, 59
Figure 4-12: Time history of the suspension longitudinal deflection .............ccccooeviiiiiieiiiic e, 60

Figure 4-13: Peak value of longitudinal acceleration of a vehicle with PSS and conventional

SUSPENSION SYSTBIM .....viiiiiteetie st et e te sttt e et e st e st e s te et eesbeete et e sbe e e e sbesbeeseesbeeseesbeebeesbesbeansesbesaeeseesreanes 60
Figure 4-14: Time history of pitch angle of the PSS and conventional vehicles.............c.cccoovevenann. 61
Figure 4-15: Description of road profile in elevation of good, average and poor road quality ........... 63
Figure 4-16: Comparison of chassis acceleration for the PSS and conventional vehicles................... 64
Figure 4-17: Frequency weighting factor VS. TrEQUENCY .........ccciririerieiieiiisiese e 64
Figure 4-18: Time history of vehicle longitudinal acceleration response to random road unevenness

(MDI_2D _UNBVEN.FU). .ttt ettt 66
Figure 5-1; Overall model layout for the handling performance of a ground vehicle ......................... 69
Figure 5-2: Microscopic view of dynamiC friCtION ..........ccoviiiiiiiiieneec e 70
Figure 5-3: Trapezoidal 10ad diStriDULION ...........cooiiiiiiiicii s 72
Figure 5-4: Longitudinal and lateral friction coefficients vs. longitudinal slip ........cc.ccooeieiiiiinnnn. 75
Figure 5-5: Longitudinal and lateral friction coefficients vs. side slip angle...........c.ccoceveveieiiiinnnn. 76
Figure 5-6: Friction COETfICIENTS IN (S- 0) SPACE .....veivirveieieieiisiesie st 76
Figure 5-7: Friction coefficients at different tire forward veloCities............cccoovvvvevieiecic i 77
Figure 5-8: Comparison of friction coefficient on dry and wet road in the steady-state .................... 77
Figure 5-9: Two-dimensional half-car vehicle model..........c.cccooiiiieii i 79
Figure 5-10: 5-DOF Single-track vehicle handling model ............ccooveviiiecii i 83
Figure 5-11: Required steering angle of a PSS Vehicle...........cccoeiviieii i 90
Figure 5-12: The required steering angle at different speeds (traction €ase)..........ccocevevveveveivenenn, 92
Figure 5-13: Yaw velocity gain (rad/s/rad) of a vehicle with PSS and conventional suspension........ 93

Figure 5-14: Lateral acceleration gain (g/rad) of a vehicle with PSS and conventional suspension ... 94
Figure 5-15: Curvature response (1/m/rad) of a vehicle with PSS and conventional suspension........ 94

Figure 5-16: Required steering angle at different speeds (braking Case).........ccccevvevvrveicveseeniennnn, 96

X



Figure 5-17: Yaw velocity gain (rad/s/rad) of a vehicle with PSS and conventional suspension........ 97
Figure 5-18: Lateral acceleration gain (g/rad) of a vehicle with PSS and conventional suspension.... 97
Figure 5-19: Curvature response (1/m/rad) of a vehicle with PSS and conventional suspension........ 98
Figure 6-1: Comparison of the lateral acceleration and yaw rate of a conventional vehicle with the
reported data [58] in a J-turn (green dash line represents the result of this study)..................... 101
Figure 6-2: Comparison of the lateral acceleration and yaw rate of a PSS vehicle from different
MOAEIS IN @ STEP STEEIING....eciiitiitie ettt et be e e be s be e e e s beebeesresbeenaesbens 101
Figure 6-3: Vehicle trajectory of a step steering input tUrNiNG..........ccoeevveveiecie e 102
Figure 6-4: Time history of chassis velocity components for a turning on a bumpy road.................. 103
Figure 6-5: Time history of chassis acceleration components for a turning on a bumpy road........... 103
Figure 6-6: Time history of tire-ground contact fOrCes .........ccovvvieiiiiiie i 104
Figure 6-7: Time history of the tire friction fOrCeS.........ccvvviiiiiiiicicc e 105
Figure 6-8: Time history of the suspension longitudinal forces..........ccocvvviieviiiiciiiciccecce e 106
Figure 6-9: Time history the suspension longitudinal deflection..............ccocoviiiiiiiiiii e 107
Figure 6-10: Steering and braking torque inputs in a combining operation .............cccceevviviiienenenns 108
Figure 6-11: Time history of the chassis veloCity COMPONENTS.........cccoviriririieieeeese e 108
Figure 6-12: Time history of the chassis acceleration COMPONENTS...........ccccererereieiisienine e 109
Figure 6-13: Vehicle trajectory in a braking-in-turn operation ...........ccccocvvreneneieieisese e 110
Figure 6-14: Time history of the normal wheel 10ad..............cccoiiiiiiiiniie 110
Figure 6-15: Steering and driving torque inputs in @ combining OPeration............cccceevvvvrirenenennns 111
Figure 6-16: Time history of the chassis veloCity COMPONENTS..........ccvoiviririiereeeee e 112
Figure 6-17: Time history of the chassis acceleration COMPONENTS............cccoverereiereiinienine e 113
Figure 6-18: Vehicle trajectory in an acceleration-turning combined...........c.ccccoovevievieivcnieneese e 113
Figure 6-19: Trajectory for a lane Change .........ccoov v e 114
Figure 6-20: Time history of the chassis velocity components in a lane change ...........ccccceevevvennene. 115
Figure 6-21: Time history of the chassis acceleration components in a lane change.........c...cccc........ 115
Figure 6-22: Frequency response of yaw velocity gain and phase [ag.......c.ccccoevevvvviic i, 120
Figure 6-23: Frequency response of yaw velocity gain and phase [ag.........ccccoevevvivive e, 121
Figure 6-24: Effect of speed on frequency response of yaw velocity and lateral acceleration gains for
A PSS VENICIE ...t 122
Figure 6-25: Effect of speed on frequency response of yaw velocity and lateral acceleration gains for
@ CONVENTIONAL VENICIE ... 122



Figure 6-26: Frequency response of yaw velocity gain and phase lag...........ccccoevevevviievcincieseennn 125
Figure 6-27: Frequency response of lateral acceleration gain and phase 1ag.........ccccccoeevvvivciieiennnnn 125
Figure 7-1: Schematic of 18-DOF full-car model for a vehicle with planar suspension and coordinate
L1201 129
Figure 7-2: Schematic diagram of an 18-DOF full-car model for a conventional vehicle and
coordinate frames (it is worthy to note the difference from Figure 7-1)......ccccccevivevivevieniinnnnns 130

Figure 7-3: Relative velocity and acceleration components of the front wheels of a PSS vehicle in the

COONAINALE FrAME L (XYZ) ..veeeiiieiii ettt ettt be et s be s be et e s tesreesbesbeestesbeereesbenaeas 133
Figure 7-4: Forces applied to the unsprung masses in coordinate frames 1 and 2...........ccccceeveenenee. 134
Figure 7-5: Forces in the front suspension roll Plane...........c.ccv e 136
Figure 7-6: illustration of the slip and steering angle ..........c.oveeiiieci s 137
Figure 7-7: Scheme of a parallel wheel travel test in Adams/Car..........c.cccvovveveniieve i 141

Figure 7-8: Camber, caster, toe and kingpin inclination angles in a parallel wheel travel analysis .. 141

Figure 7-9: Comparison of ride rate and afore-aft wheel center Stiffness..........ccccoevviiiiincienns 142
Figure 7-10: Comparison of roll center height in a parallel wheel travel analysis .............c..ccoceoene. 142
Figure 7-11: Comparison of scrub radius in a parallel wheel travel analysis.............ccccoovcvininenen. 143

Figure 7-12: Relationship of the steering wheel input angle and wheel steering angle in a suspension

SEEEIING ANAIYSIS ...ttt b bbbttt 144
Figure 7-13: Comparison of total wheel-track in a suspension steering analysis............c.cc.coeervenen. 144
Figure 7-14: Time history of vehicle lateral acceleration response in a step turning ............c.cc..e..... 145
Figure 7-15: Time history of vehicle roll angle in a step turning ManoeuVIe.............cceovvvrvnereennen. 145
Figure 7-16: Vehicle angular velocities in a step turning Man0BUVIE. ...........ccccererverreieeiesenenie e 146
Figure 7-17: Vehicle trajectory in a single lane change mManoeuUVIe...........cccccevveveiiiic e seece e 147
Figure 7-18: Time history of yaw velocity in a single lane change manoeuvre ...........c.ccccooveevervenen. 148
Figure 7-19: Time history of lateral acceleration in a single lane change manoeuvre....................... 149
Figure 7-20: Time history of roll response in a single lane change Manoeuvre ...........c..cccocveevevvenen. 149
Figure 7-21: Path of a double (ISO) lane change course at 100km/h in Adams/car............c.cccoueuee. 150
Figure 7-22: The required steering wheel input in a double (ISO) lane change test............cccccceueeee. 150
Figure 7-23: Time history of lateral acceleration in a double (1SO) lane change test ....................... 151
Figure 7-24: Time history of yaw velocity in a double (ISO) lane change test.........c..cccoovvveievneenen. 151
Figure 7-25: Time history of roll response in a double (ISO) lane change test.........cc.ccoovvveievenen. 152

Xii



Figure 7-26: Comparison of acceleration responses between the proposed 18 DOF and Adams/car
models due to a Single POLhOIE ...........ocviiii e 154

Figure 7-27: Response comparison of roll and pitch rates between the proposed 18 DOF model and
Adams/car model due to a Single POtNOIE...........cooiiiiiiii e 155

Figure 7-28: Response comparison between the proposed 18 DOF and Adams/car models in a straight
line braking and a turning MaNOBUVIE ..........coueiueiiieiie e eseese e s e s e e ee e steesteesreesneesnaeseeereenreens 157

Figure 7-29: Scheme of possible unevenness in a braking manoeuvre (a ~ b for straight line braking;

€~ 0 FOr BIrakKe-IN-TUIN) ....ooiiieii ettt st be et s be e e sbesbaereeras 158
Figure 7-30: Time history of vehicle velocity responses in an uneven straight line braking manoeuvre
.................................................................................................................................................... 159
Figure 7-31: Vehicle trajectory in an uneven straight line braking manoeuvre ..........ccccocevvvvennnne. 160

Figure 7-32: Time history of acceleration responses in an uneven straight line braking manoeuvre 161

Figure 7-33: Time history of angular velocity responses in an uneven straight line braking manoeuvre

Figure 7-34: Time history of angular displacement responses in an uneven straight line braking
IMIANOBUVIE ...ttt e setee ettt e stte e sttt e st e e bt e e ke e e sabe e e shb e e asbe e s Ee e e aREe e e be e e ebe e e aaE e e e asbeeembeeebeeesnreeennbeennneas 162

Figure 7-35: Time history of normal wheel load in an uneven straight line braking manoeuvre....... 163

Figure 7-36: Vehicle trajectory in a differential brake-in-turn manoeuvre ...........ccccooevvvviiieneienns 164
Figure 7-37: Time history of velocity responses in a differential brake-in-turn manoeuvre.............. 165
Figure 7-38: Acceleration response in a differential brake-in-turn manoeuvre.............ccccoccveienenns 165
Figure 7-39: Angular velocity responses in a differential brake-in-turn manoeuvre .............ccccccee. 166

Figure 7-40: Time history of angular roll and pitch angle in a differential brake-in-turn manoeuvre167

Figure 7-41: Suspension longitudinal defleCtions............ccooveiiiiieiiiii e 168
Figure 7-42: Time history of normal wheel load in an uneven brake-in-turn manoeuvre.................. 169
Figure 7-43: lllustration of the pothole POSItIONS.........cccciviiiii i e 169
Figure 7-44: Time history of vehicle acceleration responses to asymmetric potholes...................... 170
Figure 7-45: Time history of vehicle velocity responses to asymmetric potholes.............cccccveveneee. 171
Figure 7-46: Vehicle trajectories when experiencing potholes ...........cccccevvvieve i cicse s 172
Figure 7-47: Time history of angular velocity responses due to asymmetric potholes..................... 172
Figure 7-48: Time history of angular velocity responses due to asymmetric potholes..................... 173
Figure 7-49: Time history of normal wheel load when traversing asymmetric potholes................... 174

Xiii



List of Tables

Table 3-1: Parameters of conventional vehicle (mid-size car) [253] .....cccoooviieiiinieieiee e 21
Table 3-2: Parameters for the conventional and PSS vehicles [25].......cccoooiiiiiiiiiiieeece e 32
Table 4-1: Parameters of a conventional vehicle (mid-size car) [25] .....ccccovevveveviieveieieese e 43
Table 4-2: The weighted RMS of acceleration evaluated by basic evaluation method....................... 51
Table 4-3: Parameters for tire friction MOGEL...........ccoooviiiiiic e 55

Table 4-4: Root mean square (RMS) value of the frequency weighted acceleration response at

00 1 TSRS 65
Table 4-5: Root mean square (RMS) of the frequency weighted acceleration response at various speed
..................................................................................................................................................... 66
Table 5-1: Parameters for the tire friction MOCEL...........coviieiiii i 74
Table 5-2: Vehicle parameters of a PPS and a conventional vehicle [25, 73] ..., 85
Table 6-1: Eigenvalues of the linearized system (matrix A) for a PSS vehicle.........cccccvvviienenenn, 119

Table 6-2: Eigenvalues of the linearized system (matrix A) for a PSS vehicle with braking force... 124

Table 7-1: Vehicle parameters of a PPS and a conventional vehicle.............ccccooveviiiciiecicceneen, 152

Xiv



Chapter 1

Introduction

1.1 Introduction to Planar Suspension Systems

The suspension system of a road vehicle refers to the assembly between a vehicle chassis or body and
a wheel (including axle), via which the forces and moments generated in the tire-ground contact are
transferred to the chassis. Vehicle suspension systems are designed to provide satisfactory
requirements of the ride, road-holding, handling and directional performance. Different types of
suspension systems, such as MacPherson, double wishbone and multi-link suspensions, have been
adapted in passenger vehicles to realize the above mentioned objectives [1]. A spring damper element
is invariably implemented in the suspension design to isolate the vehicle chassis or body from
vibrations and to absorb shocks. The spring-damper elements are mainly configured in a vertical
direction, although a small side-view inclination angle may exist between the vertical direction and
the spring-damper strut axis [1, 2]. This type of construction and configuration has remained
substantially unchanged for the past century. Such a design is actually a one dimensional
configuration because it generally provides isolation mainly in the vertical direction to attenuate

shock forces and disturbances.

Excitation of vehicle vibrations arises mainly due to road disturbance, wheel non-uniformity, and
unbalanced powertrain [3]. Among these vibration resources, road disturbances are the primary input
of interest in designing suspension systems, but where the vehicle designers have the least control. In
many situations, road disturbances can impose contact forces on a tire in different directions rather
than merely the vertical one [3, 4, 5]. Forsen [4] measured the wheel forces of a tractor unit using an
instrumented hub, and found that the longitudinal force variations could be of a similar magnitude as
those in the vertical direction when traversing a short cleat. These forces are transferred to the body
via a path “tire-suspension-chassis” and can, in turn, induce vibrations in more than one direction.
Multi-directional force variations result in vibration and shock that cannot be attenuated effectively
by the conventional suspension systems as these do not have elastic elements in non-vertical

direction.

To improve the ride quality and reduce the noise level, attempt has been made to explore the idea

of lowering the longitudinal stiffness of suspensions by the automotive industry. The multi-link
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suspension system as well as the flexible link elevated compliance suspension (FLECS) developed by
Magneti Marelli are the outcomes of such efforts [1, 6]. However, the longitudinal stiffness of the
aforementioned suspensions is still considerably high compared to the vertical stiffness. The multi-
link suspension system requires high production and assembly costs and has a great sensitivity to
wear of the link bearings [1]. The soft longitudinal stiffness in these suspensions is generally realized
by several types of bushings whose stiffness rate are difficult to estimate. In addition, void bushings
are also employed in suspension design to increase the longitudinal elasticity. The stiffness of rubber
bushings can change with time and, therefore, the design objective cannot be maintained during the
entire lifespan of suspensions. Tilt side-view arrangement of suspension strut [2] as shown in Figure
1-1, is another attempt to reduce the longitudinal vibration. In this suspension design concept, the
stiffness and damping in the vertical and longitudinal directions are highly coupled. The improvement
of vibration isolation in the longitudinal direction may deteriorate that in the vertical direction. When
passing over a relatively large road obstacle, a vehicle with such suspensions may not be able to
provide enough shock absorption capacity in both the wvertical and longitudinal directions

simultaneously.

L

L

Figure 1-1: Tilt side-view arrangement of suspension strut [2]

In order to overcome the limitations of conventional suspensions in terms of shock absorption and
vibration isolation along the longitudinal direction, we have proposed a novel planar suspension

system (PSS) to improve the vehicle’s dynamic behaviour. Its development is based on the idea that
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the stiff longitudinal connection between the chassis and wheels is replaced by a nonlinear spring-
damping strut so that the wheel can move 5~6 cm back and forth with respect to the chassis. While
various implementation approaches could be possible, the implementation in this study is based on
MacPherson suspension systems. Figure 1-2 illustrates the implementation of a planar suspension in a
front MacPherson strut suspension and a rear dual-link MacPherson strut suspension. In the front
planar suspension, a four- parallel bar mechanism is fixed to the upright of the conventional
MacPherson suspension system. A longitudinal spring-damper strut is installed between the two
diagonal ends of the four-bar linkage. The wheel hub is located at the center of one side of this
linkage as shown. Such a mechanism can guarantee that the suspension longitudinal deflection is
always within the wheel rotation plane. The longitudinal strut of front suspension can rotate about the
kin-pin axis defined by the axis connecting the upper point of vertical strut and the outer point of
control arm when steering operation is imposed. In the rear suspension, the rigid trailing arm is
replaced by a spring-damper strut. In order to provide a good ability of vibration isolation as well as
satisfy work space requirement under some conditions such as hard braking and quick driving, the
longitudinal elasticity of the suspension is designed with such a characteristic that it is soft when the
spring deflection is small, while very stiff when the spring deflection exceeds a certain value.

Figure 1-2: The realization of the planar suspension system

The planar suspension system (PSS) is a revolutionary concept that has the potential to increase
comfort in many types of vehicles, including automobiles, trucks and off-road vehicles. It allows
wheels to have vertical and longitudinal relative motions with respect to the vehicle chassis.

3



Therefore, the PSS is a two dimensional configuration. The longitudinal and vertical stiffness of a
PSS system are rather independent of each other compared to other suspension concepts with low-
longitudinal stiffness, such as the one shown in Figurel-1. It can be expected that a vehicle with such
planar suspension systems can provide good ability to isolate vibrations and to absorb shocks induced
by road irregularities in any direction within the wheel rotation plane. Especially for some off-road
vehicles such as military vehicle which experience rough road condition at high speeds, the
longitudinal impact and vibrations maybe a main concern for the health and ride comfort of the

occupants. The PSS may provide a good prospective for these vehicles to improve the ride quality.

1.2 Objectives of the Dissertation Research

A PSS differs from a conventional suspension system, which has only a one-degree of freedom
linkage mechanism along the strut axis, in that the PSS system comprises of two degrees of freedom,
allowing the wheel to move in any direction within the wheel rotation plane. It is expected that the
dynamic characteristics of a vehicle equipped with PSS will differ from those of a vehicle equipped
with conventional suspension systems. Therefore, to explore its advantage or disadvantage and the
feasibility of PSS concept, it is necessary to carry out a thorough investigation of the dynamic
behaviour of a PSS vehicle. The scope of this dissertation research is to perform an in-depth study of
the dynamic performance of a vehicle with PSS, including the ride quality for shock and vibration
attenuation in both the vertical and longitudinal directions. Furthermore, the performance behavior for
braking and acceleration, handling dynamics for directional control in steady-state and transient
scenarios, vehicle stability and overall dynamics combining bounce, pitch, roll and yaw performance
were investigated. This study will provide pivotal suggestions for the development of planar
suspension systems.

The overall objective of this dissertation is to investigate the total dynamic characteristics of a
vehicle equipped with PSS to explore the feasibility of this innovative concept. The possible
implementations and detailed designs of a planar suspension system, however, is not the main focus
of this study. A parallel dynamic study of a vehicle equipped with conventional suspension systems
will also be conducted for the performance comparison between the PSS and the conventional
suspension. The specific objectives of the research are:

e To develop a four DOF planar quarter-car model and perform preliminary ride comfort study.

The responses of the chassis acceleration, suspension travel and road-holding capacity are

investigated and compared with those of a conventional vehicle.
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e To perform pitch dynamic study in both frequency and time domains. The frequency domain
investigation is carried out using a linear 6-DOF half-car model accounting for motions in
both vertical and longitudinal directions. The time domain study is conducted by a 9 DOF
half-car vehicle model in cooperation with a nonlinear tire model. The transient friction
between tires and road is taken into account. The responses are evaluated in accordance with

ISO 2631 and compared with those of a conventional vehicle.

e To conduct the handling study and evaluate the directional behaviour of a PSS vehicle by
studying the steady-state and transient steering response in terms of the yaw velocity and
lateral acceleration based on a 11 DOF half-car handling model. A linearized study is also

performed to explore the characteristics of handling response in the frequency domain.

e To investigate the traction/braking performance of a vehicle with PSS under some specific
conditions such as differential braking, braking-in-turn and lane change. Comparison with a

conventional vehicle is carried out.

e To develop an 18 DOF full-car vehicle model and investigate the total dynamics of a PSS
vehicle, including the ride, performance, handling and roll characteristics. The dynamic
behaviors of a PSS vehicle under some special conditions, such as differential braking and
asymmetric road obstacles are investigated and compared with those of a similar conventional

vehicle.

e To develop a virtual prototype of planar suspension system in Adams/car environment and
implement the concept of PSS at the front and rear axles of a vehicle. The kinematics and

compliances (K&C) analyses are carried out by several suspension analyses in Adams/car.

e To construct a full car model of a PSS vehicle in ADAMS and study the overall dynamic
characteristics, including the ride quality, performance characteristics and handling behavior.
The final investigation focuses on the vehicle acceleration response in both longitudinal and
vertical directions, and the steering response to the steering input. The full ADAMS model
would also be used to validate the proposed mathematic models.

1.3 Thesis Organization

This thesis consists of eight chapters. The present chapter is designed to introduce the basic features

of the planar suspension systems, outline the overview, motivation and objectives of this research.
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Chapter 2 presents a review of literature related to vehicle suspension design and vehicle
dynamics. The fundamental issues, new achievements and the conventional models and approaches in
the vehicle dynamic study are summarized. The new development in vehicle suspension design is also
reviewed.

A preliminary study regarding the ride quality of a vehicle equipped with PSS is conducted in
both frequency and time domains and presented in Chapter 3. A quarter-car model was developed and
the longitudinal elasticity in the PSS is considered.

Chapter 4 presents the pitch dynamic study of the PSS vehicle. A linear pitch model with 6 DOF
is proposed for the frequency domain study, and a nonlinear 9 DOF half-car model is developed to
conduct the time domain investigation in the presence of isolated road obstacles and random road
surface unevenness.

A model system, combining a half-car pitch plane model and a single-track yaw plane model, is
developed in Chapter 5. This model, together with a dynamic 2D tire friction model, is employed to
facilitate the handling performance study of the PSS vehicle. The steady-state handling characteristics
of the PSS vehicle is investigated in this chapter following a general study of the tire-ground friction
characters.

A thorough study of the handling performance for the PSS vehicle in frequency and time domains
is presented in Chapter 6. The frequency and transient responses for various road maneuvers are
predicted with different simulation conditions.

Chapter 7 presents the development of an 18 DOF full-car model and a virtual Adams/car model
for the total vehicle dynamic study. The results from the two types of models are compared for
validation. The overall dynamics, such as combined bounce, pitch, longitudinal and roll motions are
investigated under various conditions.

The highlights and major conclusions drawn from this research together with recommendations

for future work are finally presented in chapter 8.



Chapter 2

Literature Review

In general, the dynamic characteristics of a road vehicle may be described in terms of its ride comfort,
performance characteristics and handling behaviour [7]. The formulation and analysis of the dynamic
behavior of a vehicle with PSS require essential fundamental knowledge of various relevant subjects.
These include inputs to a vehicle system from the road and driver’s operation, the tire and ground
contact mechanism, suspension design, ride comfort evaluation, handling control principle, vehicle
stability requirement, and the vehicle modeling and simulation. The background materials related to

these fields are reviewed in this chapter.

2.1 Automotive Suspension Design

The suspension design of a ground vehicle and its properties strongly influence a wide range of
performance of that vehicle. Consequently, the suspension design plays a pivotal role in the dynamic
performance of vehicles. The design of a road vehicle’s suspension system is quite complex, since
vehicles inevitably encounter a wide range of road conditions involving various surface roughness
and discontinuities, loads and speeds. The ride and handling measures impose conflicting
requirements for the suspension design [8, 9]. For a conventional vehicle, a soft and lightly damped
suspension is desirable for attenuation and isolation of continuous vibrations arising from random
road excitation. However, the interaction of the vehicle with abrupt road irregularities, such as bumps
and potholes, requires relatively higher damping to suppress the induced oscillation. Satisfactory
handling and directional control, on the other hand, require relatively hard and damped suspension
[7]. The conventional suspension designs attempt to achieve a satisfactory comprise among these

conflicting requirements.

The major objectives of the passenger vehicle suspension design were summarized by Sharp and
Crolla [10]. The fundamental issues for heavy vehicle suspension design were reviewed by Cole [3],
and the achievements in vehicle suspension design were presented by Ammon [11]. It is believed that
ride comfort, suspension working space, road-holding capacity, directional controllability and
stability, rollover stability, yaw stability, energy consumption, braking and traction are the main
design criteria for a suspension system [3]. As discussed previously, these criteria impose conflicting
requirements upon suspension design. Over the past several decades, a great deal of effort has been

devoted to improving suspension design. Considerable improvements have been achieved through the
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application of control techniques, which have been used in the development of controllable
suspension systems, such as active and semi-active suspension systems [12-14]. Optimization was
also widely carried out in vehicle suspension tuning to address many objectives and obtain a good
compromise among the design criteria [15-18]. Advanced materials, such as electro rheological (ER)
and magneto rheological (MR) fluids, were also used in the suspension system to achieve good
stiffness and damping characteristics. New suspension mechanisms and configurations were also
proposed to improve ride quality, enhance vehicle stability and reduce fuel consumption. Tilt side-
view arrangement of suspension strut [2], as mentioned previously, is an attempt to improve the
longitudinal ride quality. Maclaurin [19] developed a compound strut and planar six-bar linkage
suspension to reduce kingpin axis offset and enhance control of camber angle change. To save the
design space under the vehicle body, Carpiaux proposed an in-wheel suspension in which the spring
and dampers are compact within the wheel rim [20]. It is notable that few of the published studies
attempt a fundamental evaluation of the design alternatives. To date, research in the area has tended
to focus on understanding and developing a single concept rather than on re-envisioning whole

suspension design options.

According to [1], vehicle suspensions can be divided into three categories: (i) rigid axle
suspensions with a rigid connection of the two wheels to an axle;(ii) independent wheel suspensions,
in which the wheels are suspended independent of each other; and (iii) semi-rigid axle suspension, a
form of axle that combines the characteristics of rigid axles and independent wheel suspensions.
Among these suspensions, independent suspensions are the most widely used and well developed for
ground vehicles as they can provide independent wheel motions, reduce the unsprung mass, and
provide the possibility to lower the vehicle mass center, thereby improving the vehicle’s stability [1].

2.2 Vehicles’ Ride Comfort and Ride Dynamics

2.2.1 Ride Comfort Evaluation

The ride quality of a vehicle is concerned with the sensation of the passenger in a moving vehicle and
is related to the vibration excited by the road surface irregularities. This vibration affects both the
health and comfort of the vehicle’s passengers. Numerous studies have been conducted in an attempt
to establish ride comfort limits in terms of magnitude and frequency contents of vehicular vibration.
The vibration exposure guidelines defined in ISO 2631 have been widely used to evaluate vehicle ride

quality [21- 23]. Frequency weighted root-mean-square (RMS) acceleration is the basic evaluation
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method provided by ISO 2631 and is frequently employed in vehicular ride quality assessments [17,
23]. 1SO 2631 also provides additional vibration evaluation methods when the basic method is
insufficient, such as the running RMS method and the fourth power vibration dose value (VDV)
method. Running RMS method takes into account occasional shocks and transient vibration by use of
a short integration time constant. VDV method is more sensitive to peaks than the basic evaluation

method. VDV sometimes is used in vehicular ride evaluation [15, 23].

The Society of Automotive Engineers’ manual describes the vertical vibration comfort limits for
road transportation systems in relation to Janeway’s comfort criterion, which is based on the data for
sinusoidal vibration of a single frequency. This comfort criterion specifies the limits in terms of peak
jerk, which is referred to as the third order derivative of displacement with respect to time, peak
acceleration and peak velocity, as [24, 25]: peak jerk not greater than 12.6 m.s™ for frequency not
greater than 6 Hz; peak acceleration not exceeding 0.33 m.s for frequency greater than 6 Hz but not
exceeding 20 Hz; peak velocity not exceeding 0.0027 m/s for frequency in the range of 20 ~ 60 Hz.
These limits can be used to establish the comfort zone in terms of peak acceleration responses as a
function of the frequency. It is evident from this function that the human body is most sensitive to
vertical vibrations in the 4 to 8 Hz frequency range [25]. This can serve as one of the design
requirements for the vehicle suspension system. Extensive studies have shown that the body or sprung
mass natural frequency of bounce motion is around 1Hz for modern vehicles and the unsprung
bounce natural frequency is about 10Hz. This confirms that the natural frequency is outside the

frequency range to which the human body is most sensitive.

The ride diagram is another ride comfort evaluation method proposed by Strandemar and
Thorvald [26] as a novel method for truck ride evaluation. The basic idea is to separate the transient
accelerations from the stationary vibrations in order to present a more complete image of the nature as
well as the severity of driver vibrations. This is done using an algorithm where the acceleration time
history is divided into segments based on sign changes in the time derivative. The segments are then
classified as either “transient” or “stationary” segments, depending on whether peak-to-peak changes
exceed the RMS value of the entire measuring period. The root mean square value of each segment is
computed and the values in each category are summed to obtain a “transient” value and a “stationary”

value.

Rauh [27] summarized the development of ride comfort and handling for advanced passenger

vehicles. Most of the reported literatures only took into consideration the vertical vibration in the ride
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comfort assessments, although 1SO suggests that vibrations along multiple axles should be taken into
account [21, 28]. Recently, attention has been paid on the role of the vibrations in the non-vertical
directions in the passenger comfort. Attempts have been made to reduce the longitudinal vibration
transmitted to passengers [2, 29]. However, these attempts are very preliminary and no significant

improvement has been reported.

2.2.2 Road Irregularity Description

Since vehicular vibrations influencing ride comfort are mainly induced by the road surface
irregularities, it is necessary to establish the description of a road profile as an input in the ride
comfort evaluation of automobiles. Road irregularities are described in terms of the elevation profile
along the wheel path. For in-plane vehicle vibrations, road irregularities can be exhibited in the form

of either isolated abruptness or distributed random unevenness.

Isolated road abruptness refers to bump and pothole, and is always described by a half-
wavelength sinusoidal function with respect to the position along the road. This description plays an
important part in the study of vertical vibration for a vehicle system. A single road obstacle can
induce not only tire-ground impact which is very damageable to vehicle components and annoying to
passenger’s comfort, but also can induce roll motion and disturb the vehicle moving direction.
Therefore, such a type of road irregularity is frequently used in the optimization of suspension
configuration design [18], control design [18], ride comfort studies [30] and roll stability investigation
[52]. The excitation frequency of the sinusoidal description is proportional to the vehicle forward
speed and inversely proportional to the wavelength. The profile in terms of the elevation of a road

obstacle is expressed mathematically as [25]:
1=17, sin(27” X)=2, sin(%zvt) (2.1)

where z is the elevation of the road surface at an arbitrary position (x); Z, is the amplitude or height; 1

is the wavelength of the obstacle; and v is the forward speed of the tire.

While the road profile description in the form of an isolated irregularity could provide a basis for
comparative evaluation of various designs, it could not serve as a valid basis for studying the actual
ride behavior since surface profiles are rarely of simple forms. With the improvement of measurement
technologies, more and more in-dept studies of road profiles have been undertaken by both on-road

measurements and theoretical studies [31]. The random characteristic of road surfaces is believed to
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be statistically stationary; therefore, the characteristics of an entire road can be represented by a
portion of the road surface [7]. The statistic properties of the surface profile in a vertical plane are
often assumed to be the same as those in any parallel plane. In other words, the random characteristic
is ergodic [7]. These two points can simplify the description of road profile significantly. One of the
most widely used road representations is the Power Spectral Density (PSD) function, which plots
road unevenness amplitudes versus spatial frequency. In vehicle dynamic studies, there are many
approaches defining the PSD of road profiles [7, 25, 32]. The most popular and most easily
understood approach is given by Wong [7]. ISO provides a standard of classification of road
roughness in terms of PSD, such as very good (A), good (B) and average (C) road classes. Road
profile measurement is a fundamental approach to acquire the necessary data for vehicle dynamics
investigation, and therefore is frequency conducted by the research institutes and automotive industry
[31, 33].

The representation of road roughness by PSD is readily used in ride studies in the frequency
domain [17, 18]. However, this kind of description cannot be used in the time domain when random
input is necessary. Approaches for generating a sample of random inputs in terms of profile elevation
are proposed in [15, 34, 35]. Modeling and simulation using generated random road profiles as input

can provide a relatively intrinsic understanding of the vehicle dynamic behaviors.

2.2.3 Vehicle Modelling

Computer modeling and simulation play an important role in the study of vehicle dynamics. A great
number of models, from simple to complex, have been proposed to investigate vehicle dynamic
behavior. The vehicle models integrate various components of the vehicle, namely, the vehicle body
or chassis, wheels and the suspension system. The reported models also range from simple one-

dimensional (1-D) model representations to highly complex three-dimensional (3-D) formulations.

Despite extensive use over many years, the two-mass quarter-car model continues to be a useful
tool for understanding the basic vibration behavior of vehicle suspensions. In the present, a quarter-
car model is frequently used in suspension control design [13, 36, 37], comfort evaluation [38] and
suspension parameter optimization [18]. The quarter-car model can be used to study the basic
vibration characteristics of a vehicle, such as natural frequency and mode shape, and to predict the
bounce response for both the chassis and wheel. However, this model is too simple to predict the real
response of a car to road excitations in non-vertical directions. Coupling between left and right, and

front and rear wheels cannot be investigated by quarter-car models.
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Half-car pitch plane models with either 2-DOF or 4-DOF have been widely used to investigate
vehicle pitch dynamics. The 4-DOF half-car pitch plane model can predict the bounce response of the
wheels and chassis as well as the pitch response of the chassis [39, 42], while the 2-DOF half-car
pitch plane model can only predict the pitch and bounce response of the chassis [25]. Because the
reported studies state that the human body is more sensitive to pitch motion [7], ride comfort
evaluation based on half-car pitch plane models may result in an assessment that more accurately
reflects the feeling of the human body. High order half-car pitch models were also occasionally
reported in the literatures. A 7-DOF model proposed by Steven and Liu [40] takes into account the
vertical, longitudinal and pitch motions of sprung mass, the vertical and spin motions of the front and
rear wheels. This model was used to carry out vehicle suspension and performance evaluation.
Another 7-DOF model proposed by Ju and Lin [41] takes into account the vertical, longitudinal and
pitch motions of sprung mass, the vertical and longitudinal motions of the front and rear wheels. This
model was employed to analyze vehicle-bridge dynamic interactions due to vehicle braking and

acceleration.

Single-track or bicycle yaw-plane model is another type of half-car model used to study the
handling performance of a vehicle [43, 44, 45, 46]. The simplest yaw-plane half —car model is a 2-
DOF handling model in which the lateral and yaw motions are taken into account on the assumption
that the vehicle forward velocity is constant or the longitudinal acceleration is very small [43, 44, 47].
The commonly-used vehicle model for handling study has 3 DOFs. Such a model can account for the
longitudinal, lateral and yaw motions of vehicle [45, 48], but neglects the tire mass (unsprung mass)
and cannot model the relative longitudinal motions between the chassis and tires of a PSS vehicle.
The effect of suspension property and the roll motion on the handling performance is also neglected.

A great deal of effort has been devoted to developing complex models. Bouazara et al. proposed a
3-D full-car model to study vehicle safety and comfort, in which the vertical, pitch and roll motions
were taken into account [49]. The finite element (FE) approach was employed to develop a full-car
model in which the chassis is regarded as a plate. High frequency vibrations can be investigated using
such kind of models; however, the computation cost is very expensive because of the large scale of
DOFs [30]. Kim and Ro proposed an accurate full-car ride model using model reducing techniques
[50]. This approach involves linearization of a full-car multibody dynamics (MBD) model to obtain a
large-order vehicle model. In order to simplify the simulation, the states of the model are divided into

two groups (i.e. ride and handling) depending on their effects on the ride quality and handling
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performance. The singular perturbation method is then applied to reduce the model size. Most models
focus on the vertical motion in ride comfort studies; however, fewer models take longitudinal motion
into account. As an exception, S. L. Koo et. al. [51] developed a simple longitudinal vehicle model to
study the effect of longitudinal dynamics on ride quality. In this model, a fixed pitch center is

assumed such that the vehicle body has a pure pitch motion with respect to the unsprung mass.

The simple full-car model is a 6-DOF model which neglects the effect of wheels and suspension
systems [52, 53]. An 8-DOF model, which has 4 DOFs for the chassis velocities (longitudinal, lateral,
roll and yaw) and one DOF at each wheel representing wheel spinning dynamics [54, 55,56], ignores
the effect of suspension and wheel mass. The most upper order full-car model reported in literatures is
the 14-DOF model which can predict vehicle pitch and heave motions [57, 58, 59], but cannot model
the relative longitudinal motions between the chassis and wheels. Up to date, it is difficult to find an
analytical full-car model in the reported literatures which takes into consideration the effect of the
suspension longitudinal compliance although some commercial software package such as Adams/car
has such a function. An important point should be mentioned is the introduction of roll center in the
development of full-car models. While very few models do not contain the roll center [57], most 14-
DOF full-car model take into consideration the effect of vehicle roll center [58, 59, 60]. Recently,
with the development of computational technology, the commercial software packages based on
multibody dynamics, such as Adams, MapleSim, CarSim and MotionView, have continuously
developed for vehicle dynamic modeling and simulation. These packages provide more accurate and
fast tools for the wvehicle dynamics investigation, and thus widely used in the research and
development of auto-industry [61-65].

In the modeling and simulation of vehicle dynamics, an issue regarding non-linearity is often
involved, regardless of the type of model used. Non-linearity mainly arises due to the damping
element in the suspension system and the tire-ground contact. However, other factors, such as friction
and elasticity in the compliance and linkage of suspension, may also induce nonlinearity. As one main
improvement, advanced control technologies are applied to the vehicle suspension system to satisfy
the conflicting design requirements. For example, the damper is always designed such that it has a
large damping coefficient in the extension stroke but a small damping coefficient in the compression
stroke [66]. Also, dampers usually exhibit piecewise linear behaviour [25]. Such nonlinearity should
be taken into consideration by using an appreciative model when high simulation accuracy is

required.
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2.3 Pitch Dynamics of Automobiles

While the bounce and roll dynamics of passenger vehicles have been extensively reported in the
literature, relatively few studies have explored the pitch dynamic responses. The lack of a significant
amount of study in this area may be due to the relatively small wheelbase of passenger cars. However,
it is reported that the human body is more sensitive to pitch motion than bounce [7, 67, 68]. To a great
extent, the pitch motion of a vehicle significantly influences the entire dynamic performance, which
includes the ride, handling, suspension stroke and dynamic tire loads. This level of influence is
partially attributed to the coupling between the vertical and pitch motions. Furthermore, the pitch
motion can cause longitudinal dynamic motion of the vehicle in cases where the mass center of
chassis is not located at the middle point of wheelbase. Passenger cars are generally designed to
achieve a front/rear load distribution ratio and dynamic index (k?/ab) close to unity [7, 67], where k is
the radius of gyration of the sprung mass in pitch, and a and b are the longitudinal distances from the

center of gravity (c.g.) to the front and rear wheel centers, respectively.

Wheelbase filtering is a unique phenomenon of vehicle pitch dynamics and is an important topic
in frequency domain study. Wheelbase filtering refers to the correlation between front and rear
excitation, which has received a significant amount of attention in vehicle pitch studies [21, 39, 68].
Wheelbase filtering takes place when a two-axle vehicle follows a path and both sets of wheels (i.e.
front and rear) pass over the same road unevenness but at different times. The excitation of the rear
wheel is the same as that of the front wheel but there is a time delay that is proportional to the
wheelbase and inversely proportional to the speed. To minimize pitch motion, it has been suggested
that the equivalent front and rear suspension should be designed such that the natural frequency of the
front end of the vehicle is slightly smaller than that of the rear end [7]. This smaller natural frequency
at the front end would ensure that both ends of the vehicle move in phase within a short time after the
front end is excited and the vehicle merely bouncing. The study conducted by Sharp [39] illustrates
this point. Sharp’s results indicate that any pitching excited by the front axle input is largely cancelled
by the response to the rear axle input at high speed.

Pitch dynamic study plays an important role in vehicle design activity due to the use of
suspension tuning for minimizing motions in pitch. Sharp [39] stated that such tuning can bring a
marked advantage in pitch suppression with very little disadvantage in terms of body accelerations.

Odhams and Cebon [69] performed a tuning of a pitch-plane model of a passenger car with a coupled
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suspension system. The results of this work implied that pitch tuning can lead to optimal suspension

parameters that can suppress pitch motion.

2.4 Handling and Directional Stability

The handling performance of a ground vehicle refers to its response to a driver’s steering commands
and environmental inputs. The driver’s steering commands are in the form of the tire steering angle,
which is controlled by the steering wheel and other mechanisms. Environmental inputs involve the
lateral force exerted on the vehicle by wind and road disturbances. There are two basic issues in
vehicle handling: directional control and directional stability. The first issue concerns the vehicle’s
response in terms of yaw velocity and lateral acceleration to the steering input. The second issue

refers to the ability of a vehicle to stabilize its direction of motion against external disturbances [7].

Directional control concerns the motion response of a vehicle to the driver’s maneuvering. There
has been a great deal of studies into the vehicle’s handling characteristics under steady-state
conditions [70, 71] and in transient periods [72-76]. The understeer coefficient, K, is an important

variable used to describe the steady-state handling characteristics and defined as:

- Wi W,

us Cle C

(2.2)
ar
where W; and W, are the front and rear vertical wheel loads, respectively; C,-and C,, are the front and

rear concerning stiffness, respectively.

There are three types of behaviors associated with steady-state handling characteristics: (i)
understeer with an understeer coefficient greater than zero; (ii) neutral steer with an understeer
coefficient equal to zero; and (iii) oversteer with an understeer coefficient less than zero. Among
these three types of behaviors, oversteer is the least desirable from the directional stability point of
view. It is considered desirable for a road vehicle to have a small degree of understeer up to a certain
level of lateral acceleration (such as 0.4g) with increasing understeer beyond this point [8]. A
handling diagram is a well-known tool for evaluating steady-state handling characteristics using the
slope of the curve which is associated with the understeer coefficient. Frendo et. al stated that such a
definition of understeer coefficient may be inadequate, and proposed a new concept of handling
surface together with a new definition of understeer gradient, which is the gradient of the handling
surface and therefore, a vector [48]. Specific values of K, may be calculated by the dot product of w

and t, which represent the understeer gradient vector and the direction vector of a specified handling
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curve, respectively [48, 77]. The reported study shows that the roll motion can induce the lateral
wheel load transfer and, therefore, can influence the understeer coefficient due to wheel load transfer
causing nonlinear lateral wheel forces [48]. Chu and Jones proposed a criterion to demonstrate how
handling behavior is changed in the high lateral acceleration region. This criterion accounts for the

effect of roll stiffness ratio, tire cornering stiffness and tire property coefficients [74].

Transient response characteristic is another major interest in handling studies. It is referred to as
the period between the application of the steering input and the attainment of steady-state motion. The
desired transient behavior is that the response approaches the steady-state motion within a minimum
time and oscillation. The study of the transient handling response requires an appropriate vehicle
model. A popular model is a half-car bicycle handling model in which it is assumed that the two tires
in the front and the rear have same properties [78]. This model can provide a basic understanding of
the transient response of vehicle motion to the steering input, but cannot account for the wheel load
lateral transfer and the influence of roll motion. A more realistic vehicle handling model generally
includes: a handling model to predict handling responses, such as lateral acceleration and yaw
velocity; a tire model to predict lateral and longitudinal tire force; and a vehicle model to model the
vehicle motions necessary to predict the force terms [48, 77]. However, such a model can be highly
nonlinear and prohibitively expensive in computational cost. Another approach to investigate the
transient handling response is handling tests. The objectives of these tests in the majority of the
reported literature focus on the yaw rate and lateral acceleration response to step or sinusoidal
steering input. Handling tests were also conducted by some researchers to identify physical
parameters, such as concerning stiffness, which are difficult to obtain [79].

Another issue is directional stability, which concerns the ability of a vehicle to return to its
original state after a short perturbation. It can be demonstrated that a vehicle is always directionally
stable when it has understeer characteristic; however, when in the state of oversteer, the vehicle is

directionally stable only when the speed of the vehicle is under a critical speed [7].

A few studies in frequency domain have been reported on vehicle handling performance [61, 98,
99]. Starkey [98] conducted a frequency domain investigation to study the effect of vehicle design
parameters on the handling response characteristics. Xia and Law [99] performed a linearized
analysis of handling qualities to investigate front wheel and four wheel steering handling behaviour.

All these reported frequency analysis of vehicle handling behaviour is based on the assumption that
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the front and rear tires are rigidly attached to the chassis and cannot move backward and forward with

respect to the chassis.

2.5 Tire Modelling

Tires are key components of a vehicle and function to support the vehicle body; cushion the vibration
and shock from the road surface irregularities in cooperation with suspension; and generate driving,
braking, and lateral force and moment for cornering. Most vehicle tires are pneumatic tires, while
some are solid. With the exception of the aerodynamic force applied to the vehicle body at high
speed, all external forces and moments are generated by tire-ground contact. Therefore, an
appropriate and effective tire model for the description of tire-ground interaction is crucial in the
vehicle dynamic modeling and simulation in order to obtain accurate simulation results. Rauh and
Mdossner-Beigel [92] presented an overview on the most challenging tasks of today and tomorrow for
tire simulation success in complete vehicle environments. Lutz et al. summarize the tire modeling
requirements and model categories [78]. The selection of a tire model is dependent on the purpose,

condition or assumption and accuracy requirement of the simulation.

The interaction between a tire and a road mainly refers to two aspects. One is the elastic
deformation which contributes to the tire-ground contact force passing through the tire center. An
appropriate approach to model this aspect of tire-ground interaction is the fundamental of durability
analysis [80, 93]. When tire runs on a flat road, the contact force only has a vertical component.
When tire runs on an uneven road, the contact force has a vertical and a longitudinal component.
Another aspect is the tire-ground friction which contributes the lateral and longitudinal friction forces
when a relative slip exists in the contact patch. The tire-ground friction forces are attributed to
hysteresis and adhesion according to [67]. An accurate prediction of the friction force is the basis of
vehicle performance and handling study.

In the modeling of tire-ground interaction due to elastic deformation, a linear point tire-ground
contact model is simple and widely-used in ride comfort studies. This model assumes that the vertical
tire load is proportional to tire deflection. However, the linear point tire-road contact model cannot
predict the contact force in the longitudinal direction when the wheel passes over uneven roads.
According to drum tests and computer simulations, tire elasticity is non-linear. The tire-ground
contact patch can also develop non-vertical components in case of the existence of road

discontinuities. The linear point model is inaccurate for short wavelength road unevenness. Therefore,
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many kinds of in-plane nonlinear tire models have been proposed [81-85]. The radial spring tire
model is a frequently used nonlinear model that assumes that the tire deflection only occurs in a radial
direction and does not account for shear deformation along the circumferential direction [97]. This
model can predict the vertical and longitudinal contact force with good accuracy [81], but cannot
account for other important factors, such as air pressure of a pneumatic tire and shear deformation in
a tangential direction. The rigid ring tire model has a low computational cost and takes into account
air pressure and side wall stiffness. It can be used to simulate tire-ground contact in cases of short
wavelength unevenness. However, this model needs the effective road plane elevation, effective
forward slope of the road plane and the effective rolling radius as inputs [82]. These effective values
are not easily obtained in the case of road irregularities. The flexible ring tire model does not require
the above mentioned effective inputs in advance, but it is very time-consuming in computation [82].
Other in-plane tire models were also developed. Harth proposed an in-plane tire-obstacle interaction
model based on the assumption that the vertical tire behavior depends fundamentally on air contained
in the tire, while other factors, such as tire structure, bending membrane effect, etc, are negligible
[83]. Kim et al. developed a two-dimensional tire model that is composed of a rigid ring, a 6-DOF
spring/damper element, a static circular beam, and residual springs in the radial direction [84]. This
model can be used for ride or impact simulations as well as for general handling simulations;
however, it requires a number of parameters which are not easily verified. The FE model was also
developed to account for tire behavior in the vertical plane [85].

The second aspect in tire modeling is how to predict friction forces. Generally, the friction can be
only along the longitudinal direction in braking and traction operation, or along both the longitudinal
and lateral direction. It is a tough task to simulate the tire-ground adhesion or friction behaviour.
Through the decades, numerous tire-ground friction models have been proposed [86- 88]. A very
popular theory states that the relationship between tractive (or brake) effort and slip (or skid) is linear
when there is a small slip (or brake skid) but non-linear when the slip (or skid) exceeds a critical
value. This theory is presented by Wong [7] in Theory of Ground Vehicles. Another popular model is
the Magic Formula presented by Pacejka [88, 89]. This model is actually an empirical formula used to
describe the relationship between longitudinal/cornering forces and slip (skid)/cornering slip angle.
The short wavelength intermediate frequency tire (SWIFT) model is another famous model that can
predict the longitudinal slip force [90]. This model features a rigid belt ring in cooperation with the
Magic Formula. Gipser [91] developed a flexible ring tire model (FTire), which is widely used and

generally accepted today for ride comfort, handling, and road load prediction. This model mainly
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serves as a sophisticated force element in multi-body systems (MBS) and finite element (FE)
environments and can be used to predict the vibration along all three directions up to about 150 Hz
[91]. However, most of these models are essentially static models and only represent rather artificial
“curve fitting” procedures to experimental data, but do not interpret the physiological phenomena that
give rise to the friction forces and moments. The literature implies that the steady state condition is
rarely true in reality, especially when the vehicle passes through continuous successive states during
cornering and acceleration/braking maneuvers. Dynamic models, on the other hand, can capture
transient effects and are of interest when a vehicle is under large variations of states. Thus, a number
of dynamic tire-ground friction models have been proposed [86, 87], but few of them are reported to
be applied in the vehicle dynamics simulation. Among these models, the 2D Average Lumped LuGre
model, in which the distribution properties of a normal contact force in the contact patch is taken into
account, is a good representative. This model is proposed recently by Velenis et al [87] to describe
the longitudinal/lateral friction forces between tires and ground with good accuracy and less

computation-cost in the dynamic state.

In this chapter, the necessary background for the vehicle dynamics study is reviewed. From next
Chapter, the dynamic study of a vehicle with planar suspension will be carried out with different

models, from a simple quarter-car model to a complex full-car model.
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Chapter 3
Study of Ride Dynamics

3.1 Overview

The ride dynamics of a ground vehicle deals with the vibration excited by road surface irregularities
and its effect on passengers. As discussed in the previous chapter, the ride comfort evaluation
methods provided by ISO 2631 state that the human body is sensitive to vibration acceleration and
frequency [28], which are usually obtained by either computer simulation or real-time measurements.
Simulation models have evolved from simple models, such as a quarter-car model, to complex ones,
such as full car and FE vehicle models. Among these models, the quarter-car model continues to be a
useful platform for understanding the basic vibration behavior of a vehicle and for evaluating the ride
comfort [13, 36-38].

The unigue mechanism and configuration of a PSS system have a special feature of the
longitudinal connection. It can be expected that the ride dynamics of a PSS vehicle can be quite
different from that of a conventional vehicle. Therefore, the ride dynamics of a vehicle with PSS will
be preliminarily investigated using a quarter-car model. The commonly-used quarter-car model
cannot predict the motion in vehicle heading or longitudinal direction and, therefore, cannot be
applied to the modeling of a PSS vehicle directly. A new planar quarter-car model with 4 DOFs is
therefore proposed to predict the motion responses in both the vertical and longitudinal directions.
The ride dynamic study will be conducted in both frequency and time domain. The results of this
study will be compared with those of a conventional vehicle.

3.2 Analysis and Comparison with a Conventional Vehicle in the Frequency

Domain

In this study, the model is based on the front part of a mid-size conventional passenger car, as
described in reference [25], and its parameters are listed in Table 3-1. The suspension vertical
elasticity of a PSS system is identical to that of a conventional vehicle so that the vertical dynamics of
the two types of vehicles are similar. To provide a good capability of vibration isolation as well as to
satisfy work available space requirement under some conditions such as hard braking, the

longitudinal springs are designed with such a characteristic that it is softer when the spring deflection
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is small while it is stiff when the spring deflection reaches a certain value, for example, 5~6 cm. The
suspension longitudinal force is determined by the following equations:

Ko .3
F=—2Ax+k Ax (3.1)
12 0
r
2
k=9 g [ A Lk (3.2)
dAx 0 dr 0

where k is the dynamic spring stiffness which is state-dependent, and 4x is the spring deflection; d; is
a parameter to control the upper bound of the spring deflection; k, is equal to the corresponding
vertical spring stiffness (ks) of a planar suspension system, and F is the spring force. Figure 3-1
illustrates the nonlinear spring characteristics with ko = 20 kN/m and d, =5 cm.

Table 3-1: Parameters of conventional vehicle (mid-size car) [253]

Total Tire Suspension vertical Suspension damping Tire Tire
Mass Mass (kg) stiffness ks (KN/m) coefficient cs (KN.s/m) stiffness dampl_ng
(kg) | Front | Rear | Front Rear Front Rear ke (KN/m) coefficient
! ¢y (KN.s/m)
1150 | 57/2 | 47.6/2 | 35.7/2 23.8/2 3.311/2 2.207/2 175 0.5
Mownlingar — — Lméarl

-0.2 -0.1 0 0.1 0.2
Deflection Ax{m)

Figure 3-1: Nonlinear longitudinal spring characteristics
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3.2.1 Quarter-Car Vehicle Model

In this study, a planar linear quarter-car vehicle model combined with a linear point tire-ground
contact model is firstly proposed for the frequency domain study. The vehicle system is modeled as

two independent subsystems in the vertical and longitudinal direction.

The proposed linear quarter-car model is illustrated in Figure 3-2. The vehicle chassis is modeled
as sprung mass, which includes the mass of wheel axle. The wheel is represented by unsprung mass.
Sprung and unsprung masses are connected by a vertical spring-damping element (ks, ¢;) and
horizontal spring-damping element (ks, cls). The tire-ground contact is modeled as an unsprung
spring-damping element (k,, ¢,). The longitudinal connection between the tire and external excitation
is assumed to be very rigid and is represented by a very stiff spring element (k). It is assumed to be
10 MN/m. The quarter-car model is formulated as a 4-DOF dynamic system including: the bounce
(zs) and the longitudinal motion (x;) of the chassis (sprung mass), and the bounce (z,) and the
longitudinal motion (x,) of the wheel (unsprung mass).

| v
i S
Sprung Mass = ¥

fesce %% = =T | 1

—-p--“u

(a) (b) (c)

Figure 3-2: Quarter car model with PSS suspension

This study assumes that this quarter-car model (Figure 3-2(a)) is a superposition of two
independent systems (Figure 3-2 (b) and (c)). There is no coupling between the two independent
systems. This assumption is only used for comparison between a PSS vehicle and a conventional
vehicle. The nonlinearity of the longitudinal suspension imposes a difficulty on the frequency
analysis. In order to overcome such a difficulty, the longitudinal spring is linearized at the point

where there is no longitudinal deflection. The longitudinal stiffness at this point is k,, which is
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assumed as same as the vertical stiffness. The system represented by Figure 3-2 (a) thus becomes a

linear system.

The equation of motion for the vertical motion is as follows:

m, 0 |[Z c, —C ||z ke, -k [z 0. 0
Lt ot = Z,+ z, (3.3
0 m,||Z —C, C,+¢C, ||Z, -k, ki+k, ||z, C, K,

And the equation of motion for the longitudinal motion is as follows:

m 0 5(.s Cis —Cy Xs kls _kls XS 0], 0
ot St = X, + X, (3.4)
0 m, 1% —Cs G +Cy | (X _kls kls + kIu X, Cy kIu

where z, and X, are the vertical and longitudinal components of the road excitation, respectively, and

are assumed to be independent with each other. In equation (3.4), the damping coefficient, ¢, is zero.

3.2.2 Analysis of Response to Frequency Input

The transmissibility (gain) is defined as the ratio of the magnitude of response to the magnitude of
road excitation. The derivation of the transmissibility will take the vertical motion for example. The
transmissibility for longitudinal motion can be obtained in the same way. The transfer function,

taking the vertical direction as example, can be derived from equations (3.3).

Equation (3.3) can be re-written in the following form:
MZ +CZ +KZ =Z, (3.5)

where M, C and K are mass, damping and stiffness matrix, respectively, and Z is the response vector

and Z, is the input vector. Assuming the road excitation is sinusoidal, i.e. z,e"”, then Z, can be written

Z 0 4 0 z 0 2. (3.6)
e, | k| |iete, +k, | °

The following equation can then be obtained from equation (3.5):

as:

0

-1
I i
Z(a))—l: 1) M+|a)C+K} {ia)tCquku

:I z,(w) =Hz,(w) (3.7)
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where H is the displacement response transfer function matrix. The transfer function for acceleration

response is as follows:
_ 2
Hacc (w) =—w“H(w) (3.8)

In fact, the proposed model and analysis method can also be applied to a conventional vehicle
because there always exists a longitudinal connection (i.e. trailing arm or joints) between the
suspension and the chassis, as shown in Figure 3-3. This type of connection is always implemented
by joints with robber bushings, which can transmit longitudinal motion and forces, and can be treated
as a longitudinal spring element with a very large stiffness. The reported studies state that, for a
conventional suspension, the longitudinal stiffness, which is provided generally by bushing stiffness,
is approximately 20~50 times that of the suspension vertical stiffness [95, 96]. The value of ki for the
conventional vehicle is assumed to be 30 times that of the vertical one in the present study. The
longitudinal damping for the conventional vehicle is due to the rubber elements and friction in the

linkages. Its coefficient is assumed to be 2 kN.s/m.

Joint Connection

Longitudinal direction

Figure 3-3: Conventional vehicle suspension and chassis connection in longitudinal direction

ISO/TC 108 WG9 categorizes roads in several classes according to the degree of road roughness.
Roughness is usually described in terms of its power spectral density (PSD) against the circular
spatial frequency. The circular spatial frequency (in cycle/m) can be switched to a temporal frequency
(in Hz) by multiplying the vehicle speed. The PSD of road irregularities at speed of 60 km/h for class
A, B, C, D are illustrated in Figure 3-4. The effect of speed on the PSD of road irregularity is shown
in Figure 3-5 (class C, average), which indicates that an increase of speed can increase PSD value of

road excitation at the same frequency. The input used in this study is an 1SO class C (average) road.
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Figure 3-4: PSD of road roughness for 1SO class A, B, C and D (60 km/h)
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Figure 3-5: Effect of vehicle speed on PSD of road excitation (Class C, average)
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The chassis vertical acceleration response to Class C (average) road excitation is studied at
different vehicle speeds, as shown in Figure 3-6. The results show that the chassis acceleration
response increases with increasing vehicle speed; this effect is particularly significant at the first
resonant frequency. Due to the same parameters in the vertical direction, the vertical accelerations of

the PSS and conventional vehicles are supposed to be identical.
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Figure 3-6: Chassis vertical acceleration response of PSS vehicle
(Road: class C, average)

Figure 3-7 illustrates a comparison of the chassis longitudinal acceleration response at a
simulation speed 100 km/h. The longitudinal input used here is assumed to be ISO class C road
roughness but the mean-square magnitude is half truncated to 32x10° m? Of course, ISO does not
provide description for the road longitudinal input. The road assumption herein is just for comparison.
As discussed previously, the model to simulate longitudinal motion of a conventional vehicle is the
same as that for the PSS vehicle; however, the parameters used are different from those of the
conventional vehicle. The results show that the response of the PSS vehicle is improved due to the
introduction of a longitudinal spring-damping element between the chassis and wheel. The vibration
along this direction is significantly cushioned, and the first resonant frequency is shifted from about

9Hz to around 1Hz. The peak value at this frequency is reduced significantly. Based on the simulation
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results, it can be concluded that, with the same input, the acceleration response of the PSS vehicle

along the longitudinal direction is much smaller than that of the convention vehicle.
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Figure 3-7: Comparison of chassis longitudinal acceleration response (Speed: 100km/h)
3.3 Time Domain Analysis

3.3.1 Integration of Tire Model to the Quarter-Car Model

Vehicle Model

A 4-DOF quarter-car model, as shown in Figure 3-8, is developed to study the dynamic behavior of a
vehicle equipped with PSS in time domain. The vehicle chassis is modeled as a sprung mass, while
the wheel is represented by an unsprung mass. The sprung and unsprung masses are connected by a
PSS system represented by a linear vertical spring-damping element (ks,, ¢;) and a nonlinear
longitudinal spring-damping element (ki, Ci). The stiffness coupling between the vertical and
longitudinal spring-damping elements is neglected. The model has four degrees of freedom,
consisting of bounces of sprung and unsprung mass (zs and z,), and the longitudinal motions of sprung
and unsprung mass (Xs and x,). The vehicle model interacts with the ground through a radial spring
tire model discussed in the next sub-section. F,, and Fy, are the vertical and longitudinal dynamic
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interaction forces between the tire and ground. In this model, only the translational motions are

considered and it is assumed there is no rotational motion.

The equation of motion for vertical motion is as follows:

Sl Sl el 9
0 m, | (4 —C, G Z, _ks ks Z, -m,g Fb

ZS —-»V

1
Sprung Mass L—= X;

kls, Cis § F:? ks, Cs
u

X, Unsprung Mass
‘ ~
Fbx // \\
/ ) Foz
| Tire Model |
\ /
\ /
N 7
A e T i N

Figure 3-8: Quarter car model with PSS suspension

The equation of motion for longitudinal motion is as follows:

ms 5('s = Fls

3.10
m, 5(‘u = Fbx - I:I ( )

S
where the forces Fy, and Fn, applied on the unsprung mass are calculated based on the dynamic
response of the vehicle model and the tire model at every time instance. Fis is the longitudinal

suspension force, and can be calculated based on equation (3.1) by adding damping as follows:

Fe =%(xu —x.)*+K, (X, = %) +Ce (X, — X) (3.11)

where d, is assumed to be 5 cm in this study.

Tire Model

When a vehicle runs on a non-even road, the road applies a contact force to tires with components in

both the vertical and longitudinal directions. A number of tire-ground contact models have been
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developed for predicting these forces [81, 82, 97]. Among these models, a radial spring tire model is
relatively accurate and with lower computational-cost according to reference [82]. This model is
therefore selected and modified to include damping in this study. The outputs of the contact model are
contact forces, contact patch length and effective tire radius.

The tire-road interaction in the vertical plane is represented by continuously distributed radial
spring-damping elements symmetric to the wheel center. This model takes into account the stiffness
and damping of tires. The road is assumed to be rigid. The tire deformation only takes place in the
radial direction. The shear deformation along the circumferential direction is neglected. As shown in
Figure 3-9, the contact patch is designated by the angle envelop (e, o;). The radially distributed
spring-damping elements are assumed to be linear. The stiffness and damping coefficients of radial
spring-damping element, K; and C; (unit: N/m.rad and N.s/m.rad) are constant and are defined as the
magnitude of force required to produce unit radial deformation of the spring and relative speed
change within unit angle, respectively. The contact force is developed by radial interpenetration of the
tire into the road. The elemental radial deflection, ¢; at an angle «; leads to radial spring force dF, as

shown in Figure 3-9, such that:
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Figure 3-9: Radial spring tire-ground contact model



(3.12)

(C.de.)Av. + (K. da. ). 0. >0
dFE = Tt 1 t 17 i
0 §i <0

where o; is the angle between the vertical centerline of wheel plane and an arbitrary contact point
within the contact patch, and de; is a small angle infinitesimal at angle o;. Av; is the relative speed
between two ends of the spring-damper element. For an instantaneous i radial spring-damping

element, the elemental radial deflection or tire-road overlap ¢; can be expressed as:

0, =R- R, (3.13)
cos ¢,
where R is the nominal tire radius and R, is the effective rolling radius of a loaded tire
R.=R+1z,-17; (3.14)

where z, is the displacement of the tire center or the unsprung mass and z; is the road elevation of an
arbitrary contact point within the contact patch.
The term Av; in equation (3.12) represents the relative velocity between two ends of the radial

spring-damping element. As illustrated in Figure 3-9, it is readily to write:
AV, =(z,;,—12,)c0S¢e,  for constant o; (3.15)

Performing integration over the contact patch (s, o) results in the contact forces in vertical and

longitudinal direction as follows:

F,= J'a' (CAV, +K,5)cosa,de,
(3.16)
Fo=—[ ' (CAv, +K5)singde,

The above equation is valid where ¢; is not less than zero (i.e. does not lose contact). When losing
contact, the contact force generated by the individual spring-damping element is zero. The
relationship between the static wheel load and the tire deflection on a flat road is plotted in Figure 3-
10. This figure shows that the linear point contact model overestimates the wheel-ground normal
contact load for a small deflection but underestimates it for a large deflection compared to the radial-

spring tire model.
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Figure 3-10: Tire-ground vertical static contact force vs. tire deflection

The contact patch length and effective tire rolling radius are needed in the calculation of tire-

ground friction forces. For a flat road, the front and rear contact angles are equal, but their signs are

opposite, i.e,
ar =—af =—at
R-6 R—(z.—-z) (3.17)
a. =cos L 0 _ o5t —
t R R

Equation (3.16) changes to the following form by some manipulations:
sz = 2KtR(sm a, ~a cosat) —C,[zu (cosa, sing, +at)

t t t
FbX =0

The contact patch length and effective tire rolling radius for a flat road can be obtained from the

(3.18)

following equations:

L :2Rsin0¢t
¢ (3.19)
R =Rcosa

e t
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3.3.2 Simulation Results

The model assembly of a quarter-vehicle and tire is employed to simulate the system dynamic motion
when the vehicle passes over a 400 mm long, 150 mm high sinusoidal speeding bump with no driving
force and rolling resistance. The model system has a constant speed before the wheel touches the
bump. The value of sprung mass is assumed to be one quarter of the vehicle excluding the unsprung

mass. Other parameters use the values listed in Table 3-2.

Table 3-2: Parameters for the conventional and PSS vehicles [25]

Total Tire kg Cs kis/Ks Cis ke (ku) ce (cy)
Type R(m)
Mass(kg) | Mass(kg) | (KN/m) | (KN.s/m) | (KN/m) | (KN.s/m) | (KN/m) | (KN.s/m)
Conventional 1150 28.5 35.7/2 | 3.311/2 30 2 175 0.5 0.313
PSS 1150 28.5 35.7/2 | 3.311/2 3.311/2 175 0.5 0.313

Figures 3-11 and 3-12 illustrate the time histories of the displacement and velocity responses with
a simulation speed of 8 km/h, respectively. It can be seen that when the tire passes over the bump, the
bounce motion of the chassis is larger than the bump height while that of unsprung mass is close to
the bump height. The excessive motion at the chassis level is due to the vertical suspension elasticity.
In the longitudinal direction, the slop of the displacement plot starts to reduce when the tire touches
the bump, which means the longitudinal velocity of both sprung and unsprung mass decreases after
the wheel touches the obstacle. This can also be found in the velocity time history as shown in Figure
3-12. The longitudinal velocity approaches a minimum value for both the sprung and unsprung
masses when the wheel-ground contact point is located at the top of the bump. After passing the top
point of the bump, a longitudinal acceleration is obtained and the speed increases. Further study

shows that there exists a critical initial speed below which the vehicle cannot pass the bump.

Figures 3-13 and 3-14 illustrate the time history of tire-ground contact force and chassis
acceleration, respectively. When the tire hits the bump, the chassis experiences a vertical and a
longitudinal contact force, and consequently obtains an upward and a backward acceleration. During
the tire approaches to the top of the bump, the contact forces decrease gradually in both the vertical

and longitudinal directions. The acceleration responses correspondingly decrease to a minimum
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value. After passing over the top of the bump, the tire drops downward and experiences a forward

contact force. As a result, the sprung mass obtains a forward and a downward acceleration response.
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Figure 3-11: Sprung and unsprung mass displacement response of PSS vehicle (speed: 8 Km/h)
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The suspension longitudinal deflection, which determines the design space, is predicted as shown
in Figure 3-15. The results imply that, due to the longitudinal spring between sprung and unsprung
mass in the PSS system, a larger suspension travel space (7cm) is needed and the position of the
wheels will not maintain a fixed point with respect to the chassis, and therefore the wheelbase can

vary with the operation condition.
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Figure 3-15: Time history of suspension longitudinal response (speed: 8 Km/h)

The planar dynamic performance of the conventional vehicle is also investigated and a
comparison between the PSS vehicle and the conventional vehicle is carried out at 20 Km/h. The
parameters of the conventional vehicle are listed in Table 3-2. Figure 3-16 depicts the time history of
the velocity response when passing over the same obstacle. The results show that the velocity
decrease in the PSS vehicle is slightly larger than that of the conventional vehicle after passing over
the same bump. This means that the kinetic energy loss of the PSS vehicle is slightly larger. Such an
energy loss can be related to the longitudinal damping in the suspension system. Meanwhile, the
magnitude of the transient unsprung velocity of the PSS vehicle is much larger than that of a
conventional vehicle, which means the relative longitudinal motion between the chassis and wheel in
the PSS vehicle are more evident than that in the conventional vehicle. The evident relative
longitudinal motion is due to the soft longitudinal stiffhess in the planar suspension system.
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The time history of the chassis acceleration response for both the PSS vehicle and the
conventional vehicle is plotted in Figure 3-17. In the vertical direction, the acceleration response of
the PSS vehicle is smaller than that of the conventional vehicle due to the small passing speed of the
PSS vehicle (see Figure 3-16). In the longitudinal direction, the chassis acceleration of the PSS
vehicle is much smaller than that of the conventional vehicle due to the soft longitudinal connection
in the planar suspension system. The results demonstrate that the shock-attenuation ability can be
significantly improved by the implementation of a PSS. Meanwhile, the planar suspension system can

also improve the vertical ride quality of a vehicle.

For a good understanding of the acceleration response, the dynamic tire ground contact forces are
also predicted and plotted in Figure 3-18. It can be seen that once the tire touches the bumps, the
vertical tire contact force increases rapidly to a peak value, and then starts to drop. This drop of the
PSS vehicle takes place earlier than that of a conventional vehicle. The peak value of the vertical
contact force in the PSS vehicle is slightly smaller than that of the conventional vehicle. This may be
related to the backward relative motion of the wheel with respect to the chassis in the PSS vehicle.
After the wheel passes the top of the bump, the tire loses contact to the road for both vehicles. A time

delay in the contact force response exists in the PSS vehicle compared to the conventional vehicle.
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This time delay may be related to the relatively large longitudinal motion in the PSS vehicle due to

the soft longitudinal stiffness.
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Figure 3-19 illustrates the suspension longitudinal forces of the PSS and conventional vehicles.
As expected, the longitudinal suspension force in the PSS vehicle is much smaller than that of the
conventional vehicle. This has an engineering value that PSS can perform as a main protector of the
vehicle and their suspensions. For instance, one of the most disturbing situations happens in spring
after the frost leaves the ground. A numerous big chunks of pavement creating puddles or potholes
with very aggressive edges may occur. These puddles are very dangerous for the vehicle suspensions
because they damage the alignment of the wheels and bend the suspension components. The PSS can

be used to reduce the effects of the puddles on the vehicle components.

4000 T

—PSsSs
—-=-Conventional ||

2000

-2000

-4000+

-6000+

-8000-

Suspension Longitudinal Force {N)

-10000

K I I 1 I I
1200%.4 3.5 3.6 3.7 3.8 3.9 4

Time (s)
Figure 3-19: Comparison of suspension longitudinal force when passing over the bump

3.4 Summary

In this chapter, a 4-DOF quarter-car model was proposed to carry out a preliminary study of the ride
quality of a vehicle equipped with planar suspension system (PSS) in frequency and time domain.
This model takes into account the vertical and longitudinal motions of the sprung and unsprung
masses. A linear tire-ground contact model was employed in the frequency domain study, while a
radial spring contact model was used to predict the transient tire-ground contact forces in the time
domain investigation. The tire damping neglected in the reported radial spring tire model was added
in this study.
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The dynamic response of a PSS vehicle due to road excitation was investigated and compared
with that of a conventional vehicle. In this study, the simulation parameters were assumed identical in
both the PSS and conventional vehicles except those in terms of the longitudinal suspension
elasticity. The frequency domain study showed that, while the vertical acceleration responses of the
PSS and Conventional vehicles were identical, the longitudinal acceleration responses of the PSS
vehicle was much smaller than that of the conventional vehicle when frequency is below 100 Hz. Due
to the softer longitudinal spring-damping element, the vibration along this direction can be
sufficiently cushioned, and the first resonant frequency is shifted from about 10Hz to around 1Hz.
The peak value at this frequency is reduced significantly. The results of time domain study
demonstrated that the longitudinal acceleration of the PSS vehicle due to an isolated road bump was
much smaller than that of the conventional vehicle. Meanwhile, the vertical acceleration response of
the PSS vehicle was smaller than that of a conventional one. A time delay was observed between the
transient responses of a PSS vehicle and a conventional vehicle. The vehicle speed drop due to the
road bump in the PSS vehicle is slightly larger than that in the conventional vehicle. Based on these
simulation results, it can be concluded that the planar suspension system can substantially improve
the ride quality of an automobile. Particularly, the shock-attenuation ability along the longitudinal
direction can be significantly improved by the implementation of PSS. In addition, the PSS can also
reduce the longitudinal force in the suspension links and joints, and in turn protect these components
from damage.
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Chapter 4
Pitch Dynamics Study

4.1 Overview

Road unevenness can excite dynamic motions in both the vertical and longitudinal directions. It has
been shown that the human body may be more sensitive to pitch motion than to other types of
motions [7]. Few studies have explored pitch dynamic responses in passenger cars. It is expected that
pitch motion plays an important role in ride quality of a PSS vehicle because it couples the vertical
and longitudinal motions. Due to the special mechanisms of the PSS, the pitch dynamics of a vehicle

with the PSS may exhibit some unique characteristics.

In this study, two kinds of pitch plane half-car models are developed to investigate the pitch
dynamics of a PSS vehicle. The first model is a completely linear system with 6 DOFs where the tire-
ground contact is modeled as a linear point contact. The nonlinear longitudinal spring in the PSS is
linearized at a point with zero deflection. This linear model is used to perform the frequency domain
study. The second model is a 9-DOF nonlinear model for the timed domain study, being validated
with an Adams/car model. The nonlinearities arising from the suspension longitudinal strut, tire
deflection and the tire-ground frictions are taken into account. The time domain investigation is
conducted in terms of the responses to a single isolated road obstacle as well as the random road
unevenness. Comparisons between the PSS and conventional vehicles in both frequency and time

domains are carried out.
4.2 Study of Pitch Dynamics in Frequency Domain

4.2.1 Vehicle Model

The frequency domain study is carried out based on a linear 6-DOF pitch plane half-car model, as
illustrated in Figure 4-1. The chassis is represented by a sprung mass, while the two wheels are
modeled as unsprung mass. The sprung and unsprung masses are connected by a planar suspension
system (PSS) represented by a vertical spring-damping element (Kss, Csin) and a longitudinal spring-
damping element (K ¢, Cist (7). The subscripts f and r represent the front and rear, respectively. The
vertical spring-damping element is linear while the longitudinal is nonlinear. The tires are modeled by
linear spring damping elements (Kus), Cufty) @and the tire-ground contact is modeled as a single point

contact, as shown. The motion of the system is described by seven variables: the chassis bounce (z;),
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pitch (¢s) and longitudinal motion (xs), the front wheel bounce (z,;) and longitudinal motion (Xy), the
rear wheel bounce (z,) and longitudinal motion (x,). In the frequency domain study, it is assumed
that the front wheel has a constant forward speed. Among these motions, the front wheel longitudinal
movement is specified by a constant speed, i.e. a kinematics constraint for the front wheel
longitudinal motion is specified and X, is a dependent variable, hence the system has six independent
variables or degrees of freedom. This model neglects the effect of the rolling resistance and

aerodynamic forces.

Zu Ko Ker %I%‘ Kir, Kir | Kit, Kif § I Koty Ks ' Zuf

UnsprL-Jng.Mass - i | Xuf
kLII’! kur % . %ﬁj kufu kuf

Figure 4-1: 6-DOF pitch plane half-car vehicle model

The longitudinal spring in the formulation of vehicle model is linearized at the point where the
deflection is zero, i.e. 4x=0 in equation (3.2). By applying Newton’s second law, the equation of

motion can be written as follows:

MZ+CZ+KZ=F

(4.1)
X

=vt

uf

where M, C and K are the mass, damping and stiffness matrices, respectively,
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¢, +c, cb-c,c —Cy —C,, 0 0 |
¢ b-c,c b’c, +c’c, +h*(c, +¢,) —bc, cc, h( +c,) -hc,
Co —Cy —bc, Cy +Cy 0 0 0
—C,, cc,, 0 C, +C, 0 0
0 h(c, +c,) 0 0 C; +C, —C,
. 0 -hc, 0 0 —C, G |
[k, +k, keb—kgcC —k -k, 0 0 |
k;b—k,c bk, +c’k, +h?(k, +k,) —bk, cky, hk, +k,) —hk,
| bk, k, +k, 0 0 0
-k, ck, 0 K, +K, 0 0
0 h(k, +k;,) 0 0 ki +k, —k,,
0 —hk, 0 0 kK, K,

Z is the system state vector and F is the system input vector. They are expressed in the following

forms:
z2={z, ¢ 2, 7, X X, (4.2)
F= {0 h(clfv + kIf Xuf ) Cuf zof + kuf Zof Cur Z.or + kurzor CIfV + klf Xuf O}T (43)

where zy;) are the road unevenness at the front (rear) wheel-ground contact.

In this study, the parameters for a PSS vehicle and a conventional one are based on a mid-size
passenger car [25] and listed in Table 4-1.

4.2.2 Frequency Domain Response Analysis

It is known that the response of a linear dynamic system to a constant input exhibits a transient
pattern and will eventually die off in the existence of damping in the system, and the system will
reach to a new state of equilibrium. For the frequency analysis, only the dynamic part of the response
is of interest, and hence the static part due to the front wheel velocity and displacement, v and X, can
be neglected. In this frequency analysis, it is, therefore, assumed that the vehicle is not moving. The

input vector expressed in equation (4.3) can be then rewritten as:

uf “of uf “of ur “or ur “or

F={0 0 c,zy +kyZy 2 +k,2 OO}T (4.4)
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Table 4-1: Parameters of a conventional vehicle (mid-size car) [25]

Conventional PSS
Total Mass(kg) 1314 1314
Is (kgm?) 1630 1630
b (m) 1.06 1.06
C (m) 1.44 1.44
ker (KN/m) 23.8/2 23.8/2
kst (KN/m) 35.7/2 35.7/2
Cor (KNS/m) 2.207/2 2.207/2
Csr (KNS/m) 3.311/2 3.311/2
ker, ke (KN/M) 175 175
Cir, Cir (KNs/m) 0.5 0.5
Kistn/Ksf(r) 20
Cis (KN.s/m) 3.00
My (kg) 71.5/2 71.5/2
mys (KQ) 76.4/2 76.4/2
h (m) 0.25 0.25

Note: the parameter, k,, representing the suspension longitudinal property for the

PSS, and the damping are assumed as same as the vertical counterparts.

an insight into the vehicle pitch response characteristics.

Pure Bounce Excitation (z,; = 7, = 2,)

43

In the analysis of vibration transmissibility or, response gain, two special cases are often
considered, i.e, zos = Zor = Z,, Which represents the pure bounce excitation; and z, = - z, = Zo, Which

implies pure pitch excitation. Although these two cases can rarely be seen in reality, they can provide

Pure bounce excitation implies that the inputs at the front and real wheels are completely in phase.

Assuming the road excitation is sinusoidal, i.e, z,"”, equation (4.4) representing the input vector




T .
0 0 iwc,+k . ioc +k 0 0} ze'® (4.5)
uf uf ur ur °

Then the response of equation (4.1) in the frequency domain can be obtained from:
Z(0)=[~&*M +iaC+K] {0 0 iac, +k, iwc, +k, 0 O} z,(w)

or
Z(w)=[H]z,(@)=[H, H, H, H, H; H] z (o) (4.6)

where the elements of H are the transmissibility (gains) corresponding to the individual DOF.

Figure 4-2 depicts the displacement response transmissibility in the case of pure bounce input. It
shows that pure bounce input excites a large chassis bounce motion but small pitch motion.
Resonance occurs at the chassis bounce and wheel bounce natural frequency for vertical motion. Only

one resonance occurs in the longitudinal direction at approximately 1 Hz.

Figure 4-3 illustrates the comparison of the displacement response gain between the PSS vehicle
and the conventional vehicle. As expected, the chassis bounce, pitch and wheel bounce responses are
very close for the two types of vehicles because the suspension vertical and tire parameters are
identical. In the longitudinal direction, when the input frequency is less than the chassis natural
frequency (about 1 Hz), the chassis longitudinal displacement of the PSS vehicle is slightly larger
than that of the conventional vehicle. However, when the excitation frequency is larger than the
chassis natural frequency, the chassis longitudinal displacement response of the PSS vehicle is rather
small compared to that of the conventional vehicle. In addition, the response of the conventional
vehicle exhibits two peak values corresponding to the two natural frequencies, whereas that of the
PSS vehicle only exhibits one peak value. Such a result implies that a PSS can isolate the chassis
from the longitudinal vibration more efficiently than a conventional vehicle when the excitation
frequency is above 1 Hz. In reality, the road excitation frequency to an automobile is much higher
than the natural frequency; therefore, the PSS can provide better vibration isolation capacity in the
longitudinal direction. For the rear wheel, the longitudinal response of the PSS vehicle is larger for
the frequency being less than 4 Hz while is smaller above this frequency when compared to that of
the conventional vehicle. It should be noted that the ‘longitudinal displacement’ refers to the dynamic
part rather than the absolute distance.
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Pure Pitch Excitation (zo = -Zor = )

Pure pitch excitation is defined as the inputs at the front wheel and rear wheel are completely out of
phase. Similar to the pure bounce case, the frequency response can be obtained by the following

expression:
Z(0)=[-0M +ioC+K] {0 0 iwc, +k, -iec, -k, 0 0} z,(o)

Z(@)=[H]z,(@)=[H, H, H, H, Hs H] z,(@) (47)
where the elements of H are the transmissibility (gains) corresponding to the individual DOF.

Figures 4-4 and 4-5 illustrate the displacement transmissibility of the PSS vehicle and a
comparison between the PSS and the conventional vehicles with respect to pure pitch input.
Compared to the pure bounce input, pure pitch input excites a large pitch motion but a small bounce
motion as shown in Figure 4-3. The longitudinal motion due to pure pitch input is also larger than that
due to pure bounce motion because of serious pitch motion. Once again, Figure 4-5 shows the
advantage of the PSS over the conventional suspension in its ability to cushion longitudinal vibrations

above the chassis longitudinal natural frequency.
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4.3 Wheelbase Filtering of a Vehicle with PSS

Wheelbase filtering refers to the correlation between the front and rear excitation, which has received
a great deal of attention in vehicle pitch studies [18, 39, 69]. This phenomenon takes place because,
when a two-wheeled vehicle follows a path, both wheels will pass over the same road unevenness
Z,(t) but at different times. The excitation of the rear wheel is the same as the front wheel, but there is
a time delay which is proportional to the wheelbase (b+c) and inversely proportional to the speed.

The inputs at the front and rear wheels can be generally expressed as:

{z } z,(t)
o= b+c (4.8)
Zor Zo (t - T)

Then the input vector, F, becomes

)
F:{O 0 c,2,(t)+k,z,(t) curz'o(t—%)+kurzo(t—bvi) 0 o} (4.9)
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or in the frequency domain:

_iwb+c _iwb+c T
F=10 0 (iawc, +k,) (wc,e Y +k.e V) 0 0 z (o) (4.10)
The displacement response can be obtained from the following equation:
-1 7iwﬂ 7iwﬂ T
Z(w)=[-0’M +ioC +K | {o 0 (iwc, +k;) (iwc,e v +ke V) 0 o} 7,(@) (4.11)
The transfer function matrix for the displacement response is as follows:
-1 7iwﬁ 7i(uﬂ !
H (@) =[~@’M +iwC + K| {o 0 (iwc, +k,) (iwc,e v +k,e vV) O o} (4.12)

And the transfer function matrix for the acceleration response is as follows:
H acc (a)) = _a)z H (0)) (413)

Figure 4-6 depicts the chassis acceleration response transmissibility at 50 and 100 km/h for both
the PSS and conventional vehicles. Similar to reports of [39], the results demonstrate that the
response of the vehicle is modulated with a constant frequency Av = V/(b+c), and the maxima of the
longitudinal and pitch accelerations correspond to the minima of bounce acceleration and vice versa.
The results also indicate that the chassis bounce and pitch acceleration responses of the PSS vehicle
are almost identical to those of the conventional vehicle because of the identical suspension vertical
parameters. In the longitudinal direction, the chassis acceleration responses of the PSS vehicle are
much smaller than those of the conventional vehicle, especially in the frequency range of 0~10 Hz,

whose central value is corresponds to the natural frequency of chassis longitudinal motion (4.5 Hz).

To provide an insight into the difference between the PSS vehicle and the conventional vehicle in
the interested frequency range, the acceleration response to Class C (average) road unevenness (as
seen in Figure 3-4) at 100 km/h are predicted and plotted in Figure 4-7. As mentioned previously, the
response of the PSS wvehicle is generally superior to the conventional vehicle in the longitudinal
direction and comparable in the vertical direction. A slight deviation of the pitch acceleration

response is observed between these two types of vehicles in the frequency range of 1 ~8 Hz.
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The basic evaluation method using frequency weighted root-mean-squared (RMS) acceleration,
as recommended by ISO 2631, is employed to assess ride comfort quantitatively. The frequency

weighted root-mean-square of chassis acceleration is evaluated by 1SO 2631 [28] as follows:
1

. 1
a . =|:jf12 WZSa(f)df}Z (4.14)

where S,(f) is PSD of chassis acceleration response and w is the frequency weight factor. The
frequency weight factor for the vertical vibration, pitch and the longitudinal vibration can be

calculated, respectively, by [21]:

0.4 05< f <2Hz
i 2< f <5Hz
W — 5
k )1 5< f <16Hz
? 16 < f <80Hz
1 05<f<2 1 05<f<1
W = ’W =
d 2 2<f<80' e 1 1< f <80
f f (4.15)

where wy, wyg and w, are the frequency weight factors for the vertical, longitudinal and pitch

acceleration responses, respectively.

The term “ride” is commonly used in reference to tactile and visual vibrations (0.5~25 Hz).
Vibrations with frequencies higher than 25 Hz, classified as noise, are not used in the evaluation of
the ride quality. Therefore, in this evaluation, the integration range is 0.5~25Hz. The weighted roots-
mean-square (RMS) accelerations, including the bounce, pitch and the longitudinal motions, were
evaluated for both the PSS and conventional vehicles at a speed of 100 km/h as listed in Table 4.2. It
can be concluded that, from a comfort point of view, the PSS vehicle is superior to the conventional

vehicle in the longitudinal direction.

According to ISO 2631, the periodic, random and transient vibrations have effect on the health of
seated persons in normal health exposed to whole-body vibration during travel, at work and during
leisure activities. The effects of long-term high-intensity whole-body vibration can increase health
risk to the lumber spine and the connected nervous system of the segments affected. With a lower
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probability, vibration can also affect the digestive system, the genital/urinary system and the female
reproductive organs. Meanwhile, ISO 2631 also states that vibrations affect the comfort of persons in
normal health status. ISO 2631 gives the guidance applicable to vibration in the frequency range of
0.5Hz~80Hz in terms of health and comfort. The effect of multidirectional vibrations on health and
comfort can be evaluated by the overall value of frequency weighted RMS acceleration, a,, can be
calculated by [28]:

1
a, =(kfaZ, +klaz, +kal,)? (4.16)

x Pwx ry “ wry

where auy a,, are the frequency weighted RMS translational acceleration along the x and z directions
while aury, is the frequency weighted RMS rotational acceleration about the y axis (i.e. pitch motion).

ke, kry @and k; are the multiplying factors.

The multiplying factors can be selected in accordance with 1SO 2631[28]. For seated persons, k
and k, can be selected as 1.4 and 1.0, respectively, when the effect of vibration on health is concerned.
ky, k, at seat supporting surface are 1 when the effect of vibration on comfort is concerned; and if the
rotational vibration is taken into account, the multiplying factor for pitch motion is 0.4 m/rad. Based
on these values, the overall value of the weighted RMS acceleration, a,, is calculated and listed in
Table 4-2. It can be seen that the RMS value of the longitudinal acceleration of the PSS vehicle is
much smaller than that of the conventional one while the RMS values of bounce and pitch
accelerations are very close between the two types of vehicles. Table 4.2 further shows that for both

health and comfort, the PSS vehicle is superior to the conventional vehicle.

Table 4-2: The weighted RMS of acceleration evaluated by basic evaluation method

RMS of 7, RMS of ¢, RMSof x, | a (m/s) ay (M/s)

(m/SZ) (radian/sz) (m/SZ) for health for comfort
PSS 0.7954 0.1753 0.0392 0.7973 0.7995
Conventional 0.7954 0.1746 0.1379 0.8185 0.8103

4.4 Study of Pitch Dynamics in Time Domain

When running on a road, ground vehicles experience vibration due to road excitation in the form of

either isolated irregularities, such as a bump or a pothole, or random distributed road unevenness. The
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response of a PSS vehicle to these two kinds of excitations is important in the pitch dynamic study

and thus discussed in this section.

4.4.1 Development of Vehicle Model

There are two factors in the longitudinal motion of a vehicle chassis when running on a road with
irregularities. The first factor is the existence of pitch motion and the asymmetry of two wheels about
the chassis mass center. The second factor is the longitudinal force transferred to the chassis from the
tire when the tire encounters road obstacles. A linear point tire-ground contact model cannot generate
the external input from the ground. A radial-spring tire model as described in Section 3.4, together
with the Average Lumped LuGre model, is employed to generate the tire-ground contact force and
the longitudinal friction force. The tire models are combined with the vehicle model to study the pitch

dynamics in the time domain.
Vehicle model

The 6-DOF pitch plane model used in the frequency domain study is extended to a 9-DOF pitch plane
half-car mode, as shown in Figure 4.8. The nine DOFs are the chassis vertical (z5), pitch (gs),
longitudinal motion (x;), the front wheel vertical (zy), longitudinal (X,), spin motion (w,), the rear
wheel vertical (z,), longitudinal (x,r), the spin motion (w,,). This model neglects the effect of rolling
resistance and aerodynamic forces. It is worth noting that the spin motion of the two wheels should be
considered so that the dynamic longitudinal tire-ground friction force can be taken into account.
Otherwise the longitudinal force between the tires and ground only consist of the part due to tire
deflection when passing over obstacles or unevenness, whereas the part of the tire-ground friction due

to relative slip could be missed. This point will be discussed later.

The static height between the chassis mass center and tire center as seen in Figure 4-8 is signified
by h. T; and T, represent the traction or braking torques applied to the front and rear tires,
respectively. F; and F, stand for the normal contact forces applied to the front and rear tires,
respectively; and F and F, are the longitudinal contact forces due to tires’ elastic deflections, and
are applied to the centers of the front and rear tires, respectively. These forces can be predicted using
the radial-spring tire model as presented in Section 3.4. F,; and F, are the longitudinal friction forces
applied to the front and rear tires, respectively and can be predicted from an Average Lumped LuGre

tire friction model discussed in later stage. The equations of motions are as follows:
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Figure 4-8: 9-DOFs two-dimensional planar half-car vehicle model
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where Fy; and Fy, are the longitudinal forces of the front and rear suspension, and can be determined

by the following equations:

kof 3
Flf :d_rZI:XUf =X —-(h+ L= Ly )¢s _b] + kof |:Xuf =X —-(h+ Z, = Zuf)(os _b:| (418-1)

+ Gy I:xuf - Xs _(h+ Zy — Zy )gos:l
F, =

) _d—c’zr[xur =X —(h+2,—2,)p, +C]x,” +Ko [Xo =X —(h+ 2, —2,,) 0, +C]

(4.18-2)
G [% =% —(h+2, —2,),]

where d; is a parameter to control the upper bound of the spring deflection and assumed to be 5 cm;
and k, is the nominal stiffness parameter of a planar suspension system, which is equal to the

corresponding vertical spring stiffness.

As mentioned in Section 3.2, there always exist joints with rubber bushings between the
suspension and the chassis, which can transfer longitudinal forces. These bushings can be treated as
the longitudinal spring elements with large stiffness. Therefore, the proposed model can also be

applied to a conventional vehicle.

It is necessary to point out that this vehicle model can also be employed to study the braking and
traction performance as long as the braking or driving torques applied to the tires are given. However,
it is assumed in this study that the vehicle has a constant forward speed before touch the road

obstacles and there is no applied torque to the tires.

Tire-Ground Longitudinal Friction Model

To simulate the longitudinal tire-ground dynamic friction in the event that tires experience excessive
speed changing when a tire traverses an obstacle or running off-road, the Average Lumped LuGre
model proposed by Canudas-de-Wit [101] is employed in this study. This model takes into account
the distribution properties of the normal wheel force in the contact patch, and can accurately capture
the transient friction behaviour, as well as any velocity-dependent characteristics according to the

reported simulation and experiment results [101].

The tire-ground friction force characteristic in the Average Lumped LuGre model is described by

the following equations [101]:
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Z(t)=v_ - ‘ ‘_(t) k(t)|wR_|Z(t) (4.19)
: Ry

ut)=0,z(t)+ alf(t) +o,V, (4.20)
Fa 0 =uOF, (4.21)
with g(Vr) 29[;“c +(:us _/uc)evga] (422)

where Z(t) is the mean internal dynamic friction state and the parameter 6 in equation (4.22) captures

the changes in the road characteristics. v, is the relative velocity defined by:

v =R w-X (4.23)
r € u

where w is the angular velocity of a tire and Xu is the linear forward velocity of the tire center. R, is
the effective rolling radius of the tire.

Model parameters o,, o; and o, are the stiffness, damping and viscous relative damping
coefficients, respectively. u(t) is the dynamic friction coefficient. F,, and F, are the friction and
normal forces, respectively. The coefficient, k(t), represents the dynamic distribution properties of the
normal force. As suggested in reference [101], it can be chosen to be between 1/L. and 2/L. where L,
is the contact patch length. L. and [ are the Coulomb and static friction coefficients, respectively. v,
is the Stribeck relative velocity and « is a parameter to capture the steady-state friction/slip
characteristic and its proposed value is 0.5 [101]. The parameters used for the tire model are listed in
Table 4-3.

Table 4-3: Parameters for tire friction model

R (m) oo (MY | o1(s/m) | o,(s/m) Me s Vs (M/s) o k
0.306 178 1 0.011 0.08 1.5 55 1/2 1.5/L,

4.4.2 Response due to an Isolated Road Obstacle

In this study, an 850 mm long, 100 mm high single sinusoidal bump is used to model the road
irregularity. This bump can be typically found in a speed-constrained zone. The responses of a vehicle

with PSS and conventional suspension system to this road excitation are investigated using the 9-
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DOF analytical vehicle model. In order to validate the result, the responses due to the same road
excitation are also predicted by Adams/car virtual models as shown in Figure 4-9. The Adams full-car
model of a PSS model, as well as that of a conventional model, consist of a body system, two
suspension systems, two wheel systems and a brake system. The vehicle parameters are for a midsize
passenger car. The mass property of sprung and unsprung masses, spring and damping rates, the
vehicle dimensional are the same as the values of the analytical model, as listed in Table 4-1. For a
conventional vehicle, the front suspension system is a MacPherson front suspension while the rear
suspension is a dual-link MacPherson rear suspension. The vertical spring rates and damping
coefficients are equal to those of the 9-DOF vehicle model. The bushings are used and the active
mode is compliance so as to achieve some longitudinal elasticity. For a PSS vehicle, the suspension
systems are developed by adding the longitudinal struts to the conventional MacPherson suspension
system as schemed in Figure 1-2. The parameters for the tire friction model in Adams/car, which is
actually Magic Formula, are modified according to Table 4-3 using the method discussed in reference
[101].

Longitudinal
struts of PSS

Conventional

Figure 4-9: Virtual model of a PSS vehicle and a conventional vehicle

The simulation speed is 50Km/h. Figure 4-10 illustrates the time history of the acceleration
responses of the PSS and conventional vehicles. The results clearly indicate that a bump can excite

vibrations in both the vertical and longitudinal directions.
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Figure 4-10: Time history of vehicle acceleration response to a single road bump
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The vertical acceleration responses for the conventional vehicle obtained from two types of
simulation models have a fairly good agreement, as shown in Figure 4-10(a), which demonstrates the
fidelity of the proposed analytical 9-DOF model. For the PSS vehicle, a deviation is observed in the
vertical acceleration response between the 9-DOF analytical model and the Adams/car model. This
deviation is more obvious when the rear wheel hits the bump. The deviation results from the
difference of suspension vertical stiffness in the 9-DOF model and the ride rate in Adams/car model.
Because the vertical strut has to move towards the vehicle centerline to accommodate the parallel
four-bar mechanism, the ride rate of a front PSS is smaller than the spring stiffness of the front
suspension in 9 DOF model. Also, unlike the 9-DOF model, the longitudinal and vertical springs of
PSS in the Adams/car model are completely coupled. Furthermore, the complexity of the Adams/car
model may also induce some difference in the simulation response. Even though, the simulation
results, obtained from either the 9-DOF analytical model or the Adams/car model, demonstrate that
the vertical acceleration responses of the PSS and conventional vehicles to this single road bump are

generally comparable.

Figure 10 (b) displays the longitudinal component of the acceleration responses. The responses of
the two types of vehicles obtained from the 9-DOF vehicle model have shown a good agreement with
those from Adams/car model although some differences are observed. The simulation results
demonstrate that the planar suspension system has a significant improvement in absorbing the
longitudinal shock induced by the road obstacle. The ride comfort of the vehicle with PSS has
therefore shown improved. Figure 10 (c) portrays the pitch acceleration response. The result implies
that the pitch responses are comparable for the two types of vehicles. The deviation is observed
between the pitch acceleration of the PSS vehicle predicted from Adams/car model and that from the
9-DOF analytical model. This deviation can also be attributed to the difference of suspension vertical

ride rate in the two types of vehicle models.

In order to have a better understanding of the vehicle behaviour when passing over a road bump,
the tire-ground interaction forces are predicted and plotted in Figure 4-11. The simulation results
imply that a road bump can induce an upward impact force as well as a backward impact force when
the vehicle hits the bump. The results also indicate that both the front and rear tires lose contact after
the tire passes over the bump top point at the assigned simulation speed. The contact forces of the
PSS and conventional vehicles due to tire elastic deflection are identical in the vertical and

longitudinal directions. The results further reveal that the longitudinal friction forces are generated in
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the contact patch when tires transverse road obstacles, and therefore, must be taken into account in
the modeling and simulation. That is the reason why the wheel spin motions should be considered in
the formulation of the half-car model for the time domain study. Figure 4-11 also shows that the
transient longitudinal friction forces are quite different between the PSS and conventional vehicles.
This difference is attributed to the different relative longitudinal slips between the tire and the ground

when the tires are traversing the bump.
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Figure 4-11: Time history of the tire force when traversing a road bump

The longitudinal strut travel space may be a concern arising from the replacement of the stiff
trailing arm by a relatively soft longitudinal strut. The longitudinal deflection of the planar suspension
system is thus investigated, as illustrated in Figure 4-12. It can be seen that, when the vehicle passes
over the bump at 50Km/h, the maximum longitudinal compression is only 3.5 cm. This is because the
maximum deflection is constrained by the nonlinear property of the longitudinal spring. When the

deflection exceeds a certain value (5¢cm), d;, the spring rapidly becomes very stiff.

In order to investigate how far a PSS can improve the longitudinal ride comfort compared to a
conventional suspension, the simulation is conducted at different speeds and the peak values of
longitudinal acceleration responses for the front and rear axles are predicted as illustrated in Figure 4-
13. The results indicate that the PSS can reduce the vehicle longitudinal acceleration response at the

entire simulation speed range. Such a reduction is not evident at very low speed whereas very
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significant at high speed. This can be explained by the fact that the suspension system is actually in a
static or quasi-static state at very low speed and the PSS cannot efficiently isolate the static tire-

ground interaction.
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Figure 4-12: Time history of the suspension longitudinal deflection
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Figure 4-13: Peak value of longitudinal acceleration of a vehicle with PSS and conventional

suspension system
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Figure 4-14 illustrates the time history of the pitch response of the two types of vehicles due to a
200mm long, 150mm high road bump at 50km/h. it can be seen that while the responses ob the two
types of the vehicles are very close, the PSS vehicle has a slightly larger pitch motion. This is due to

the relatively soft longitudinal stiffness in the planar suspension system.
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Figure 4-14: Time history of pitch angle of the PSS and conventional vehicles

4.4.3 Response due to Distributed Road Unevenness

A vehicle experiences vibration excitation on a rough road or an off-road where ground excitations
have a wide range of frequency component. In order to explore the vibration isolating ability of a PSS
vehicle in such a condition, the pitch dynamic behaviour of the PSS vehicle on an uneven road is
investigated and compared with that of a similar conventional vehicle.

The ISO standard provides the road profile with power spectral density (PSD) of random
elevations against spatial frequency. This kind of road description can be directly used in the
frequency domain analysis, as presented in the previous section. However, for the pitch dynamics, the
study in the frequency domain cannot completely illustrate the effect of the coupling between two
wheels due to the existence of time lag. Many researchers transmitted such a road description to the
random road unevenness from frequency domain to time domain [15, 16, 35]. In this study, samples
of the road profiles are generated using the spectral representation method [15]. The random road

elevation, z,, can be expressed by:
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2,0 =Y s, sin(@.x+4,) =35, sin(nQ,x + ) (4.24)

where s, is the magnitude of the harmonics excitation of frequency 2, (n€2,) and can be evaluated

from the selected road spectra as follows:

5, =4/25,(Q,)AQ = /25 (nQ,)AQ (4.25)

where S, is the road power spectral density (PSD) and A€ is the spatial frequency increase step and

can be calculated by:

AQ ZZT” (4.26)

where L is the length of the road segment considered. Q, is selected equal to 0.01. The phases ¢, are

treated as random variables, following a uniform distribution in the interval [0 2x].

The aforementioned method of selecting the road excitation history requires knowledge of the
power spectral density of the road profile. Figure 4-15 shows the specific forms of three typical road
profiles for a 100 m long segment corresponding to the spectra of three classes of roads, i.e., good,
average and poor quality roads shown in Figure 3-4, as examples in the numerical calculations
performed in this study. Although it seems that the fundamental shape of the road is harmonic, Figure
4-15 describes the uneven characteristics of the different types of roads. Therefore, this method is

used to generate the random profile [15].

In this study, a 100 m long road segment with class C profile is used as the input to investigate
the pitch dynamic performance of the PSS vehicle due to the random excitation. The simulation speed
is 100 km/h. For the random response study, only the chassis bounce, pitch and the longitudinal

acceleration are evaluated.

The comparison of the acceleration response between a PSS and a conventional vehicle are
predicted and plotted in Figure 4-16. The chassis bounce and pitch accelerations of the PSS vehicle
are almost identical to those of the conventional vehicle. The difference cannot be determined from
the figure. However, the difference of chassis longitudinal acceleration is very significant. Compared

to the conventional vehicle, the chassis longitudinal acceleration of the PSS vehicle is very small.
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Figure 4-15: Description of road profile in elevation of good, average and poor road quality

Frequency weighting is performed to the acceleration response in accordance with 1SO 2631.
This weighting can be conducted using signal filters. The transfer functions of these filters are defined
and presented in Annex-A of ISO 2631-1. The values of the weighting factors at different frequencies
(i.e. the magnitudes of transfer functions vs. frequency) are plotted in Figure 4-17. It should be noted
that the unit of the weighting factors is dB. W, Wy, W, represent the frequency weighting for the
bounce motion (translation along z direction), longitudinal motion (translation along x direction) and
the pitch motion (rotation about y axis), respectively. The time history of frequency-weighted
acceleration can be obtained by filtering the signals of acceleration response illustrated in Figure 4-
16. After the acceleration responses are frequency-weighted, the mean square values of the

frequency-weighted acceleration can be readily calculated using the method described by 1SO 2631.

The frequency weighted mean square values of the acceleration response during the period when
the vehicle is running on a 100 m road segment with the random unevenness are evaluated using the
basic method as listed in Table 4-4. The results show that, in the vertical direction, the RMS of
acceleration response of the PSS vehicle is close to that of the conventional vehicle, whereas the RMS
of the pitch acceleration of the PSS vehicle is somehow larger. However, the difference is very small
and can be neglected. In the longitudinal direction, the RMS of the acceleration response of the PSS
vehicle is very small compared to that of the conventional vehicle due to the soft longitudinal

connection between the sprung and unsprung masses. The overall frequency-weighted acceleration is
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also calculated using equation (4-16) and listed in Table 4-4. The evaluation results indicate that the

PSS vehicle improves for both health and comfort compared with the conventional vehicle.
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Figure 4-16: Comparison of chassis acceleration for the PSS and conventional vehicles

10 T T T
e e e e
10
o
E 20
o
=
= 20
=
.~ -
= -
8 _50 —Whk, weigthing factor for bounce <
[ == =Wd, weigthing tactor for longitudinal {x) direction ‘\_“
§- P 7 AR ‘=~ 'We, weigthing factor for rotation about y axis (pitch) | “1
A B L
L B
T TR PRI .
g Ll L 1 M| P |
10" 10° 10' 167
Frequency (Hz)

Figure 4-17: Frequency weighting factor vs. frequency

64



Table 4-4: Root mean square (RMS) value of the frequency weighted acceleration response at

100km/h
RMS of Bounce | RMS of Pitch | RMS of Long. | a, (m/s’) a, (m/s°)
(m/s?) (rad/s?) (m/s?) for health | for comfort
PSS 0.7958 0.1483 0.0357 0.7974 0.7988
Conventional 0.7959 0.1455 0.1307 0.8167 0.8087

The simulation conditions, such as the road roughness and simulation speed, for the frequency
and time domain study are identical. Therefore, it is interesting to find that the RMS values of the
frequency weighted acceleration response evaluated in time domain shown in Table 4-4, are very
close to those evaluated in the frequency domain, as listed in Table 4-2. The evaluation results
obtained from the two approaches, especially in the vertical direction, are almost identical. Small
differences exist in the results in terms of the pitch and longitudinal motions. The difference in the
pitch and longitudinal motions are due to the fact that the external longitudinal excitation due to the
random road roughness cannot be accounted for by the linear point tire model used in the frequency
study. However, the differences are very small and can be neglected. In other word, it can be
concluded that the evaluation results obtained in the frequency and time domains have a good
consistence. The results also indicate that the method for the generation of random road profile is

effective.

The Adams/car models are also used to predict the vehicle longitudinal acceleration responses
due to the random road excitation at 50km/h, as shown in Figure 4-18. The road description used in
the Adams/car model is MDI_2D_uneven.rdf provided in the MD Adams/car package. Figure 4-18
reflects a significant improvement of the PSS system compared to the conventional suspension
system in isolating vibrations along the longitudinal direction. The longitudinal acceleration response
of the vehicle with PSS is much smaller than that of the vehicle with the conventional vehicle.
Although bushings are widely used in the construction of the conventional suspension Adams model,

the vibration isolation ability is still very weak compared to that of the planar suspension system.

In order to thoroughly investigate the effect of PSS on ride quality, the ride quality of the PSS
vehicle at different speeds is evaluated. Previous study demonstrates that the proposed 9-DOF
analytical vehicle model is effective to simulate the vehicle behaviour on an uneven road. However, it

was also found that the simulation is very time-consuming using this model compared with using
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Adams/car model. Therefore, the investigation is conducted using Adams/car package. The road
model used in the investigation is MDI_2D_uneven.rdf. Using the approach discussed previously, the
RMS values of the frequency weighted acceleration responses, as well as the overall values, are
evaluated at 30, 50, 80 km/h, as listed in Table 4-5.
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Figure 4-18: Time history of vehicle longitudinal acceleration response to random road

unevenness (MDI_2D_uneven.rdf)

Table 4-5: Root mean square (RMS) of the frequency weighted acceleration response at various

speed
RMS of Vertical | RMS of Pitch RMS of av (9) av (9)
(9) (rad/s?) Long. (g) for health | for comfort

30km/h 0.0097 0.0155 0.00039 0.0097 0.0098

PSS 50km/h 0.0083 0.0139 0.00046 0.0083 0.0083
80km/h 0.0073 0.0125 0.00063 0.0074 0.0074

30km/h 0.01 0.0144 0.0016 0.0102 0.0101

Conv. | 50km/h 0.0099 0.0136 0.0032 0.0109 0.0104
80km/h 0.0083 0.0116 0.0028 0.0092 0.0088

The result indicates that the overall value of weighted RMS acceleration of the PSS vehicle is
smaller than that of the conventional one. The vibration isolation capacity of the PSS vehicle is much
better than that of the conventional vehicle, especially in the longitudinal direction. There should be

no surprise that the RMS values of frequency weighted acceleration in any direction, as well as the
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overall values of weighted RMS acceleration, do not increase with an increase in the vehicle speed.
The reason is that the frequency of random excitation increases with the vehicle speed and the high
frequency components of the responses are filtered in frequency weighting. Compared with the
results shown in Table 4-4, the improvement of the PSS vehicle in terms of the vertical response
presented in Table 4-5 over the conventional vehicle is relatively larger, and consequently the overall
results shown in Table 4-5 exhibit more improvement than those shown in Table 4-4. The relatively
small vertical response of the PSS vehicle obtained from Adams/car model is attributed to the small

ride rate as discussed previously.

4.5 Summary

In this chapter, a linear half car model with 6 DOFs was first proposed to perform the frequency
domain study. In this model, the tire-ground contact was modeled as a linear point contact. The
nonlinear longitudinal spring in a PSS was linearized at the point with zero deflection. The dynamic
frequency response of a PSS vehicle to the frequency input was investigated and compared with those
of a similar conventional vehicle. These frequency responses were used to evaluate the ride quality
based on the basic evaluation method provided by ISO 2631. The evaluation results indicate that for
both health and comfort, the PSS vehicle is superior to the conventional vehicle. A significant

improvement has achieved in terms of vibration isolation in the longitudinal direction.

In addition, a nonlinear 9-DOF half-car pitch plane vehicle model was developed to facility the
time domain study incorporating a radial-spring tire-ground contact model and an Average Lumped
LuGre tire dynamic friction model. This vehicle model was validated with Adams/car virtual model.
The vertical, longitudinal and pitch acceleration responses of the PSS vehicle as well as the
conventional vehicle to the road excitations, including a single bump and random unevenness, were
investigated. These responses were used to evaluate the ride quality. The evaluation exhibits good
potential for the implementation of the planar suspension system in ground vehicles. The
investigation results demonstrate that a significant improvement of shock attenuation and vibration
isolation can be obtained in the longitudinal direction through the application of the PSS. The ride
quality of the PSS vehicle can thus be improved.

67



Chapter 5
Handling Dynamics Study: Model Development and Steady-State

Characteristics

5.1 OverviewO

The handling performance of a ground vehicle involves directional control and directional stability.
The directional behaviour of a vehicle is mainly controlled by the lateral force generated at the tire-
ground contact patch and the location of the front and rear tires with respect to the gravity center of
the vehicle. Meanwhile, the lateral force is determined by the relative tire-ground slippages, tire-
ground contact condition and the vehicle weight distribution at the front and rear tires, etc. The soft
longitudinal connection of a vehicle equipped with planar suspension systems (PSS) can induce
relative longitudinal motion between the chassis and tires. This relative motion may influence not
only the vehicle weight distribution (wheelbase) but also the tire-ground relative slippages. These
relative slippages significantly influence the longitudinal and lateral forces, and can further influence
the handling behaviour. Such an influence may determine the feasibility of the design concept of the
PSS. Therefore, it is necessary to investigate the handling behaviour including directional control and

directional stability of a vehicle equipped with PSS.

The commonly-used vehicle model for handling study is a half-car single-track model (or bicycle
model) with three DOFs (longitudinal, lateral and yaw motions of a vehicle) [45, 48]. This model,
however, neglects the axle mass (unsprung mass) and suspension effect, and cannot model the
relative longitudinal motions between the chassis and tires of the PSS vehicle. In this study, a single-
track handling model system, consisting of a vehicle sub-model and tire sub-model, is developed. The
vehicle sub-model includes a pitch plane and a yaw plane models so that the bounce, pitch, lateral and
longitudinal motions are taken into account. The tire sub-model consists of a radial spring contact
model and a dynamic 2D friction model which can generate the transient longitudinal and lateral
adhesion or friction forces. The total number of degrees of freedom (DOF) in the model system is 15,
among which 11 DOFs describe the vehicle dynamic motions and 4 DOFs model the front and rear
tires” dynamic friction behaviour. This model is used to investigate the coupling between the traction
(or braking), handling, pitch and the bounce motions of a vehicle with PSS. The schematic diagram of
the model system is illustrated in Figure 5-1.
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Figure 5-1; Overall model layout for the handling performance of a ground vehicle

The study of vehicle handling generally involves three issues: the steady-state steering response,
frequency steering response and the transient steering response. In this chapter, the formulation of
simulation model is first presented followed by the steady-state handling performance study of a
vehicle with planar suspension systems. The other two issues are discussed in the next chapter. The
developed model and corresponding approach are also applied to a similar conventional vehicle for
the sake of comparison.

5.2 2D Average LuGre Dynamic Tire Friction Model

An accurate prediction of the tire-ground friction force by an appropriate tire friction model is the
crucial element of a vehicle handling simulation model. Therefore, the tire friction modeling is first
discussed in this section.

Through the decades, numerous tire-ground friction models have been proposed [86, 87, 88].
Among these models, the most commonly used one is the semi-empirical Magic Formula presented
by Pacejka [88]. However, this model is essentially a static model generally used to reproduce the

experimental tire friction curves according to the longitudinal and side slip at a constant vehicle speed
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or tire angular velocity. The steady-state condition is rarely true in reality, especially when the tires
pass through continuous successive states during cornering and acceleration/braking maneuvers.
Dynamic models, on the other hand, can capture transient effects and are of interest when a vehicle is
under large variations of states. Thus, a humber of dynamic tire-ground friction models have been
proposed [86, 87], but few of them are reported to be successfully applied to the vehicle dynamics
simulation. Among these models, the 2D Average Lumped LuGre model, recently proposed by
Velenis et al [87], is a good representative. This model is actually the expansion of the dynamic tire
longitudinal friction model presented in Section 4.3. This 2D tire friction model can simulate the
coupling of the friction forces in the longitudinal and lateral directions with good accuracy in the
dynamic state. Therefore, this model is employed and modified to model the 2D friction/adhesion
behaviors in this study. The effective tire rolling radius, the contact patch length and the normal

wheel load are time variant instead of constant as assumed in reference [87].

The LuGre Dynamic friction theory assumes that friction is generated due to the interaction
forces between the microscopic bristles in the contact area, as illustrated in Figure 5-2. The dynamic
friction forces between the tire and ground in the longitudinal (x) and lateral (y) directions, Fi(t), are
governed by the following [87]:

50 =vy; =Cp V)7, (0 -k; (t)‘a)Re‘fi ®
# ) =0, () + o7 () + oV, i=X,y (5.)
F (t)= F (t)ﬂi (t)

[/

2

Figure 5-2: Microscopic view of dynamic friction

where F,(t) and F;(t) are the normal wheel load and tire friction force in the i direction, respectively;
Hi(t) is the dynamic friction coefficient in the i direction. Z,(t) is a variable representing the mean

internal dynamic friction state; v,; is the tire-ground slip velocity in i direction. R, is the effective tire

rolling radius and w is the tire angular velocity. Parameters o, o1; and o are the stiffness coefficient,
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damping coefficient and the relative viscous damping coefficient, respectively. vs is the Stribeck

relative velocity and y is a parameter to capture the steady state friction/slip characteristic.

In equation (5.1), the variables, C;, are determined by

C, (7,) = 2% (5.2)
Hy
with A(V, )_HME\Z and v —{V’*} (5.3)
W) "V, '

where v, and v,y are the tire relative slip velocities along the longitudinal and lateral direction, and are

defined as follows:

v =R, —vcos(a)

rx
Vpy = —VSin(@) (5.4)
where « is the side slip angle and v is the overall velocity of the tire.
(V.)=0 HMKZ\_/} (HMSZ\_/r HMEV’”) ‘(HZ*H"V
g(v,)= — + — — —)e = 5.5
M) M MY, 9

where 6 is a parameter to capture the changes in the road characteristics: =1, 0.8 and 0.2 signifies
dry, wet and icy road conditions, respectively. Therefore, this friction model can be used to simulate
the vehicle behaviour in the split-j traction, braking and the cornering manoeuvre just by changing

the value of 0.

/usx 0 /Ikx 0
M, = and M, = (5.6)
{ 0 ”J ‘ { 0 “kv}

where g and [ are the static and kinetic friction coefficient, respectively.

The term, k;i(t), in equation (5.1), describes the distribution characteristics of the normal wheel
load along the tire-ground contact patch and is very computationally-expensive [87] by the existing
tire contact mode, for example, the radial spring model. Velenis [87] have suggested that k;(t) can be
approximated in such a way that the steady-state solution of the tire-ground friction force calculated

by the distributed LuGre friction model is the same as that predicted from the lumped LuGre friction
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model, which neglects the effect of distribution characteristics of normal load. This model takes into
account the advantage of both the lumped and the distributed LuGre model. That is why this model is

called the Average Lumped LuGre model. The value of ki in the steady-state can be calculated from

the following expression by setting the derivative of mean internal dynamic friction state, Z,(t) in

first equation of Equation (5-1), equal to zero as follows:

1 v, _
kiss = (_rsls - Coi (Vr )) (57)
a)Re| z

where * stands for ‘steady state’. According to the literature [87], a trapezoidal normal load
distribution, as observed in Figure 5-3, is chosen to represent the normal load distribution

characteristics in the contact patch and is described by

a, & for0<&<é,
fo=<f for & <&< & (5.8)

n max

a,b+p, for &, <E<L

where L is the length of tire-ground contact patch. The meaning of the parameters, ¢, {i, g and f, can

easily understood in Figure 5-3.

0 (L ( (R L

Figure 5-3: Trapezoidal load distribution
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The relationship between the overall normal force, F,, and f,x, can be described by the following
equation:

-ty (5.9)

The mean internal friction state variable in the steady state, Z*, is obtained from the following

[87]:

1 §2 _i _i
z” :F(:lial ?L+C2i§Le i —Cj(l-e ™)

n
R oL

*%%m4@féwg@%we%ﬂ

1 1
+2_FnC1ia2(L2 _§§)+Fnc1iﬁ2(|—_§|?) (5'10)
1 _L _SR
+FC1ia2C2i(Le e _fRe CZi)
1 _ L _SR.
+FC1iC2i(ﬂ2 +a,Cy)(e @ —e )

n

2

Vfi’uki C. = |a)R9|
ﬁ(vri)a , ? _Coiﬂ'(vri) .

oi

where C;, = (5.11)

Once the mean internal friction state variable in steady-state (Z;*) is determined, the value of

ki(t) in the steady-state can be evaluated from equation (5.7). The 2D dynamic friction forces can be

predicted using equation (5.1) at every time instant.

The friction forces in steady-state are always of interest in the tire-ground friction modeling. In
the steady-state in which the angular, longitudinal and lateral velocities of a tire are constant, the tire-
ground friction forces in the longitudinal and lateral direction can be calculated from the following
equation [87]:

F* =F " =Xy (5.12)

where 1% are the steady-state tire friction coefficient and given by
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_L _Sr L &
_ O-oiCii:CXZCZi (Le e Cay _ O'oicl::liczi (B, +a,C,)(e Ca _g C)

n n

SO g £+ Bl -+ A2

Where C,; and Cy are given by equation (5-11).
Using the definition of longitudinal slip for the braking and acceleration cases, the longitudinal

slip, s, takes the following form:

Vv .
_E for vcos)<wr, acceleration
5= (5.13)
v .
-—X foror> wos(a), braking
vcos(«)

It is believed that the lateral elastic stiffness, o,y, IS dependent on the wheel normal load and can

be determined by [86]

o, = Ps
PsF, + P, (5.14)

The parameters for the tire friction model are obtained from reference [86, 87] and listed in Table

5-1.
Table 5-1: Parameters for the tire friction model
Gox 555 Msx 1.35 Oy 1 Oy 0.025 Pz 5.7e5
ix 0.75 Hsy 1.4 A 3.96 du 0.02 P4 210.7
iy 0.75 Gix 1 Gox 0.0007 CriL 0.77 Ps 0.5
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In order to study the friction characteristics in a situation where the longitudinal and lateral
frictions are combined, the steady-state friction coefficients in two directions are studied using
equation (5.12). In this investigation, it is assumed that the tire radius is 0.303 m, the length of contact
patch is 0.2 m and the normal contact force is 2000 N according to the literature [87]. The plots of
longitudinal and lateral friction coefficients with longitudinal slip at different constant values of side
slip angle, and the plots of longitudinal and lateral friction coefficients with side slip angle at different
constant values of longitudinal slip, as well as the friction ellipse plots, are calculated at a tire speed

of 60 km/h and presented in Figures 5-4 and 5-5, respectively.

Several basic points can be drawn from these two figures. First, these figures are in qualitative
agreement with the reported curves obtained by Magic formula [7, 88]. Secondly, the longitudinal and
lateral tire frictions are highly coupled. For a constant side slip angle, large longitudinal friction can
reduce the lateral friction. In other word, the traction/braking operation in a turning or concerning
manoeuvre can reduce the lateral cornering force compared to a free cornering condition at same side
slip angle. Meanwhile, for a constant longitudinal slip ratio, large lateral friction can reduce the
longitudinal friction. Finally, in the steady-state, the tire friction forces are approximately linear with
small slip but highly non-linear with a medium and large slip in both longitudinal and lateral
directions. Figure 5-6 depicts the longitudinal and lateral friction coefficient changes in 3D with the

longitudinal slip, s, and side slip angle, a.
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Figure 5-4: Longitudinal and lateral friction coefficients vs. longitudinal slip
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Figure 5-6: Friction coefficients in (s- a) space

The effect of tire forward velocity on the longitudinal and lateral friction coefficients is shown in
Figure 5-7. It can be seen that the tire friction in both directions is large at low velocity but small at
high velocity. This velocity-dependency of tire-ground friction is more evident in the non-linear range
and can influence the vehicle direction control and braking/traction control. It is therefore necessary
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to seek new models such as LuGre tire friction model to predict the two-dimensional friction force in

the vehicle handling and performance study.
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Figure 5-8: Comparison of friction coefficient on dry and wet road in the steady-state

Figure 5-8 illustrates the steady-state friction coefficients in the longitudinal and lateral directions

for dry and wet roads, respectively. It can be seen that the road dryness has significant influence on
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the tire-ground friction even if the longitudinal slips or the side slip angles of the tire are identical
under different road conditions. Once again, the commonly used tire friction models such as Magic

formula cannot predict this phenomenon.

5.3 Development of a Half-Car Handling model

In this study, a front-wheel-steer (FWS) vehicle is employed to conduct the cornering simulation of a
PSS vehicle. The model of the vehicle system consists of two subsystems. One is a half-car pitch
plane model with 6 DOFs. It models the vehicle heave and pitch motions in the vertical plane and the
spinning motions of the tires. The other subsystem is a single-track yaw plane model with 5 DOFs.
This subsystem models the longitudinal, lateral and yaw motions of the vehicle, as well as the relative
longitudinal motions between the chassis and each tire. This model is based on the assumption that
the longitudinal and lateral friction characteristics, the normal wheel loads and the road conditions are
identical in the left and right sides. The suspension elasticity in the two sides is also identical. Due to
the different configurations and layouts, the vehicle models for a PSS vehicle and a conventional

vehicle differ.

5.3.1 Formulation of the Half-Car Pitch Plane Sub-Model

In the half-car pitch plane sub-model, as shown in Figure 5-9, the chassis is represented by a sprung
mass and the tires are modeled as unsprung masses. The sprung and unsprung masses are connected
by PSS designated by a linear vertical spring-damper element (ks ,, Cstr) and a longitudinal spring-
damper element (ki,, Cis,). The subscripts f and r represent the front and rear. The coupling between
the vertical and longitudinal spring-elements is neglected. The half-car pitch plane vehicle sub-model
has 6 DOFs: the bounce (z) and pitch (ps) motions of the chassis, the bounce motions of the front tire
(zys) and the rear tire (z,), and the spin motions of the front tire (¢) and the rear tire (6;). The height
between the chassis mass center and the tire center is signified by h. T; and T, represent the driving
and braking torques applied to the front and rear tires, respectively. F,; and F, stand for the normal
contact forces applied to the front and rear tires, respectively. Fy and Fy. are the longitudinal contact
forces applied to the front and rear tires, respectively. F,« and F,, are the longitudinal friction forces

applied on the front and rear tires, respectively.
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Figure 5-9: Two-dimensional half-car vehicle model

By applying Newton’s second law, the equations of vertical motion can be written as follows:
MZ+CZ +KZ=F (5.15)

where M, C and K are the mass, damping and the stiffness matricies respectively. For a vehicle

equipped with the planar suspension systems, they are

mS
I sy
M = Mt
muf
qu
L Iur i
i Cy +C, Cy (0+X,, C085,) —C, (C—Xgy) —Cy -, 0 0]
Cy (0+X%,, €085, ) —C, (C—Xgy) (D+X,,€085,)°Cs +(C—Xg)?C, —(0+X,C085,)c; (C—Xg)C, O O
co —Cy —(b+x,, 0SS, )Cy Cy 0 00
-C, (C—Xg)C, 0 C, 00
0 00
I 0 0 0]
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[ kg +K, Ky (b+ X4 €085, ) — K (C—Xgy) —kg —k 0 0]
Ky (D+X,, €085, ) =K, (C—Xgy)  (b+X,, €088, )°Ky +(C—Xgy)'K, —(b+X,,CO85, )k (C—Xg)k, O O
K kg ~(b+X,, 086, )k K 0 00
-k, (C—Xg1)K, 0 K, 00
0 00
I 0 0 0]

where o is the steering angle of the front tire. xa; and xg; are the front and rear longitudinal
suspension deflections, respectively. They represent the relative motions between the chassis and
each tire. The definitions are given in the yaw plane vehicle sub-model and portrayed in Figure 5-10
in the next subsection. It should be noted that the longitudinal deflections occur in the plane of wheel
rotation for the PSS.

Note that Z is the displacement vector and F is the input vector. They are expressed as following

Z = {Zs ¢s Zuf Zur gf 0 }T

T
F:{—msg (Flsf Cosgf_FIsr)h _mufg+sz _mufg+Fzr FxftRef _Tf FxrtRer_Tr}

where Fiiand Fy, are the suspension longitudinal forces. Res and R, are the effective rolling radii of
the front and the rear tires and are evaluated from the radial-spring tire contact model. The torque is
assumed to be positive clockwise such that the driving torque is positive, whereas the counter

clockwise angular motion of tires is positive as shown in Figure5-9.

It is noteworthy to point out that only the tire-ground friction forces would generate torque with
respect to the tire center; the longitudinal components of the contact forces, Fy. and Fy., pass the

wheel centers and do not generate torque.

As mentioned previously, the longitudinal elasticity always exists in a conventional suspension
system and can be treated as a longitudinal spring with large stiffness. The pitch plane-half car model
for a conventional vehicle can also be established in a similar approach. However, unlike the PSS, the
possible longitudinal relative motions between the chassis and the tires (or the longitudinal
deflections of the suspension system) in a conventional suspension occur in the chassis vertical plane.
The expression of the mass matrix, M, is the same as that of the vehicle with planar suspension

systems, but the damping and stiffness matrix are given in the following forms:
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Cf *Cor Cop (0+Xx) =G5, (€~ Xgy) ~Cof “Cor 00
2 2
Cef (b+ XAl) ~Cq; (c- XBl) (b+ XAl) Cp + (c- XBl) Cor -(b+ XAl)CSf (c- xBl)csr 00
C- s —(b+x Al)cSf Cef 0 00
“Cor (c- XBl)csr 0 Cor 00
0 0
L 0 .
st Ky s (0 Xpg) —kgp 6= g) gt s 00
2 2
kf(b+xA1)—ksr(c—xBl) (b+xA1) ka +(c—xBl) ksr —(b+xA1)ka (c—xBl)kSr 00
K K b+ 1 )k kg 0 00
K (€= gy 0 st 00
0 0
L O -

The input vector, F, is modified as follows:

T
F:{—msg (Flsf_Flsr)h _mung:zf _mufg+Fzr FxftRef _Tf FxrtRer_Tr}

5.3.2 Formulation of the Single-Track Yaw Plane Sub-Model

In the formulation of the yaw plane sub-model, as illustrated in Figure 5-10, two coordinate frames
are used to describe the yaw plane motions of a vehicle. The first coordinate frame (XQY) is the
global frame, while the second one (xoy) is fixed to and moving with the chassis so that the yaw mass

moment of inertia of the chassis is constant during the cornering manoeuvre.

The yaw plane model for a vehicle with PSS is shown in Figure 5-10 (a). The chassis is
represented by a rigid body, and the front tire is modeled as a rigid body attached to a slider. This
slider can only translate with respect to a body that is controlled by the steering system. The steering
input is the angle (d;) between the chassis longitudinal centerline and the tire. The rear wheel is
modeled as a rigid body attached to another slider which can only move backward and forth, and
cannot rotate with respect to the chassis. Point A; and point B; represent the mass centers of front and
rear wheels, respectively, while point A and point B signify the points on the chassis and at which the
front and rear wheels connect to the chassis via the longitudinal suspension. The suspension

longitudinal deflection locates in the wheel rotation plane. When there is no longitudinal deflection,
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points A; and A, points B, and B coincide. The absolute longitudinal, lateral and yaw velocities of the
chassis mass center are Vy, V, and ©,, respectively. They are described in the body fixed frame (xyz),
and are observed in the global frame (XOY). xa; and Xg; are the relative longitudinal motion between

the chassis and two wheels.

As illustrated in Figure 5-10 (a). Fy and Fy, represent the total longitudinal forces acting on the
front and rear tires. They have two components: one is due to the tire ground friction, and the other
one is due to the road obstacles. F,, is the external longitudinal force acting on the chassis. Fyand F,
are the lateral friction forces or cornering forces applied to the front and rear tires, and can be
predicted from the LuGre tire friction model presented in previous section. The equations of motion

for the vehicle yaw plane motions are derived as follows:

ma. +m . +m a. = Fxf cos6f - Fyf sin 5f + FXr + Fxo (5.16-1)
m a +m faufy uraury = Fyf coséf + Fyr + Fxf siné]c (5.16.2)
1,Q, +15,Q, +12,Q, =F,bsins, + F,; (bcosS, +X,) —F,,. (€~ Xg,) (5.16-3)
mf aufxCOS5f Mg aufysinéf :(FXf _Flsf) (5.16-4)
m.a =F +F

ururx xr o lsr (5.16-5)

where Fis and Fy;, are the suspension longitudinal forces and can be calculated by
Ky

Fe =—% dz (XAl) + Ky Xa1 + G Xy (5.17-1)

Isr = (XBl) klf Xg1 — Cif X (5-17'2)

as, aufx, and ay, are the longitudinal acceleration components of the chassis, front wheel and rear
wheel, respectively; and as, auy, auy are the lateral acceleration components of the chassis, front

wheel and rear wheel, respectively. They are

a_ =V -V Q
sX X Yy 'z

a,x —V% VyQZ xAlgzsméf +xA1cos5f _XA15f sm5f —QZ(xAlcosﬁf +b)

—2xA1QZ§f 0055f —ZXAlQZ sin 5f
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Figure 5-10: 5-DOF Single-track vehicle handling model
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I, 15 and I°

ufz urz

are the mass moment inertia of the sprung mass, front unsprung mass and rear

unsprung mass with respect to the vertical axis through the chassis mass center (point O),

respectively. 15 and I

ufz urz

are state-dependent and can be determined from

o 2 2
quz_lufz+muf (b +xA1+2belcoséf)
o _ N2

urz Iurz Hnur(xBl ©)

where |l and 1, are the respective mass moment inertia of the front unsprung and rear unsprung

masses with respect to the vertical axis through its mass center, respectively.

Unlike the case of a PSS vehicle, both the front and rear wheels in a conventional vehicle can
only move backward and forward in the chassis longitudinal plane, as illustrated in Figure 5-10(b).
The longitudinal suspension deflections can only occur in the xoy plane. The equations of motion for

a conventional vehicle are established as

; o 2
mg (Vx —VyQZ) +m, BVX -V QZ + Xy —(b+ XAI)QZ]

y (5.18-1)
#my V=V Qe — (e ~0)Q2]=F ; coss, Fyg SING( +Fy +F, o
m, (\/'y +V, Q) +m [fvy +V,.Q +(b+ xAl)QZ + ZXAlQZ} (5.18-2)
+mur[vy +V, Q.+ (Xgy —C)Q, + 2%, Q. ] = Fuf SO +F  +Fygsingy

L O /1, +m. . b+x)2 |0 +|1 __+m (x,-c)? |©

sz”"z ufz * " uf Al z urz = ur B z (5.18-3)
=F s (b+xy)sins, + Fyf (b+x,)cosd — Fyr (C—Xgy)
m ¢ [\/’X V@, + 4y~ (b+ xAl)Qﬂ = (Fyg c0s5( —Fp)—Fyq sin, (5.18-4)

. . 21 -

My lVy _Vsz *Xg (g ~OR I=Fy + g (5.18-5)

It is assumed that the longitudinal spring-damper elements in the conventional suspension system
are linear. The front and rear longitudinal suspension forces, Fis), are obtained using the following

equations:
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Fist (r) = Kif (r) A + Gif (r) ¥t (5-19)

The side slip angles of the two tires for a vehicle with PSS, as defined in Figure 5-10 (a), can be

determined from

\
o =tan_1\/ﬂ—5f
Alx (5.20-1)
1Vy+xA1(QZ+5f)cos5]c +>‘<Alsm5f +sz_5

=tan~ - . f
cos&f —xAl(QZ +5f )sm§f

VX+XA1

1 Vy + (xBl -C)Q

V. +X
X

1VBly Z

B1x

=tan

a, = tan (5.20-2)

Bl

For a vehicle with a conventional suspension, the side slip angles of the two tires are

\ V. +Q_(b+x,,)
ap—tan P A 5t L A (5.21-1)
ALX X+XA1
\Y/ V. +(Xg, —C)Q2
a, :tan—lvEﬂ:tan—l an BL ~ 2 (5.21-2)
Blx x " *B1

The parameters of the PPS and convention vehicles used in this study are listed in Table 5-2.

Table 5-2: Vehicle parameters of a PPS and a conventional vehicle [25, 73]

PPS Conventional
Dimension L xW x H (m) 4.69x1.83x1.45 4.69x1.83x1.45

Total Mass (kg) 1300 1300
lsy (kgm?) 1630 1630
ls, (kgm®) 2000 2000

b (m) 1.0714 1.0714

c (m) 1.4286 1.4286

ker (KN/m) 23.8/2 23.8/2

kst (KN/m) 35.7/2 35.7/2

Csr (KNS/m) 2.207/2 2.207/2

Cst (KNS/m) 3.311/2 3.311/2
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ke, ke (KN/m) 175 175
Ci, Cr (KNs/m) 0.5 0.5
Kisry IKstcr) 30
Cif(r) 2.5 kN.s/m
myr (Kg) 57/2 57/2
mys (Kg) 47.6/2 47.6/2
h (m) 0.25 0.25
lusy (kgm?) 2 2
Iz (kgm?) 1.1 1.1
lury (Kgm?) 2 2
lurz (kgm?) 1.1 1.1

5.4 Analysis of Steady-State Handling Characteristics

Steady-state handling characteristics are very important to evaluate the handling performance of a
vehicle. In this study, the steady-state handling responses in terms of the yaw velocity gain, lateral
acceleration gain and the curvature response are derived from the proposed single-track handling
model. The handling characteristics of a PSS vehicle and a similar conventional vehicle are
investigated and compared in three cases: understeer, neutral steer and oversteer. Also, the effect of

the longitudinal friction force on the steady-state handling performance is examined.

5.4.1 Derivation of Steady-State Steering Response

Steady-state handling performance refers to the directional behaviour of a vehicle during a turn in
such a state that the state variables, such as the vehicle forward velocity and steering angles, remain
constant. In other words, the derivative terms in equations describing the vehicle motions are zero. In
this study, the analysis of the steady-state handling characteristic is based on the following

assumptions:

(1) The steering angle and the side slip angles of the two tires are very small. Therefore, the

following expressions hold:

sind; =d,,c089; =1,sina; ~a,,c0sa,; =1,sina, ~a,andcose, ~1
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(2) The value order of chassis lateral velocity and yaw rate is very small compared to that of the

vehicle longitudinal velocity.

(3) High order terms, i.e. the products of small terms, such as the steering angle, side slip angles

of two tires, chassis lateral velocity and yaw rate, are negligible;

(4) Equation (5.12) can be linearized and the lateral tire friction force is calculated from:

F =C « (5.22)
(24

where C, is the cornering coefficient of front or rear tire. This term is not constant but state-dependent
and can be evaluated from equation (5.12) as

B aFy(a,s,v, Fn,L)

c = - 0 (5.23)

Based on these assumptions, the equations of motion in the steady state are rewritten as

Foe —F ¥ S¢+F =-F (5.24-1)
Fyf + Fyr +F 6 =(m+m+m NV Q (5.24-2)
Feg b0 +Fyp 0+ X3~ Fyp €= Xgp) =0 (5.24-3)
Eﬁ: _ E:Z: fgyfé ;=0 ];(())rr I(D:Sr?ventional (.24-4)

xr * Fisr =0 (5.24-5)

Equations (5.24-1), (5.24-4) and (5.24-5) establish the equilibrium (steady) states of the
longitudinal motions for the chassis, front tire and the rear tire with a constant forward velocity.

Equations (5.24-2) and (5.24-3) describe the steady-state cornering motion of the chassis.

Substitution of equations (5.20) and (5.21) in equation (5.22) leads to the lateral friction force

terms, Fy; and Fy,, in the steady state as

\% +Qz(b+XAl)

E _c {5 _y} (5.25-1)

yf — Taf | f Vv
X
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(5.25-2)

Substituting the force terms defined by equation (5.25) in equations (5.24-2) and (5.24-3) leads to
the following:

Caf + Cm mv. + Caf (b + XAl) - C(zr (C - XBl)
RV x v, v, T C, +F, 5 (5.26)
Coi(+%)=Co(c=%g)  Ci(0+%) +C, (=%)’ |[ Q] [Car(0+Xy)+Fsb ]
Vv V

X X

where m is the total mass of the vehicle including the chassis and two tires (ms+my+my,). It is evident
that the above steady-state handling equations of the chassis are identical to the widely-used
conventional steady-state handling equations when the longitudinal deflections (Xa1, Xg;) of the
suspensions are equal to zero (the longitudinal friction force applied to the front wheel is zero in this
case) [7].

Solving equation (5.26) leads to

(b+C+ Xy — Xgy)°

o =
Fs(O+c—x F, X
R[(b+c+xAl—xBl)+ a( ; o) _ é“}
af ar (527)
+£ [m(c - XBl)Car - m(b + XAl)Caf ]

Fxf (b +C— XBl) _ Fxf Xa1 Caf Car
C C

af ar

{(b+c+ Xa; — Xgp) +

The suspension longitudinal deflections are zero when there is no longitudinal force applied to the

two tires, and the above equation becomes

5 _ (b+C)2 Caf Car + mVx2 [CCar - bcaf ]

f

R(b+c)C,.C,, (5.28)
b+c V7,6 mc mb
=——+—2( - )
R R 'LC LC

af ar

This expression is the same as the widely-used steady-state handling equation where the
longitudinal forces are neglected [7]. Although equations (5.26) and (5-28) are similar to those appear

in the literature, the significance is that the cornering stiffness, C,- and C,,, are not constant but a
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function of the normal wheel load, the contact patch length, the longitudinal slip, the side slip angle,

the tire forward velocity and the longitudinal force.

In the steady-state handling study, the yaw velocity gain, lateral acceleration and curvature
response are of the most interests, and are always examined. Because Q, = V,/R, the yaw velocity

gain, Gyaw, defined as the ratio of the steady-state yaw velocity to the steer angle, can be evaluated by

Q

G __Z
yaw g5

f (5.29)

VX {[(b +C+ Xy - xBl)Caf + Fxf (b+c- XBl):|CaI’ - Fxf Caf Xm}

2 2
(b+C+ Xy — Xg) Caf Car + mVX [(c- XBl)Car —(b+ XM)CO”c }

The lateral acceleration gain, G, defined as the ratio of the steady-state vehicle lateral

acceleration to the steer angle, can be derived from equation (5.27) as

2 /
:vX /gR i a /g
acc S5 S
f f (5.30)

2
vy [(b+c+ XAl_XBl)CafCar +Fof (b+c- XBl)Car ~Fu Caf XAJ

2
gb+c+xy —Xg)"C,¢C p T V)r(%[(c—xBl)Car —(b+x,)C ¢ }

The curvature response, defined as the ratio of the steady-state curvature to the steer angle, is

expressed by the following:

FR (et =X)C, € By (040 —X0)C, — R €yt a1
5f (b+C X~ XBl)ZCaf Car + mVxZ [(C - XBl)Car - (b + XAl)Caf :' '

5.4.2 Study of steady-state handling Responses

Equation (5.27) indicates that the longitudinal friction force and the suspension longitudinal
deflection influence the wvehicle steady-state handling characteristics. Figure 5-11 shows the
relationship between the required steering angle, the longitudinal force and the vehicle velocity of an

understeer vehicle with PSS and conventional suspension systems.
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Figure 5-11: Required steering angle of a PSS vehicle

Equation (5.28) implies that there is no difference in the steady-state handling characteristics
between a PSS vehicle and a conventional vehicle when no traction or braking forces are involved.
However, in reality, a longitudinal friction force is always applied to the tires to balance the external
longitudinal force, F,,. Although such external forces are out of the control of engineer, it should be
taken into account in the vehicle development. At least, their influence on the steady-state handling
performance of a vehicle, especially a PSS vehicle, should be investigated and well-understood.
Generally, the longitudinal friction force can be either a forward traction force or a backward braking

force. These two scenarios are studied in this section.

The steady-state handling characteristics are often classified as understeer, neutral steer and
oversteer. In general, for a vehicle whose tires are identical and the wheelbase parameter b is larger
than c, as shown in Figure 5-9, its steady-state handling characteristic is understeer. The steering

characteristic becomes neutral steer when b and c are equal, and oversteer if b is less than ¢ [7].

5.4.2.1 Steady-State Handling Performance Involving a Traction Force

This subsection presents the investigation of the steady-state handling performance of a vehicle with
PSS in the conditions where a traction force is applied to the front tire in order to compensate the drag
forces so as to maintain a constant forward speed in a turning. It is assumed that the vehicle negotiates
a curve with a constant radius (100m) in a steady-state condition. The investigation is carried out in

two conditions: (i) Fx = 200 N and (ii) Fy; = 800 N. The first value may represent a common driving
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situation while the second one may represent a steady driving condition on a curved road up a hill.

Also, the free handling behaviour with F,; = 0 is investigated as a baseline.

The relationship between the required steering angle and the vehicle speed with various traction
forces is shown in Figure 5-12. It is evident that the required steering angle, for both the PSS and the
conventional vehicles, increases by increasing the speed for the understeer vehicles. The difference in
the required steering angle between the two types of vehicles is very small. For the vehicles with
neutral steer characteristic, the PSS vehicle requires a larger steering angle at lower speeds, but a
smaller steering angle at high speeds than the conventional vehicle. For the vehicles with oversteer
characteristic, the required steer angle decreases with an increase in the vehicle speed. The PSS
vehicle requires larger steering angles at lower speeds and smaller steering angles at high speeds than
the conventional vehicle. Figure 5-12 also implies that the tractive friction force applied to the front
tire can lead to an increase in the required steer angle. A large tractive friction force results in a need
of large steering angle. The effect of the longitudinal elasticity in the suspension system has little
influence on the required steering angle when the tractive friction force is small, but a slight influence
when the longitudinal force is relatively large. Even when the longitudinal force is relatively large
(800N), the difference in the required steering angle between the two types of vehicles is negligible.
Therefore, it can be concluded that a PSS does not induce a significant difference in the required
steering angle compared with that of a conventional suspension system in the same steady-state

cornering condition.

Figure 5-13 depicts the yaw velocity gain characteristics of the two types of vehicles. It can be
seen that the yaw velocity generally increases as the vehicle speed increased, and when the traction
force increases, the yaw velocity is decreased. This means that the longitudinal traction force at the
front tire can enhance the understeer behaviour and mitigate the oversteer characteristic. Meanwhile,
the yaw responses of the PSS and the conventional vehicles to the same steering input are almost

identical in all the understeer, neutral steer and the oversteer conditions.
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Figure 5-12: The required steering angle at different speeds (traction case)
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Figure 5-13: Yaw velocity gain (rad/s/rad) of a vehicle with PSS and conventional suspension

The lateral acceleration gains, defined by equation (5.30), of a vehicle with PSS and conventional
suspension system are displayed in Figure 5-14 with the understeer, neutral steer and the oversteer
characteristics, respectively. It can be seen that an increase in the vehicle speed can increase the
lateral acceleration. The lateral acceleration increases rapidly especially for the oversteer case when
the speed is high. This occurs because the high vehicle speed is close to the critical speed of an
oversteer vehicle. Figure 5-14 clearly shows that the traction force can enhance the understeer trend.
The larger the longitudinal traction force, the smaller the lateral accelerations are for a vehicle with
both the PSS and conventional suspension. The results shown in Figure 5-14 indicate that there is
little difference between a PSS vehicle and a similar conventional one in terms of the lateral
acceleration response to the same handling input.

Figure 5-15 portrays the curvature response, defined by equation (5.31), of a PSS vehicle and a
conventional vehicle with the understeer, neutral steer and the oversteer characteristics, respectively.
The curvature response decreases with an increase in the vehicle speed for the vehicles with the
understeer characteristic, whereas increases for the vehicles with the oversteer behaviour. The vehicle
speed has little effect on the curvature response for a neutral steer vehicle, and the longitudinal
traction force can reduce the curvature response. Similar to the yaw velocity and lateral acceleration
responses, the difference of the curvature response between a PSS vehicle and a conventional vehicle
is negligible.

93



|— Faf=0 —— P58 Corverntional | |— Frf=0—— P55 Conventional |

[

=

=]
L

2001
Oversteer

Oversteer

—

h

=]
L

150

Neurral steer ]
100

Lateral Acceleration (Fain ay/6f
N
Lateral Acceleration Gain ay/af

1001 - 5
7 1
- \)\ 4
50 . 50
(i ] / ]
S [Tnderateer i L™ Understeer
o_— - o
0 50 100 150 200 0 50 100 150 200
Speed V (km/h) Speed V (km'h)
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Figure 5-15: Curvature response (1/m/rad) of a vehicle with PSS and conventional suspension

5.4.2.2 Steady-State Handling Performance Involving a Braking Force

The steady-state handling characteristic of a PSS vehicle in a case where the braking force has to be
applied is now studied and compared with that of a conventional vehicle. In this study, the braking
ratio is assumed to be 6:4, i.e. 60% of braking force is applied to the front wheel and 40% to the rear

wheel.

Figure 5-16 illustrates the relationship between the required steering angle and vehicle speed with

different braking forces. For vehicles with the understeer characteristic, an increase in the speed
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increases the required steering angle. The braking force has little influence on the required steering
angle of a conventional vehicle, whereas it can increase that of a PSS vehicle. For the vehicle with the
neutral steer characteristic, the required steer angle is constant when there is no longitudinal force.
The existence of the braking force changes the neutral steer to somewhat understeer, and such
changes are more evident for a PSS vehicle. For the vehicles with the oversteer characteristic, a
higher speed requires a smaller steering angle. The existence of the braking forces can reduce the
required steering angle. This reduction is more evident for a PSS vehicle. It can be concluded that the
application of the longitudinal braking forces can induce the understeer trend for vehicles, and this

trend is more evident for the PSS vehicle.

Figure 5-17 demonstrates the yaw velocity gains, defined by equation (5.29), of a vehicle with
PSS and conventional suspension in the steady-state with braking forces. The results signify that the
yaw velocity generally increases with an increase in the vehicle speed. For both the PSS vehicle and
conventional vehicle with any of understeer, neutral steer and oversteer characteristic, the backward
braking force applying to the two tires can reduce the yaw velocity gain compared with that of a free
turning in which there is no longitudinal force. The larger the longitudinal forces are, the larger the
reduction is. The reduction in the yaw velocity gain, caused by the braking force, is influenced by the
suspension longitudinal elasticity. For the PSS vehicle, this reduction is larger than that of the
conventional vehicle. From this point of view, the longitudinal braking force may increase the critical
speed of an oversteer vehicle. The PSS vehicle may be more advantageous than a conventional
vehicle in terms of the directional stability in the existence of braking forces.

The lateral acceleration gain, defined by equation (5.30), for both the PSS and conventional
vehicles is examined and plotted in Figure 5-18. An increase in the vehicle speed can increase the
lateral acceleration as indicated. Similar to the yaw velocity gain, the lateral acceleration can be
reduced by braking forces. Compared with the conventional vehicle, the effect of the braking forces

in the PSS vehicle is more evident.
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Figure 5-16: Required steering angle at different speeds (braking case)
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Figure 5-17: Yaw velocity gain (rad/s/rad) of a
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Figure 5-18: Lateral acceleration gain (g/rad) of a vehicle with PSS and conventional

suspension

Figure 5-19 depicts the curvature response, defined by equation (5.31), of a PSS and a

conventional vehicle. The curvature response decreases with the increase in the speed for the vehicles

with the understeer characteristic, but increases for the vehicles with the oversteer characteristic. The

vehicle speed has little effect on the curvature response of a neutral steer vehicle when the braking

force is small. The figure also shows that the braking forces can reduce the curvature response,

especially when the forces are relatively large. Compared to the conventional vehicle with stiff

longitudinal connections, the reduction in the curvature response of the PSS vehicle is relatively

large.
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Figure 5-19: Curvature response (1/m/rad) of a vehicle with PSS and conventional suspension

5.5 Summary

A handling model system consisting of a 5-DOF single-track yaw plane sub-model and a 6-DOF half-
car pitch plane sub-model was developed incorporating a 2D dynamic tire-ground friction model to
study the handling performance of a PSS wvehicle. This model system accounts for the relative
motions between the wheels and chassis, and takes into account the coupling between the longitudinal
and lateral friction forces. This model can be used to investigate the effect of suspension longitudinal

compliance on the vehicle bounce, pitch and the handling dynamics.

In this chapter, a study regarding the steady-state handling characteristics of the PSS vehicle was
carried out in conditions where a forward and a backward friction forces exist. The vehicles were
assigned the understeer, neutral steer and the oversteer handling characteristics, respectively.
Throughout the investigation, it was concluded that, while the PSS vehicle exhibits a similar steady-
state handling performance to the conventional vehicle, the application of PSS in vehicles can
enhance the understeer trend in the presence of longitudinal braking or traction forces, i.e. understeer
becomes more understeer, neutral steer becomes slightly understeer and oversteer becomes less
oversteer. The longitudinal force can enhance the understeer trend of the PSS vehicle more than that

of the conventional vehicle.
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Chapter 6
Handling Dynamics Study: Time and Frequency Domain

Responses

6.1 Overview

In last chapter, an 11-DOF model system for a vehicle equipped with PSS was developed, and the
handling characteristics in the steady-state were investigated in different scenarios. However, the
relative motions between the chassis and tires occurs most possibly when the state of wheels changes
such as braking or traction, or when wheels experience external disturbances such as road obstacles.
The transient handling behaviour may be more important. As in many other vibrating systems, a
phase shift can build up for a vehicle between a steering input and the corresponding directional
output as input frequencies changes. The steering input may entail various frequencies, from low
frequency made by normal drivers to high frequency by professional drivers [80]. On the other hand,
due to the existence of the relative motions, the directional stability of a vehicle with PSS is a crucial
concern and plays a pivotal role in the feasibility of the planar suspension system. The frequency

domain study of a PSS vehicle, therefore, needs to be carried out.

The handling performance study of a PSS vehicle in time domain and frequency domain is
presented in this chapter. The parameters used are the same as those used in the previous chapter, as
listed in Table 5-2. In the time domain study, the transient handing response is predicted using the
proposed analytical model in various scenarios. In the frequency domain investigation, the nonlinear
model system is first linearized. The directional stability of the PSS vehicle is examined by an
eigenvalue analysis of the linearized system. The frequency handling responses of a PSS vehicle, in
terms of yaw velocity gain and lateral acceleration gain, are predicted and analyzed under the
conditions where the wheels with and without traction forces. The corresponding response of a

similar conventional vehicle is also predicted in both the time and frequency domains for comparison.

6.2 Study of Handling Performance in Time Domain

Due to possible wheelbase changes and the resulting variation in the vehicle weight distribution, the
transient response of a PSS vehicle to handling demand may exhibit different characteristics from that
of a conventional vehicle in handling maneuvers. Therefore, a time domain study of the handling

performance is carried out. The real-time responses of the PSS vehicle in four scenarios, including a
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turning on a bumpy road, a turning combined with braking, a turning combined with acceleration, and
a lane change with acceleration, are predicted and studied using the proposed vehicle model. The

results are also compared with those of a similar conventional vehicle using the same approach.

The trajectory is an important measure of a vehicle’s directional behaviour. In this study, the
trajectory of a vehicle refers to the trajectory of the chassis mass center, and is defined by the
coordinate of the chassis mass center in the global coordinate system (X, Ys). As denoted in Figure 5-
10, it is assumed that the yaw angle of the chassis or the x axis, y,, is measured from the chassis

original position that coincides with the X axis of the global system. It can be readily calculated from

v, (1) =[2,()de (6.2)

The lateral and longitudinal velocities of the chassis mass center in the global coordinate system
(2YZ), Vx and Vy, can be derived from the knowledge of the corresponding ones in the body-fixed

coordinate system (xyz), Vy and V,, as the following:

Vi ()] _[co 9, (t) —siny, )] [V, () 62)
Ve ()] [sing,(t)  cog,(t) ]|V, () '

Then the coordinate of the chassis mass center in the global system, Xs and Y, which define the

vehicle’s position, are

X ()= j.VX (r)dr
0 (6.3)

Y. () = jVY (r)dr

6.2.1 Validation of the Proposed Handling Model

The proposed simulation model for handling study has not been validated. In order to investigate the
model fidelity, a validation for the conventional vehicle is first carried out with the reported study
conducted by Shim and Ghike based on a 14-DOF full-car model for a J-turn manoeuvre at 50 km/h
[58]. Their results were validated with CarSim and Adams/Car. Figure 6-1 illustrates the reported
study data in the J turn. The results in terms of the lateral acceleration and yaw rate are obtained from
the proposed analytical model in the present study for a conventional vehicle and superposed on the
reported results, as the green dash line shown in Figure 6-1. It can be seen that the results obtained
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from different models correlate with a good agreement. The slight difference may be due to the fact
that Shim’s results are obtained form a full-car model where the roll motion and the wheel load lateral

transfer are considered, whereas there are no roll motion and wheel load lateral transfer in the half-car

model.
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Figure 6-1: Comparison of the lateral acceleration and yaw rate of a conventional vehicle with

the reported data [58] in a J-turn (green dash line represents the result of this study)
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Figure 6-2: Comparison of the lateral acceleration and yaw rate of a PSS vehicle from different

models in a step steering

The proposed 11-DOF analytical model for the PSS vehicle is also validated with an Adams/car
model in which PSS is constructed as illustrated in Figure 4-9. The validation is carried out at 60
km/h with a 3° step steering input. The lateral acceleration and yaw rate responses of the PSS vehicle

are predicted using the two types of models, and plotted in Figure 6-2. It can be seen that the results
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obtained from the 11-DOF half-car analytical model are generally in good agreement with those
obtained from the Adams/car model. The slight deviation is due to the fact that the Adams/car model
is a full-car model with much complexity. The difference between tire models may also contribute to

this deviation.

6.2.2 Case [: Turning on a Bumpy Road

In this case, it is assumed that a vehicle commences to turn with an initial speed of 50 km/h. The
steering input is a 5° step steering angle. During the turning, the vehicle undergoes a bump excitation
which is 200 mm long and 100 mm high. Figure 6-3 depicts the vehicle trajectories of the PSS and
conventional vehicles. The results indicate the turning path for a constant steering angle almost
maintains a circle despite of the bump disturbance. Figure 6-3 implies that, the trajectories of the two

types of vehicles almost coincide with each other during the entire manoeuvre.
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Figure 6-3: Vehicle trajectory of a step steering input turning

The velocity and acceleration responses of the chassis are illustrated in Figures 6-4 and 6-5,
respectively. It can be seen from Figure 6-4 that the velocity components of the PSS vehicle are
almost as same as those of a conventional vehicle. There is no significant difference in the lateral and
yaw velocities between the two types of vehicles when the vehicles hit the bump. The bump-induced
variation of the longitudinal velocity, namely the vehicle speed of a PSS vehicle, is somewhat less
than that of a conventional vehicle. Figure 6-5 demonstrates that the bounce and lateral accelerations

of the PSS vehicle are very close to those of a conventional vehicle. However, significant
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improvement is achieved in the longitudinal direction for the PSS vehicle. The bump-induced
longitudinal acceleration of the PSS vehicle is much smaller than that of the conventional vehicle

without any compromise in the handling performance.
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Figure 6-4: Time history of chassis velocity components for a turning on a bumpy road
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Figure 6-5: Time history of chassis acceleration components for a turning on a bumpy road
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In order to have a good understanding of the vehicle’s motion during the turning on a bumpy
road, the dynamic tire-ground contact forces developed at the tire-ground contact patch due to this
bump are predicted and plotted in Figures 6-6. The force plots show that the tires lose contact at the
simulation speed when passing over the given size bump. There is little force difference in the vertical
and longitudinal directions between the PSS vehicle and the conventional vehicle, except a time delay

for the PSS vehicle. This time delay is obviously induced by the soft longitudinal strut in the PSS.
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Figure 6-6: Time history of tire-ground contact forces

It is interesting to see from Figure 6-7 that the longitudinal and lateral friction forces are
developed when a vehicle passes over a bump during a turning. It can be understood that the wheel
forward velocity decreases when it hits a bump, whereas the angular velocity of the wheel does not
change simultaneously. Therefore, a slip velocity is developed between the tire and road, generating
the friction forces. It is readily understood that the changes of the wheel normal load induced by the
bump can also contribute to the undulations of the friction forces. Due to the fact that the tires in the
PSS vehicle and those in the conventional vehicle undergo different tire forward velocity changes
when hitting a bump, the excessive friction forces developed at the tire-ground contact patch exhibit
different pattern in the longitudinal direction. However, Figure 6-7 shows that the lateral friction

forces of the two types of vehicles are very close even when hitting the bump.
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Figure 6-7: Time history of the tire friction forces

The suspension longitudinal forces, shown in Figure 6-8, indicate that the longitudinal forces

transmitted to the vehicle body via the PSS are relatively small compared to those via a conventional

suspension. To some extent, the vehicle body, suspension linkages and the joints experience less

impact damages when the PSS vehicle encounters large road obstacles.
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Figure 6-8: Time history of the suspension longitudinal forces

A concern regarding the suspension working-space may arise when the tires traverse road
obstacles. Therefore, the longitudinal suspension deflections of the PSS vehicle are predicted and
compared with those of the conventional vehicle, as plotted in Figure 6-9. The results show that the
suspension longitudinal deflections of the PSS vehicle are considerably larger than those of the
conventional vehicle due to the soft longitudinal connection. However, the deflection is less than 3
cm in the simulation condition, which means that no excessive design space is required in the

longitudinal direction.
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6.2.3 Case II: Turning Combined with Braking

A braking-in-turn manoeuvre is explored using the proposed analytical model with an initial vehicle
speed of 100 km/h. The steering input and the braking torque, illustrated in Figure 6-10, are applied
simultaneously. The braking torque is applied to the front and rear tires with such a ratio that the

applied braking torque is proportional to the static wheel load.

The time history of the chassis velocity components are plotted in Figure 6-11. In the longitudinal
direction, the velocity decreases and exhibits no difference between the PSS and conventional
vehicles. However, the lateral and yaw velocities of the PSS vehicle are quite different from those of
the conventional vehicle. The lateral and the yaw velocities of the PSS vehicle are comparatively
small. This difference corresponds to the relative motions between the wheels and chassis. In the
braking manoeuvre, the wheels in the PSS vehicle develop a relative longitudinal velocity with
respect to the vehicle body. This longitudinal velocity can influence the relative slip velocity defined
by equation (5.4) and results in larger longitudinal friction force. As discussed previously, the
longitudinal friction can reduce the lateral friction force. Such a relative longitudinal motion in a
conventional vehicle is very small. Therefore, the lateral friction force in the PSS vehicle is slightly
smaller than that in the conventional vehicle; and the lateral motion of the PSS vehicle is smaller than

that of the conventional vehicle.
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Figure 6-11: Time history of the chassis velocity components

The chassis acceleration responses are plotted in Figure 6-12. At the instant when the braking

torque first increases and then decreases, a vertical acceleration is generated. The magnitude of this

vertical acceleration of the PSS vehicle is larger than that for the conventional vehicle, possibly due to
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the larger pitch motion of the PSS vehicle. However, the vertical accelerations are generally very
small and negligible. The longitudinal acceleration of the two types of vehicles are very close,
whereas the lateral acceleration of the PSS vehicle is slightly small when compared with that of the

conventional vehicle.
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Figure 6-12: Time history of the chassis acceleration components

The trajectories of the two types of vehicles are plotted in Figure 6-13. It is clear that the path
radius of the PSS vehicle gradually becomes larger in the turning than that of the conventional
vehicle, i.e., the vehicle with PSS exhibits more understeer characteristic in a turning combined with a
braking operation. This may be related to the changes in the wheelbase and the weight distribution of
the vehicle with PSS. Because of the stiff longitudinal suspension stiffness in the conventional
suspension, the weigh distribution remains almost unchanging. Such a characteristic of the PSS
vehicle is controversial. It may be an advantage when stability is preferable in some situations such as
this brake-in-turn manoeuvre. On the contrary, it is undesirable when a rapid turning response is
needed in an obstacle-avoidance manoeuvre. However, the path variation shown in Figure 6-12 is

very small and can be neglected.
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Figure 6-14 illustrates the normal wheel loads at the front and the rear tires. In this combined
operation, the normal wheel load is transferred to the front wheel from the rear wheel. This is actually
induced by the braking operation. This figure also shows that the normal wheel load transfer of the
PSS vehicle is larger than that of a conventional vehicle, may be due to wheelbase changes.
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Figure 6-14: Time history of the normal wheel load
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6.2.4 Case III: Turning Combined with Acceleration

A combination of turning and acceleration maneuvers is studied with an initial vehicle speed of 20
km/h. The steering input and the driving torque, as shown in Figure 6-15, are applied at the same

time. The driving torque is solely applied to the front tire.
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Figure 6-15: Steering and driving torque inputs in a combining operation

The time history of the chassis velocity components is illustrated in Figure 6-16. In the
longitudinal direction, there is no difference between the PSS vehicle and the conventional vehicle.
The lateral and yaw velocities of the PSS and conventional vehicles are close at the beginning of the
operation. When the driving torque starts to reduce, the lateral velocity has a peak and the yaw
velocity has a dip. This is due to the fact that, in a two-dimensional friction, the lateral friction force
can increase when the longitudinal tractive friction force decreases. The suddenly increased lateral
force results in a rapid directional response. The difference between the PSS and conventional
vehicles is due to the different dynamic normal load at the front wheel. Because of the extension of
the front suspension, the front wheel of the PSS vehicle moves far away to the gravity center, and the
front wheel load becomes smaller than that of a conventional vehicle, and so are the lateral cornering
forces at the front wheel. This is why the yaw velocity of a PSS vehicle is always slightly smaller

than that of the conventional vehicle during the manoeuvre.
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Figure 6-16: Time history of the chassis velocity components

The chassis acceleration responses are plotted in Figure 6-17. When the driving torque increases
and then decreases, a vertical acceleration is generated and its magnitude of the PSS vehicle is larger
than that of the conventional vehicle, as in the braking-in-turn manoeuvre. However, the vertical
accelerations are generally small and negligible. The longitudinal and lateral acceleration responses of
the two types of vehicles are very close in the course except when the driving torque starts to

decrease.

The trajectories of the two types of vehicles are plotted in Figure 6-18. It can be seen that, during
the operation, the radius of the path for the PSS vehicle becomes larger than that of the conventional
vehicle. In other words, the PSS vehicle becomes more understeer in a turning combined with an

acceleration operation. This is similar to the braking-in-turn case.
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Figure 6-18: Vehicle trajectory in an acceleration-turning combined

6.2.5 Case IV: Lane Change Manoeuvre

In this study, a lane change, combined with an acceleration operation, is studied. Figure 6-19
illustrates the trajectory of the two types of vehicles for a lane change combined with an acceleration

operation, as well as the trajectories for a pure lane change without any other input. The figure shows
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that the trajectories of the PSS and conventional vehicles are very close although that of the vehicle
with PSS is somehow inside when combined with an acceleration operation. This difference is
induced by the difference in the suspension longitudinal deflection. The trajectories of the two types

of vehicles are almost the same during pure lane change manoeuvre.
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Figure 6-19: Trajectory for a lane change

Figure 6-20 depicts the time history of the chassis velocity components. Clearly, the velocity
components of the vehicle with PSS are very close to those of the vehicle with conventional
suspension. In addition, the results imply that a high vehicle speed results in a large lateral velocity.
Figure 6-21 shows the acceleration response of the combined operation. The results indicate that the
bounce acceleration of the vehicle with PSS, although very small, is larger than that of the vehicle
with conventional suspension at the beginning and end of the acceleration operation. This may be due
to the difference of the coupling between the bounce and pitch for the two types of vehicles. The
longitudinal acceleration determined mainly by the traction input, and the lateral acceleration induced

primarily by the steering input, are very close between these two types of vehicles.
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Figure 6-20: Time history of the chassis velocity components in a lane change
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Figure 6-21: Time history of the chassis acceleration components in a lane change

6.3 Study of Handling Performance in Frequency Domain

The directional stability is an important issue in the vehicle handling study, and the frequency

handling response of a vehicle plays an important role in the evaluation of a vehicle’s handling
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performance. Therefore, a frequency domain study of handling performance for a PSS vehicle is

carried out.

In this study, the proposed vehicle model is linearized at operation points to obtain the frequency
domain transformation of the linearized system from input to output. The directional stability of a
PSS vehicle is examined by an eigenvalue analysis of the linearized system. The frequency handling
responses of a PSS vehicle, in terms of a yaw velocity gain and a lateral acceleration gain, are
predicted and analyzed. These responses are also compared with those of a similar conventional

vehicle to assess the handling performance of the planar suspension system in frequency domain.

6.3.1 Linearization of System Equations

The vehicle model system presented in Section 5.3 is highly nonlinear. The nonlinearity arises from
the nonlinear longitudinal components of the suspension system, the state-dependent stiffness and
damping matrices of the pitch plane sub-model, the coupling between the pitch and yaw plane
motions, and the nonlinear friction between tires and the ground. In order to perform a frequency

domain study, the system model is first linearized.

The model system, described by equation (5.15) for the pitch plane motions and equation (5.16)

or (5.18) for the yaw plane motions, is rewritten in the state space form as:

X(t)=f [X(®),U)] (6.4)
where X(t) is the state vector as follows:

T

R (6.5)

z V. V. Q
X

y 2 m g K

This state vector describes the motions of the vehicle model system. Note that 6; and &,

representing the rotational motions of two tires, are not needed.

U(t) is input vector containing the input variables, including the road irregularity, driving/braking
torque and steering angular input, as follows:

) _ . : T 6.6

U(t)z{zof Zor Zof Zor Tt Tr % % I } (6.:6)

Equation (6.4) can be linearized at an operation point, X,, with a reference input, U,, in the

following form:

X(t) = f(X,U,)+AX-X,)+BU -U,) (6.7)
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where A is a 17x17 matrix and B is a 17x9 matrix as follows:

A:[i} and B:[i} (6.8)
oX Iy, u, ou |y ¢

oo

When the operation point is an equilibrium point at which the system is linearized, the following

expression holds:
f(X,,U,)=0 (6.9)
LetX =X -X,,and U =U -U,_, then
X =AX +BU’ (6.10)

The crucial task of the system linearization is to determine the equilibrium point. This point can

be obtained by setting all the time derivatives in equation (6.4), excluding the angular velocities of the

two tires (6, and 6, ), to zero and solving for X with a certain set of values of U,.

Equation (6.10) represents a time invariant linear system. The frequency domain transformation

from U (o) to X' () are established as follows:

X () = (iol — A)~1BU () (6.11)
It can be seen from equation (6.5) that the 12" element of X '(w) is the response of the lateral

velocity variation, and the thirteenth element is the response of the yaw velocity variation, that is,

V(@) =V, =V )@ =X (@)L 2 (6.12)

Q(0)=(Q,-Q, )@)=X ()L I
In the vehicle handling analysis, the lateral acceleration (a,) response is always of paramount
interest, but is not a state variable of the system. However, the lateral acceleration can be attained by

the following expression:

a =V +V.Q (6.13)
y 'y X'z
The frequency response of the acceleration is easily obtained from the above relationship as
follows:
ay (w) = Ia)Vy (o) +VXQz () (6.14)
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The steady-state 2D friction forces predicted using equation (5.12) are nonlinear with respect to
the longitudinal slip, s, and side slip angle, «, and thus cannot be applied to the frequency study.

Therefore, equation (5.12) needs to be linearized as follows:

aﬂiss (ao ) So)
oo
aﬂiss (ao ’ So)
S—S
e (s —s,)]

% (ar,5) = F [ (,,5,) + (@ — at,)

(6.15)
+

where (s,, a,) are the point where the linearization is performed. The close form of the partial
derivative terms may not exist. A secant linearization method is used to obtain these terms in this

study.

The purpose of this study is to investigate the frequency response of a vehicle due to a frequency
input in the neighborhood of an equilibrium point. The investigation is performed in two scenarios: (i)
the external longitudinal force applied to the vehicle, F,,, is zero; and (ii) the external longitudinal
force applied to the vehicle, Fy,, is constant and forward. Owing to the complexity of the model

system, the Maple symbolic computation tool is employed to perform the simulation.

6.3.2 Turning on a Straight Flat Road without Longitudinal Friction Force

When there are no road irregularity and external longitudinal force, a vehicle can keep a steady-state
or equilibrium state without any torque and steering inputs. The reference input vector, U,, is equal to

zero. Substituting U, in equation (6.4) and solving for X can result in X,. It should be noted that the
derivative elements in X,, excluding the angular velocities of the two tires (éfo and éro ), are equal to

zero and the longitudinal velocity of the chassis, V, can be arbitrarily assigned in steady-state. In this
study, the speed is set as 80 km/h. The suspension longitudinal deflections are zero because there is
no external longitudinal force. The lateral velocity and yaw velocity are zero, so only the bounce and

pitch motions need to be determined. Thus, the linearized point is as follows:
X X X
so ‘ufo “uro 'xo "yo “"zo "Alo "Blo "Alo "Blo

T
xz{zso¢zzééz¢zzvvg X

VooV T
=0000 -2 -X7 4 z. 2 V 000000
R so ‘ufo “uro X

(6.16)
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The point (so, o), Where the linearization of the friction model is performed as in equation (6.15)

for each tire, is (0, 0) in this case.

The stability of the linear system defined by equation (6.10) is first examined. This can be done
by referring to the eigenvalues of matrix A. According to the stability theory of a linear system, a
system is asymptotically stable if the real part of every eigenvalue of A is negative, and bounded-
input bounded-output (BIBO) stable if the real part of every eigenvalue of A is non-positive. The

eigenvalues of matrix A for the PSS vehicle are calculated and listed in Table 6-1.

Table 6-1: Eigenvalues of the linearized system (matrix A) for a PSS vehicle

No Eigenvalue Frequency (Hz) Damping Ratio
1 -841.00 133.85

2 -511.18 84.58

3 -45.65+75.80 i 14.08 0.516
4 -28.36+£74.88 i 12.74 0.354
5 -1.83+6.27 i 1.04 0.280
6 -2.24+6.91 i 1.16 0.309
7 -11.47£10.57 i 2.48 0.735
8 -19.00£6.63 i 3.20 0.944
9 -12.54+4.21 2.05 0.956
10 -2.62x10°° 4.49x10™°

It is evident from Table 6-1 that all of the eigenvalues have negative real part. Therefore, this

system is stable at the linearization point (X,, U,).

The yaw velocity gain and phase lag, as well as the lateral acceleration gain and phase lag, of the
PSS vehicle and the conventional vehicle are depicted in Figures 6-22 and 6-23, respectively. The
investigation is carried out in the conditions of the vehicles with understeer, neutral steer, and
oversteer characteristics. These steer characteristics are obtained by changing the distances between

the vehicle gravity center and the two tires (b and c).
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Figure 6-22: Frequency response of yaw velocity gain and phase lag

Figure 6-22 indicates that an increase in the steering frequency generally leads to a small yaw
velocity response but a large phase lag. The results displayed in Figure 6-23 imply that an increase in
the steering frequency first reduces the lateral acceleration response to a minimum value at a critical
frequency, which is between 2 and 3 Hz. After this frequency, the lateral acceleration response
increases for an increase in the steering frequency. It is evident from Table 6-1 that this critical
frequency is actually the natural frequency of the steering motions. The phase angle exhibits the same
pattern, but the critical frequency is somewhat small. The solutions shown in these two figures are
consistent with those in the literatures [98, 99]. This implies the proposed model and method are
effective. When the input frequency is zero, the responses are actually the steady-state responses,

120



which are consistent with the result obtained in Chapter 5. The results also indicate that the frequency
response of yaw velocity and the phase lag for a PSS vehicle are almost the same as those of a
conventional vehicle. In other words, the application of a soft connection between the sprung and

unsprung masses in a PSS vehicle does not affect the handling performances when no external forces

are applied.
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Figure 6-23: Frequency response of yaw velocity gain and phase lag

The frequency responses for an understeer PSS vehicle and a similar conventional vehicle at
various speeds are displayed in Figure 6-24 and 6-25, respectively. They reflect the effect of the
vehicle speed on the frequency responses. In general, the yaw velocity and lateral acceleration
responses are small at a low speed, and are larger at a higher speed for these two types of vehicles.

Partially in the frequency range between 0~3 Hz, the speed dependency of the yaw velocity and
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lateral acceleration on the vehicle speed is very significant. However, such an effect becomes
negligible at high frequency. Figure 6-24 and 6-25 also indicates that the frequency responses of these

two types of vehicles are close at various speeds.

12_ EAY

=
=1
1

10- 3
051 V=30 kmvh
. "-. — — — V=30kmh
84 . —_ =« = V=120 km/h

Yaw Veloeity Gain ({deg/s)/deg)
o
=
=y

44
2 -
0 T T T T T 0 T T T T T
0 2 4 6 8 10 0 2 4 6 g 10
Frequency (Hz) Frequency (Hz)
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6.3.3 Turning on a Flat Road with Longitudinal Braking Force

In some cases, a braking force is needed to balance the external forward longitudinal force acting on a
vehicle to maintain a steady state. In such cases, the suspension systems generate longitudinal
deflections. The wheelbase and vehicle weight distribution at the front and rear wheels changes. As a

result, the longitudinal and lateral friction forces also have to change.

In this study, the total longitudinal braking force needed to maintain a constant speed is assumed
to be 300 N, with such a distribution ratio that the applied braking torque is proportional to the static
wheel load. By knowing the suspension force which is equal to the braking force in the steady state,
the front and rear longitudinal deflections of a PSS suspension are calculated by solving equation (5-

17) for Ax with knowledge of the spring force F.

To obtain the required longitudinal braking force to balance the external force, the longitudinal
slips, s, at the front tire and, s, at the rear wheel, are generated in the contact patch when the
braking torque are applied. These longitudinal slips can be calculated from the tire model when the

friction forces are known. Note the tire forward velocity is known. Having these two parameters, the

angular velocity of the front (rear) wheel, éf(r)o , can be determined by the following equation:

-V
0 = X 6-17
f(r)o Rty =S¢ (ry0) ®10
The point (s, a,), Where the linearization of the friction model is performed as in equation (6-15)

for the front (rear) tire, is (Styo, 0) in this case.

After the vehicle model system is linearized at point (X,, Uy). The eigenvalue analysis is
performed at a speed of 80 km/h. The analysis results, as listed in Table 6-2, indicate the real parts of
all the eigenvalues except the last one are negative. The real part of the last eigenvalue can be
regarded as zero. This means the system is BIBO stable. The nonnegative eigenvalue may relate to
the vehicle forward motion (V,). It can be understood that, physically, the vehicle forward velocity
cannot return its original value when it undergoes a disturbance but keep constant after the

disturbance disappears.
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Table 6-2: Eigenvalues of the linearized system (matrix A) for a PSS vehicle with braking force

No Eigenvalue Frequency Damping Ratio
(Hz)

1 -782.36+0.0 i 124.52

2 -537.13+0.0 i 85.49

3 -45.65+75.79 i 14.08 0.516

4 -28.36£74.88 i 12.74 0.354

5 -18.96+8.69 i 3.32 0.909

6 -1.83+6.29 i 1.04 0.280

7 -2.26+6.94 i 1.16 0.31

8 -11.49+10.60 i 2.49 0.735

9 -12.35+£4.02 i 2.07 0.951

10 3.96x10™°+0.0 i 6.31x10™

Figure 6-26 illustrates the yaw velocity gain and phase lag. It is obvious that the yaw velocity
responses of the two types of vehicles are very close when the steering frequency is less than 3 Hz.
When the frequency increases, the yaw response of the PSS vehicle becomes greater than that of the
conventional vehicle, and the difference becomes more significant with increasing the frequency. The
phase magnitude of the conventional vehicle increases with an increase in the frequency, whereas that

of the PSS vehicle first increases, and then decreases, with an increase in the frequency.

The frequency responses of the lateral acceleration and its phase are plotted in Figure 6-27. The
results reflect that the lateral acceleration response exhibits the same pattern as the yaw velocity
response. When the frequency is less than 3 Hz, the lateral accelerations of the two types of vehicles
are fairly close. When the steering frequency is above this value, the lateral acceleration of the PSS
vehicle is larger than that of the conventional vehicle. This can be explained by the fact that the side
slip angle of the front tire in a PSS vehicle is influenced by the rate of steering angle, as indicated in
equation (5.20-1). At high steering frequency, the side slip angles of front tire in a PSS vehicle are
large, and result in large larger lateral friction forces. However, neither the side slip angles of the
front tire nor the lateral friction force in a conventional vehicle are influenced by the steering

frequency.
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Figure 6-26: Frequency response of yaw velocity gain and phase lag
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Figure 6-27: Frequency response of lateral acceleration gain and phase lag

It should be note that the lateral friction force will reach a maximum at a critical value of the side
slip angle and cannot increase by further increasing the side slip angle. At the high frequency, where
the side slip angle of the front tire in a PSS vehicle is large, the linearization of friction force

represented by equation (6-16) cannot describe the relationship between the lateral force and slide slip
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angle. Consequently, the response gains of the PSS vehicle illustrate in Figure 6-26 and 6-27 have

low accuracy at high frequency.

6.4 Summary

In this chapter, the handling behaviour of a PSS vehicle was investigated in the time and frequency

domains using the model system developed in Chapter 5.

In the time domain study, the dynamic handling response of a PSS vehicle was predicted and
analyzed under different turning conditions, and compared with those of a conventional vehicle. The
simulation results demonstrate that the planar suspension system can effectively absorb the
longitudinal shock when a vehicle turns on a bumpy road, but does not induce any disadvantages
regarding the handing performance. On the contrary, in some cases such as a turning combined with a
braking operation where the stability is a major concern, the PSS vehicle exhibits more understeer
behaviour, which means that the vehicle is more directionally stable. This is the unique property of
the PSS regarding the effect on the handling characteristics. The result also indicated that the PSS
can sufficiently absorb the longitudinal impact and reduce the longitudinal force, and therefore can

protect the vehicle components from damage.

The frequency domain study was carried out by linearizing the dynamic system to investigate the
system stability and frequency response. An eigenvalue analysis indicates that the vehicle is
completely directionally stable. The investigation of the frequency response shows that the handling
behaviour of the PSS vehicle is almost the same as that of the conventional vehicle when there is no
longitudinal force in the suspension system. When the longitudinal braking forces exist, namely when
the suspensions have longitudinal deflections, the two types of vehicle have similar handling
responses when the steering input frequency is less than 3 Hz. At high frequency, the PSS vehicle is
more sensitive to the directional excitation than the conventional vehicle, particularly in terms of the

lateral acceleration. This is another effects of PSS on the handling characteristics.
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Chapter 7
Total Dynamics Study

7.1 Overview

The ride quality, pitch dynamics and handling performance of a PSS vehicle have been studied in
previous chapters. However, these studies were based on either a quarter-car model or a half-car
model in which several simplifications are assumed. These models can only simulate a specific aspect
of the dynamic behaviors of a PSS vehicle, but cannot investigate the total dynamics of the PSS
vehicle. On the other hand, the overall dynamic performance is very important to evaluate the
feasibility, merits and disadvantage of a new automobile suspension system. Due to the distinctive
features of the planar suspension system, the total dynamic performance of a vehicle with such planar
suspension systems is not clear and may differ from that of a conventional vehicle. Therefore,
simulations based on a full-car vehicle model will be conducted in this chapter to thoroughly

investigate the total dynamics of a PSS vehicle.

An appropriate vehicle model is the foundation to conduct a successful dynamic simulation. The
simplest full-car model is a 6-DOF model which neglects the effect of wheels and suspension systems
[52]. An 8-DOF model, which has four DOFs for the body velocities (longitudinal, lateral, roll and
yaw) and one DOF at each wheel representing the wheel spin dynamics [54, 55], ignores the effect of
suspension and wheel mass. The most upper order full-car model reported in literatures is the 14-DOF
model which can predict the vehicle pitch and heave motions [57, 58], but cannot model the relative
longitudinal motions between the body and wheels. While a few multibody dynamic (MBD)
commercial software packages have been reported to simulate the compliance [102], it is difficult to
find an analytical full-car model in the reported literatures which takes into account the effect of the
suspension longitudinal compliance. For the aforementioned motivations, an 18-DOF full-car vehicle
model is developed in this chapter. This model, in cooperation with a dynamic 2D tire-ground friction
model which couples the longitudinal and lateral tire-ground friction together, can simulate the effects
of the suspension longitudinal elasticity on the vehicle dynamic performance. In order to exhibit the
implementation of the PSS in an automobile, and to validate the proposed mathematic full-car model,

an Adams/car virtual model is developed.

In this chapter, the proposed mathematical full-car model, together with the Adams/car model, are

employed to study the overall dynamics of the PSS vehicle. The coupling between the vehicle
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motions along different axes is investigated in various conditions. The total dynamics of the PSS
vehicle are first studied using the Adams/car model. After that, the dynamic behaviors of the PSS
vehicle are investigated and analyzed in two special scenarios: (i) under differential braking
condition; and (ii) negotiating asymmetric road excitations. In this study, the performances of a
similar conventional vehicle under the same conditions are also investigated for the purpose of

comparison.

7.2 Development of an 18-DOF Analytical Full-Car Model

In order to include the relative motion between wheels and the vehicle body in a PSS vehicle, an 18-
DOF full-car vehicle analytical model is proposed in this study. In this model, one DOF is added to

each wheel compared to the commonly-used 14-DOF full-car vehicle model reported in literatures.

It is known that, in a double wishbone or multilink suspension, the tire camber angle changes are
very small compared to the roll angle of the body. However, for a MacPherson suspension, the wheel
inclination angle changes close to the body roll angle [58]. Therefore, it is more accurate to consider
the wheels remaining normal to the body instead of the ground in the vehicle modeling. In this study,
it is assumed that the wheels always remain in the pitch plane of body, and there is no relative camber
angel between vehicle wheels and body. It is further assumed that the longitudinal and vertical

motions of the suspension system are completely decoupled.

The scheme of the 18 DOF full-car model for a PSS vehicle is illustrated in Figure 7-1. This
model consists of 6 DOFs at the vehicle chassis center of gravity (CG), and 3 DOFs at each of four
wheels. The chassis is represented by a rigid body with a chassis-fixed coordinate frame, xyz, attached
to the center of gravity (frame 1) and the x axis is aligned in the longitudinal symmetric axis of the
vehicle. u, v and w designate the forward, lateral and vertical velocities, respectively, of the chassis.
wy, wy and o, represent the chassis roll, pitch and the yaw angular velocities, respectively. The
attitude and position of the chassis-fixed frame, xyz, with respect to the global coordinate frame, XYZ,
can be determined by successive coordinate transformations through the Euler angles as shown in
Figure 7-1. Namely, the frame xyz is obtained by rotating the global frame XYZ first through yaw
angle y about Z axis, second through the pitch angle ¢ about y’ axis and then through the roll angle 6
about x axis. Each wheel is represented by an unsprung mass with 3 DOFs, including the vertical and
longitudinal relative motions (z, and x,) between chassis and wheels, and wheel spin (€,). A wheel-

fixed coordinate frame, xy'z (frame 2), is attached to the center of wheel-ground contact patch. The

128



frame 2 is obtained by rotating the global frame through the yaw angle y about Z axis. In other words,
the coordinate frame 1 is obtained by rotating the coordinate frame 2 first through the pitch angle ¢
about y' axis, and then through the roll angle @ about x axis. The relation between the coordinate

frames is illustrated in Figure 7-1.

Figure 7-1: Schematic of 18-DOF full-car model for a vehicle with planar suspension and

coordinate frames

By the assumption, the vertical suspension deflection of the PSS vehicle is always along the
vertical direction or axis z of frame 1, and the longitudinal suspension deflection of the front
suspensions are always within the wheel plane and can rotate together with the front wheel in a

steering.

As mentioned previously, longitudinal elasticity always exists in the conventional suspension
system due to implementation of rubber bushings. These bushings can transfer longitudinal motions
and forces, and thus can be treated as a longitudinal spring element with very large stiffness. The

distinguishing property of a conventional vehicle from a PSS one is in that the longitudinal deflection
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of the front suspension remains in the vehicle pitch plane, i.e. xz plane of the coordinate frame 1, and

it do not rotate with the front wheels in a steering operation, as depicted in Figure 7-2.

Figure 7-2: Schematic diagram of an 18-DOF full-car model for a conventional vehicle and

coordinate frames (it is worthy to note the difference from Figure 7-1)

The center of front right wheel A;, is connected to the chassis at the point A through the planar
suspension system. Obviously these two points coincide when the suspension has no deflections. The
distance of the center of gravity, CG, to the plane ABCD is h. The model is a multi-body system
consisting of five rigid bodies. In order to establish the equations of the motion, the kinematic and

kinetic analyses need to be carried out.

Kinematical Analysis

The respective translational and rotational velocities, V and o, of the chassis gravity center, CG, in

the frame 1 would take the following forms:
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u Wy
V= {v} and w = {wy} (7.1)

w Wy
The translational acceleration, a, of the chassis gravity center, CG, in frame 1 can be determined
by
u U+ wyw — w,v
a=V={1'7}+oo><V= U+ WU — wyw (7.2)
W W+ WV — wyu

The velocity and acceleration at the four points (A, B, C and D) where the four wheels connect to

the chassis in frame 1 can be derived by the following equation:
Vii =V+wX rii
a,-]-=a+o'o><rii+oo><(u)><rii) (73)

where i = r(right) or 1(left),j = f(front)or r(rear).

b b —C —c
I'f = {_t}' e = { t }v Iy = {—t}, Iy = { t }
—h —h —h —h
where t is half of the wheel track. b and ¢ are the longitudinal distances from the chassis gravity

center, CG, to the front and rear wheel connect points A (D) and B(C), respectively.

The velocity and acceleration of each wheel (unsprung mass), V; and ay; in frame 1 can be

obtained by the following equations:
Vuii = Vl] + Vl;l] + w X l‘uii (74)
ai]- = ai]' + a;lii + w X I‘gii + w X ((1) X I‘uii) + 2w X l;l] (75)

where o is the angular velocity of frame 1 and r; is the position vector in frame 1 of the ij unsprung
mass center with respect to the point (one of A, B, C, and D) on the chassis where the corresponding

unsprung mass connect to the chassis. For a PSS vehicle, this position vector is expressed as

XifCOSGr Xir
ruif = xl-fsin5f and Tuir = 0 (76)
_Zif —Zir
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where x; and z; are longitudinal and vertical suspension deflections, respectively, of the planar
suspension measured in coordinate frame 1. The sign convention is that the extension of spring is
positive. o is the tire rotation about the vertical axis (z) of frame 1. It can be evaluated by the

following equations:
8 = Scospcost 7.7

where ¢ is the front wheel steering angle about the vertical axis of frame 2 or global frame (Z axis). In
fact, the above equation indicates that J; can be regarded equal to ¢ for small angular motion

assumption.

For a conventional vehicle, the position vector in frame 1 of the ij unsprung mass center with
respect to the point on the chassis where the unsprung mass connect to the chassis, r;, takes the

following form:
xij

where x;; and z;; are longitudinal and vertical deflections, respectively, of the suspension measured in

coordinate frame 1.

Vl',i]- and a{,ii are the relative velocity and acceleration in frame 1 between the unsprung mass

center and the corresponding attaching point on the chassis. For the PSS vehicle as shown in Figure

7-3, the relative velocity and acceleration in frame 1 for front wheels are

XifCc0S8f — xiijsindf Kip — xif8}2)6056f - xifS}sin(Sf
Vuit = § %ip5indy + x;;0pcos8p ¢ and ay;e = xirbpcosdy + (¥ip — xifd}z)sindf (7.9)

The relative velocity and acceleration in frame 1 for rear wheels in the PSS vehicle are as:

, J'Cir , J'C.ir
Vuir == O and auir == O (710)
_Zir _Zir

For a conventional vehicle, the relative velocity and acceleration in frame 1 between the unsprung

’

mass center and the corresponding attaching point on the chassis, V;

and a,;;, are described by
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Vllii - 0 and auii - 0 (711)

\ - = X
_ \ Tire center
\ '\.
o xif(g'fZ v ——= Acceleration terms
e
- . — = Velocity terms

\

Figure 7-3: Relative velocity and acceleration components of the front wheels of a PSS

vehicle in the coordinate frame 1 (xyz)

Through the above formulation, it can be seen that the derivation of the velocity and acceleration
of the wheels is very complex and tedious. In this study, the Maple symbolic computation tool is

employed for the formulation of these terms.

Kinetic Analysis

By neglecting the aerodynamic forces applied to the vehicle body, the external forces applied to the
vehicle are generally from the tire-ground contact patch, and are transmitted to the body through the
suspension systems. The forces applied to the wheels, taking the right side as example, are illustrated
in Figure 7-4. Fy and Fgs are the longitudinal and vertical suspension forces that measured in frame
1. The vertical suspension is assumed to be linear and the suspension forces are determined by the

following equation:
Fszrf = _kzerrf - Czrfzrf (7.12)

Considering the nonlinear spring characteristic of the PSS, discussed in previous chapters, the
suspension longitudinal force of the PSS in frame 1, Fg, can be determined by the following

equations:

k .
FSXTf = d—gxff + koxrf + erfxrf (713'1)

133



where d, is a parameter to control the upper bound of the spring deflection, which is considered as 5

cm in this study. k, is the nominal stiffness parameter of a planar suspension system, which is equal to
the corresponding vertical spring stiffness.

I:dzrr

In coordinate frame 1

| ngrf e

In coordinate frame 2
Figure 7-4: Forces applied to the unsprung masses in coordinate frames 1 and 2
The longitudinal force of the conventional suspension can be calculated by

Foxrs = KxifXrp + CorpXrs (7.13-2)
Assume Fgs and Fg,rare the longitudinal and lateral friction forces applied to the right front tire
They are generated in the contact patch and can be evaluated from the dynamic tire friction model
discussed in Chapter 5. Fyqtc and Fg, i are the longitudinal and vertical components of contact force
applied to the right front tire, and can be predicted by the radial spring contact model presented in

Chapter 3. These forces are developed in contact patch and measured in coordinate frame 2, X’y’z.
For convenience, all the force terms are transformed to frame 1 as follows:
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Fers Fyxrc0s8 — Fgyrrsing Frfe Fgxrfccosd
Fyrpt =R ngrfCOS5 + ngrfsinS and{ Fyrrcp =R ngrfCSin8 (7.14)
Fzrf 0 Fzrfc ngrfc

where R is the transformation matrix from frame 2 to frame 1 and take the following form:

1 0 0
0 cosf sinf
0 —sinf cosf

cosp 0 —sing
0 1 0
sinp 0 cosp

R= (7.15)

For the rear wheel, take the right side as example, the force terms transformed to the frame 1 can

be written as follows:

Eerr P:qxrr Erre P:qxrrc
Fyrrp =R Eyyrr and{ Fyrre ¢ =R 0 (7.16)
Er 0 Eppre FQZTfC

The vertical and longitudinal forces are transmitted to the sprung mass through the suspension
struts. The acting points of these two forces on the vehicle body can be easily determined. However,
the lateral force transmitted to the unsprung mass is through the suspension links, and the acting point
on the vehicle body is not easily to be determined. In the roll dynamic study, an imaginary point of
roll center, is always introduced. Figure 7-5 shows the forces in the roll plane of, for example, the
front suspension. This point is regarded as a pivot around which body roll occurs and the lateral
forces are transferred from the axle to the sprung mass. In the formulation of the vehicle model, the
front and rear roll centers are assumed to be fixed at the distances, h,sand h,, respectively, below the
sprung mass center CG along the negative z-axis of the chassis-fixed coordinate frame 1, as shown in

Figure 7-5. my@ayry is the lateral inertial force of the right front wheel and evaluated as follows:
MyrQyurry = Fyrg + Fyrpe — Fayrp — Mypgcosesing (7.17)
where Fgysis the lateral force transmitted to the sprung mass in frame 1.

If the roll center is assumed to be in the ground plane, i.e. if the vehicle is a rigid instead of
flexibly suspended one, the roll moment about the roll center along the longitudinal axis of frame 1 at,

for example, the right front corner, is given as

Mxrfo = yrf(Rerf +z5 + h) + (Fyrfc — mufgcosq)sine)(zrf + h)

— My Agurry(2rp + h) = FyrpRers + Fayrs(2ey + h)
(7.18)
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and the load transfer through the suspension links due to the lateral, Fq, ¢, equals to zero. When a roll
center is taken into consideration as shown in Figure 7-5, the roll moment transferred to the sprung

mass by the right front suspension is

Myry = derfhrcf (7.19)

| -Fuaar Fais Z
[ Ifc
1 MurBgulfy - ’
' - Fayie
! Y
Fyrtc !
[ I:ylf
: I:zIfC
i

Figure 7-5: Forces in the front suspension roll plane

Comparison of equations (7.18) and (7.19) concludes that the inclusion of a roll center reduces
the total moment transferred to the sprung mass. The moment deference can be regarded responsible
for the vertical load transfer forces through the linkages, Fq, s and Fqye [58, 80]. These forces can be

estimated as

_ Mxrf_Mxrfo _ FyrfRerf+derf(er+h)_derfhrcf

Fdzrf = " = " (7.20-1)
_ My—Myiro  FyifReiftFayif(Zis+h)—Fayifhycyr

Fdzlf = — " = — " (7.20-2)

For the rear wheels, theses forces are

_ Myryr—Myrro _ FyrrRerr+derr(er+h)_derrhrcr

Fagrr == = ; (7.20-3)
_ Myir—Mxiro _ Fyerelr+delr(er+h)_delrhrcr

Fazp=——"— = - , (7.20-4)
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The lateral slip angle, «, is needed in the calculation of the tire-ground friction forces. Since the
kinematic analysis is performed in frame 1, the velocity of each wheel (unsprung mass), V., which is

obtained in frame 1, should be transformed into frame 2 using the following equation:

Vguii = R_IVuii (721)

where Vg, is the velocity vector of wheels in frame 2. Then the lateral slip angle, a, can be calculated
from Figure 7-6 as follows:

Vgui Vgui
—1294Y _ sand q;, = tan~! L4y (7.22)
14

aif = tan
guifx Vguirx

Figure 7-6: illustration of the slip and steering angle

The relative longitudinal slip velocities for the front and rear wheels are

Urif = QuifReif - (VuifxC056 + VuifySing) and vy = QuirReir — Vyirx (7.23)

Equations of Motion

Based on the kinematic and kinetic analyses, the equations of motions are established for each
individual rigid body. Due to different configurations as shown in Figures 7-1 and 7-2, the equations

of motions of the PSS and conventional vehicles are different.

The translational motions of vehicle body for the PSS vehicle are described by:

mg(U + wyw — w,V) = ¥ Fyipc0s8p + ¥ Foyi + megsing (7.24-1)
mg(V + wu — weW) = ¥ FoyirSindy + Y Fgyij — mggcos@sing (7.24-2)
ms(W + wyv — a)yu) = Y Fgsij + X Fazij — msgcospcost (7.24-3)

For the vehicle body rotational motions of the PSS vehicle, the dynamic equation is
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SM=H=3+wxH (7.25)

where H is the angular momentum and e is the angular velocity of vehicle body in the frame 1. By

the symmetry assumption of the vehicle about the longitudinal axis, x, the above equation becomes

0 L, 0[lo,!+lw, 0 L, 0w,

Yy
M z I Xz 0 I zz d)z Wz I Xz 0 I zz Wz

Mx Ixx 0 Ixz d)x a)x Ixx 0 IXZ (‘)x
= X
Or

Ixxd)x + (IZZ - Iyy)wywz - Ixz((l)x(l)y + (,L)Z) = Z deijhrcj + Z stl-fsin5f(h + Zif) +
t(Z Fszlj - Z Fszrj) (7-25'1)

Iyyd)y + (Ixx - Izz)wx(‘)z + Ixz((UJ% - wzz) = - Z(Fszif + Fdzif)(b + xifCOS5f) + Z(Fszir +
Fadzirc—xir—Fsxifcosdfh+zif—Fsxir(fi+zir) (7.25-2)

1,0, + (Iyy - Ixx)wxwy + Ly (wyw, —wy) = Z(stifsinSf + del-f) (b + xifCOS5f) -
Z deir(c - xir) + (strfCOS5f + strr_stlfCOS6f - stlr)t (7-25'3)

The equations of motion for the wheels in the PSS wvehicle are described by the following

equations:
Front Wheels:
MyrQyirx = Fxig + Frirc — Foxifc0s8f + myrgsing (7.26-1)
My Auirz = Faife — Fszif — Fazif — Myurgcosecosd (7.26-2)
LufQuir = Tir — ReifFgyir (7.26-3)
Rear Wheels:
Muyr Quirx = Fxir + Frire = Fsxir + Myrgsing (7.27-1)
My Quirz = Fzij + Foire = Fszir — Fazir — Myrgcosgcost (7.27-2)
LirQuir = Tir — ReirFonir (7.27-3)

It should be noted that the longitudinal component of contact force between wheel and ground are
passing through the wheel center, and does not contribute to the wheel spin torque in equations (7.26-

3) and (7.27-3).
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For the conventional vehicle, the longitudinal springs of the front suspensions always remain in
the vehicle pitch plane and do not rotate with the wheels in a steering motion, as illustrated in Figure
7-2. The equations of motions differ from those of the PSS vehicle. The translational motions of

vehicle body are described by:

mg(i + wyw — w,v) = ¥ Fyyj + mggsing (28-1)
mg(V + w,u — wyw) = ¥ Fgyij — mggcos@sing (28-2)
ms(W + wyv — a)yu) = Y Fgsij + X Fazij — mggcospcost (28-3)

Body rotational motions:
Ixxd)x + (IZZ - Iyy)(")y('oz - Ixz(wx(")y + d)z) = Z deijhrcj + f(Z Fszlj - Z Fszrj) (29'1)

Iyyd)y + (IXX - Izz)(Jox(Joz + Ixz((*))z( - w%) = - Z(Fszif + Fdzif) (b + xif) + Z(Fszir +
Fdzir)c—xz7—Fsxith+zif—Fsxir(h+zz7) (29-2)

Izzd)z + (Iyy - Ixx)(")x('oy + Ixz((")y('oz - (bx) = Z deif (b + xif) - Z deir(C - xir) +
Z(strj - stlj)t (29'3)

The equations of motion for wheels:

My jAyijx = Fyij + Fxije — Fsxij + Myjgsing (30-1)
MyfrQuisz = Fijz + Fije = Fszij — Fazij — Murgcosgcoso (30-2)
LijQuij = Tij = ReijFyxij (30-3)

The roll, pitch and the yaw angels can be obtained through an Euler angle analysis with the

knowledge of the angular rates of the vehicle by the following equations
0= w, + (wysinf + w,cost)tang (7.31-1)
¢ = wycosH — w,sind (7.32-2)

= wySind+w,cosO (7.33-3)

cosQ
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7.3 Overall Dynamics Study Using Adams/car Model

In this study, the proposed PSS concept is implemented to build the virtual suspension models in
Adams/car environment. In this section, several simulations are carried out based on the Adams/car
models to investigate the overall performance of the PSS vehicle. The investigation includes the
suspension kinematics and compliance (K&C) characteristics, the steering performance, a single lane

change and an ISO or a double lane change.

7.3.1 Analysis of Kinematics and Compliance (K&C) Characteristics

Prior to the simulation of the full-car models, a suspension analysis in the Adams/car environment is
conducted to explore the kinematics and compliance (K&C) characteristics of the PSS distinguishing
from those of a conventional vehicle. This analysis can help the understanding of other simulation
results presented in this chapter. The main measures in terms of K&C characteristics, such as the
camber, caster, toe and kingpin inclination angles; ride rate and afore-aft wheel center stiffness; scrub
radius and roll center height, are investigated though suspension analysis for both the PSS and

conventional suspension. The definitions of the above mentioned measures are given in the Appendix.

In this analysis, a parallel wheel travel test is first carried out for a PSS assembly and a
conventional suspension assembly. The amplitude of the wheel bump and rebound is assigned to be
100 mm. Alothoug the test has been carried out for both the front and rear suspensions, only the test
results for the rear is presented herein because the only difference between these two types of
suspensions in the rear is that the rigid connection (trailing arm) in the conventional suspension is
replaced by a spring-damper strut in the PSS. Any difference of the simulation results is induced by
the longitudinal strut. The test setup in Adams/car is illustrated in Figure 7-7. The vertical spring
stiffness and damping coefficient are identical between the two types of vehicle suspensions and are

the same values of theose used in the analytical model as listed in Table 7-1.

The camber, caster, toe and kingpin inclination angles are illustrated in Figure 7-8. It can be seen
that the magnitude of camber angle of the PSS is larger than that of the conventional suspension. The
mangnitude of the caster angle of the PSS is smaller than those of the conventional suspension in the
bump travel while larger in the rebound travel. The toe angle of the PSS is always larger than that of
the conventional suspension in the entire bump and rebound travel. This may be due to the fact that
the fore-aft motion of the wheel center in the PSS assembly is larger than that in the conventional
suspension assembly due to the soft longitudinal strut.
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Conventional

Figure 7-7: Scheme of a parallel wheel travel test in Adams/car
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Figure 7-8: Camber, caster, toe and kingpin inclination angles in a parallel wheel travel analysis

Figure 7-9 displays the suspension ride rate and afore-aft wheel center stiffness. The simulation
results indicate that the ride rate of the PSS is smaller than that of the conventional suspension. This
means that the soft longitudinal strut can reduce the ride rate although the vertical struts in two types
of suspensions are completely identical. This is why the vertical acceleration in the PSS vehicle
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induced by the road obstacle is slightly smaller than that in a conventional vehicle, as presented in
previous chapters. The afore-aft wheel center stiffness of the PSS suspension is significantly smaller
than that of the conventional suspension which is mainly provided by the bushings. Therefore, the

vibrations in the longitudinal direction can be efficiently isolated, as presented in previous chapters.

Figure 7-10 depcts the roll center height in the parallel wheel travel analysis. The roll center of
the PSS is heigher than that of the conventional suspension. This implies that the soft longitudinal
compliance may reduce the distance from the vehicle gravity center to the roll center, which means

that the roll response of a PSS vehicle may be smaller than that of a conventional vehicle.
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Figure 7-9: Comparison of ride rate and afore-aft wheel center stiffness
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Figure 7-10: Comparison of roll center height in a parallel wheel travel analysis

Figure 7-11 illustrates scrub radius in the parallel wheel travel analysis. It can be seen that the
scrub radius of the PSS in a travel analysis is larger than that of the conventional suspension. In the
most range of the travel, the scrub radius of the PSS is positive. This implies that the soft longitudinal
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compliance can increases the scrub radius. This means that the PSS vehicle may provide greater road
feeling and feedback so that drivers can feel when the front tires start to break loose in a corner.
However, the PSS may increase the steering effort, steer torque and the kickback on the bumps

compared to the conventional suspensions.
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Figure 7-11: Comparison of scrub radius in a parallel wheel travel analysis

A front suspension steering analysis is also conducted. The major results are similar to those of
the parallel wheel travel analysis. Two specific sets of the steering analysis measures are the steering
ratio and total track. These measures are plotted in Figure 7-12 and 7-13. The results show that
steering ratios and the total wheel tracks of the PSS and conventional suspension assemblies are
generally very close, although the steering ratio of PSS suspension is slightly less than that of the
conventional vehicle when the input at the steering wheel is in the range of -50° ~ -180°, and the total
wheel track of the PSS vehicle is slightly larger than that of the conventional vehicle when the
magnitude of steering angle input is above 100°. In fact, larger wheel track of the front PSS at large
steering angle may be beneficial to the roll stability in a sharp turning because the larger wheel track
results in smaller roll response. In generally, the results indicate the new configuration and

longitudinal strut in the front PSS have little influence on the steering ratio and the wheel track.
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Suspension Steering Analysis
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Figure 7-12: Relationship of the steering wheel input angle and wheel steering angle in a
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Figure 7-13: Comparison of total wheel-track in a suspension steering analysis

7.3.2 Investigation of Turning Performance

In this study, the dynamic responses of a PSS vehicle to a step steering input at 50 km/h are predicted
and compared with those of a conventional vehicle. The step input at steering wheel is 75°

(approximately equal to 5° steering angle at front tires) and step duration is 1 second.

Figure 7-14 displays the time history of lateral acceleration response in the step turning
manoeuvre. It can be seen that the transient and steady-state responses of the lateral acceleration are
generally comparable between the PSS and conventional vehicles. The response of the conventional
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vehicle exhibits an approximate 0.05 g overshoot while the response overshoot of the PSS vehicle is

very small.
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Figure 7-14: Time history of vehicle lateral acceleration response in a step turning

Figure 7-15 depicts the roll angle response and shows that the roll angle of the PSS vehicle is
slightly smaller than that of the conventional vehicle after the steering input reaches a constant value.
This may related to the smaller distance between the vehicle gravity center and the roll center, as

discussed in the suspension parallel wheel travel simulation.
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Figure 7-15: Time history of vehicle roll angle in a step turning manoeuvre

145



Yaw Rate (deg/sec)

Roll Rate (deg/sec)

Pitch Rate (cleg/sec)

250

i — DS
== = Conventional

— — N
o o O
[ B - | [an]

o
o

.

0.0

4.0

55

7.0
Time (sec)

(@) Yaw

85

10.0

5.0

1| = = Convertional

—

0.0

-10.01

-15.0
40

7.0
Time (sec)

(b) Roll

85

10.0

1.0

0.0
-1.0]
20]
-3.0-
40"
5.0
.6.0]
7.0

—_— o
== = Conventional

-8.0
4.0

Figure 7-16: Vehicle angular velocities in a step turning manoeuvre

55

7.0
Time (zec)

(c) Pitch

146

85

10.0



The yaw, roll and the pitch rates in this turning manoeuvre are plotted in Figure 7-16. The steady-
state angular velocities are generally very close between the two types of vehicles. On the other hand,
the transient parts of the angular velocities, especially the roll and pitch rates of the PSS vehicle, are
larger than those of the conventional vehicle. The large pitch motion of the PSS vehicle is due to the
small anti-dive which is related to the small longitudinal stiffness. Figure 7-16 further shows that the
frequencies of the transient angular response of the PSS vehicle are slightly larger than those of the

conventional vehicle.

7.3.3 Simulation of a Single Lane Change Manoeuvre

The dynamic behaviour in a single change is simulated at 80 km/h with a magnitude of 30° sinusoidal
input at the steering wheel, which is approximately equivalent to 2° at the front wheels. Figure 7-17
depicts the trajectory of the two types of vehicles in such a manoeuvre. It is shown that the PSS
vehicle turn about 0.8 m far away laterally than a conventional vehicle in the same operation, which
means the PSS vehicle is more sensitive to the sinusoidal steering input. This implies that for a same
single lane change, a comparatively small steering input is needed for the PSS vehicle. In addition, it
can be found that, before the application of steering command, the conventional vehicle deviate from

the straight line. This deviation is due to the accumulation of computational error.
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Figure 7-17: Vehicle trajectory in a single lane change manoeuvre

Figure 7-18 and 19 illustrate the yaw velocity and lateral aceleration responses, respectively, in
the single lane operation. Consistently to the vehicle trajectory, the manitude of yaw velocity of the
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PSS vehicle is slightly larger than that of the conventional veicle. The peak values of the lateral
accelration responses of the two types of vehicles are very close. The simulation results also imply
that the response frequency of the PSS vehicle is slightly larger than that of the conventional vehicle.
The reaction of the PSS vehicle to a lane-change input is slower than that of the conventional

vehicle.This point can also be seen in the roll motion response as shown in Figure 7-20.

It is noted that the results of the single lane change simulation using the Adams/car full-car model
are not consistent with those obtained in the simulation using a single-track handling model presented
in Chapter 6. In the simulation using the single-track model, the results of a single lane change are
very comparable between the two types of vehicles. The trajectories of the PSS and conventional
vehicles predicted in that simulation almost coincide as seen in Figure 6-18(b), whereas the
simulation results by the Adams/car exhibit a certain difference as shown in Figure 7-17. This
difference may be related to the model complexity since the Adams/car model is a full-car model and
being more realistic, but the single-track model is highly simplified with a number of assumptions.

Besides, the accumulation of computational error may play a role in the difference of the lateral

position.
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Figure 7-18: Time history of yaw velocity in a single lane change manoeuvre
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Figure 7-19: Time history of lateral acceleration in a single lane change manoeuvre
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Figure 7-20: Time history of roll response in a single lane change manoeuvre

7.3.4 Study of ISO (Double) Lane Change Test

A double lane change course described in 1SO-3888 is a performance test in which a vehicle
experiences a steering operation to pass a path illustrate in Figure 7-21. The analysis stops after the
vehicle travels 250 m. This course test can examine the obstacle avoidance ability of a vehicle, and
therefore is important and necessary to be performed. In this study, an 1ISO lane change is carried out

at 100km/h for a PSS vehicle and a conventional vehicle.

The required steering wheel inputs for the two types of vehicles are predicted and plotted in

Figure 7-22. As shown, during the first part of lane change, the required steering angle for the PSS
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vehicle is smaller than that for the conventional vehicle. In the second part of the lane change, in
which the vehicle returns to its original alignment, the required steering demand for the PSS vehicle
fluctuates, and is not as smooth as that for the conventional vehicle. Such a result implies that the PSS
vehicle responses faster to a steering demand to avoid an incoming obstacle than the conventional
one. But at the end of the double lane change, adjustments are needed for the PSS vehicle to return to

its original position.
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Figure 7-21: Path of a double (I1SO) lane change course at 100km/h in Adams/car
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Figure 7-22: The required steering wheel input in a double (ISO) lane change test
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The lateral acceleration and yaw velocity responses in the double lane change are illustrated in
Figure 7-23 and 24, respectively. It can be seen that these responses of the two types of vehicles are
very comparable. The deviation from each other is very trivial and can be negligible. As reflected in
the required steering wheel inputs, the yaw velocity of the PSS vehicle has a small fluctuation when

the vehicle returns to its original alignment.
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Figure 7-23: Time history of lateral acceleration in a double (ISO) lane change test
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Figure 7-24: Time history of yaw velocity in a double (ISO) lane change test

The roll angle and the roll velocity of the two types of vehicles are investigated as illustrated in

Figure 7-25. While the roll angle responses are very close and comparable between the two types of
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vehicles, the roll velocity of the PSS vehicle has a slightly large maximum and minimum values

compared with those of the conventional vehicle. However, the difference is very small.
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Figure 7-25: Time history of roll response in a double (ISO) lane change test

7.4 Validation of the Proposed 18-DOF Analytical Model

The proposed 18-DOF analytical models for a PSS and a conventional vehicle are first validated with
a virtual model developed in the Adams/car in a scenario of passing over an obstacle. In this
validation, a single 200 mm long and 100 mm deep pothole is assigned to the right side of the road.
The dynamic responses of the PSS and conventional vehicles to this single pothole are predicted
using the proposed 18-DOF analytical model and the Adam/car one. The simulation speed is 50 km/h

and the vehicle parameters used for the simulation are listed in Table 7-1

Table 7-1: Vehicle parameters of a PPS and a conventional vehicle

PPS Conventional

Total Mass (kg) 1307 1307
L (kgm?) 800 800
lsy (kgm?) 1630 1630
ls, (kgm?) 2000 2000
Iy, (kgm?) 600 600

b (m) 1.0643 1.0643

¢ (m) 1.4357 1.4357
2t (m) (wheel track) 16 16
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Ksr (KN/m) 23.8/2 23.8/2
kst (KN/m) 35.712 35.712
Cer (KNs/m) 2.207/2 2.207/2
Cst (KNs/m) 3.311/2 3.311/2
ke, Ky (KN/m) 175 175
Cif, Cir (KNS/m) 0.5 0.5
Kitcry Kstcr 30
City (KN.s/m) 2.5
myr (Kg) 35.75 35.75
Myt (KQ) 38.184 38.184
h (m) 0.25 0.25
Prce 0.5 0.5
Rrer 0.5 0.5
lury (kgm?) 2 2
lury (kgm?) 2 2

Figure 7-26 illustrates the time history of the vehicle longitudinal and vertical accelerations. It
can be seen that, in general, the results from the different models are in fairly good agreement for
both the PSS and conventional vehicles. In the longitudinal direction, the acceleration response of the
PSS vehicle, as expected, is much smaller than that of the conventional vehicle due to the soft
longitudinal strut in the planar system. For the conventional vehicle, the longitudinal acceleration
response predicted from the 18-DOF model has a time delay with that predicted from the Adams/car
model. After the wheels have passed over the obstacle, the longitudinal acceleration response of the
conventional vehicle from the 18-DOF model exhibits notable oscillation. In the vertical direction, the
results from both the analytical and Adams/car models show that the acceleration of the conventional
vehicle is larger than that of the PSS vehicle. Result deviations between the two types of models are
observed for both types of vehicles. The vertical accelerations from the Adams/car models are slightly

smaller than those from the proposed 18-DOF analytical models.
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Figure 7-26: Comparison of acceleration responses between the proposed 18 DOF and

Adams/car models due to a single pothole

Figure 7-27 displays the responses of the roll and pitch rates obtained from the two types of
models. The peak value of the roll and pitch rates for the conventional vehicle predicted by both the
18-DOF analytical model and Adams/car model is slightly larger than those of the PSS vehicle. A
time delay is also observed between the results from the 18-DOF analytical and Adams/ car models.
Such a delay is due to the small difference of pothole position set in the Adams/car and 18-DOF

models. A slight variation between the responses obtained from different models is also observed.

Despite the existence of the deviation between the results for different models, such a deviation is
very small and negligible. The results from the 18-DOF model are generally comparable to those
from the Adams/car model. The slight differences between the results from different models may be
attributed to the bushings used in the construction of the Adams/car model. The suspension rates in
the Adams/car also slightly differ from those in the 18-DOF model, although the spring stiffness in
the Adams model is assigned as the same values as those in the analytical model, as discussed in
Section 7.3. Secondly, the roll centers in the 18-DOF are assumed to be fixed, whereas it is in fact
state-dependent in the Adams/car model as shown in Figure 7-10. Furthermore, it is assumed that the
suspension longitudinal and vertical struts are completely decoupled in the proposed 18-DOF
mathematical model. However, such a coupling cannot be avoided in the Adams/model. In addition,
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the camber and toe-in angles, which may play somewhat role in the Adams mode as discussed in

Section 7.3, are also completely neglected in the 18-DOF analytical model.
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Figure 7-27: Response comparison of roll and pitch rates between the proposed 18 DOF model

and Adams/car model due to a single pothole

The proposed 18-DOF models for the PSS and conventional vehicles are also validated with the
virtual Adams/car models in the braking and turning scenarios. Figure 28 illustrates the dynamic
responses of the PSS vehicle and the conventional vehicle in: (a) a straight line braking at an initial
speed of 100km/h, and (b) a turning maneuver at 50km/h. The inputs for these two operations are step
signals and the step rising time is 1 second. In order to mitigate the effect of the difference induced by
the tire modes on the simulation results, the default parameters of the Adams/car tire model, which is
actually a Magic formula model, are modified in line with those used in the 2D Average Lumped
LuGre model. Figure 28 indicates that the results from the different models in general have a good
agreement with each other for both the PSS and conventional vehicles. In the straight line braking
maneuver, the pitch velocity response of the PSS vehicle obtained from the proposed 18-DOF model
has a slight time delay compared to that predicted by the Adams/car model. This may be associated
with the difference of tire-ground friction models. In the Adams/car model, the tire friction force is
calculated by Magic Formula which is essentially a static model. In the 18-DOF model, the tire-
ground friction model is a dynamic model in which there is always a time delay between an input and

an output. For the conventional vehicle, a slight deviation of the pitch velocity response is observed
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between the Adams/car and 18-DOF models. The difference in anti-dive characteristics of the
suspension in the two models may contribute to this pitch rate deviation. Meanwhile, the small pitch
rate obtained in the 18-DOF model may also be related to the selected value of the longitudinal
stiffness for the conventional suspension. This selected value may be different from that of the
Adams/car model, which is mainly due to the bushing elasticity and not easy to estimate. The
suspension parallel wheel travel analysis implies that the afore-aft wheel center stiffness of the
conventional suspension is highly non-linear and varies significantely with the wheel travel, as shown
in Figure 7-2. However, in thel8-DOF model, it is assumed that the suspension longitudinal spring to

be linear and the stiffness to be constant.

The small deviation between the responses obtained from different models is also observed in a
turning maneuver as shown in Figure 7-28 (b). The deviations mainly occur at the end of the step
rising time. This deviation may be due to the fact that the roll center in the 18-DOF is assumed to be

fixed, whereas in fact it is not constant in the Adams/car model.
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Figure 7-28: Response comparison between the proposed 18 DOF and Adams/car models in a
straight line braking and a turning manoeuvre
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7.5 Investigation of Dynamic Response under Differential Braking

The dynamic response of a PSS vehicle in a differential braking is investigated using the 18-DOF
models proposed in Section 2, and the results are presented and analyzed in this section. The body
translational acceleration, roll, pitch, and the yaw rate, the roll and pitch angles, and the normal wheel

load for a PSS and a conventional vehicle are predicted and compared.

In the simulation, the braking ratio is set such that the nominal braking torque of the front and
rear axles is proportional to their static wheel loads. The simulation is carried out on both a straight
road and a curved road, namely, straight line braking and brake-in-turn maneuvers. The braking
unevenness is set by multiplying the nominal braking torque by a factor 0.9 to one wheel and by a
factor 1.1 to the cross wheel. There are totally 2 possible scenarios for the straight line braking and 4
possible scenarios for the brake-in-turn as schemed in Figure 7.29. However, only two scenarios, one

for the straight line braking (a) and one for the brake-in-turn (c) are presented in this section.

- - - )
1.1 0.9 0.9 0.9
(a) — (b) —
0.9 1.1 1.1 1.1
] ]
- - -
11 0.9 0.9 0.9
(c) — (e) —
0.9 1.1 1.1 1.1
] ) ] ]
- - - )
1.1 0 0.9 0.9 0.9
0.9 1.1 \ 1.1 © 1.1 \
] ) ] ]

Figure 7-29: Scheme of possible unevenness in a braking manoeuvre (a ~ b for straight line

braking; ¢ ~ g for brake-in-turn)
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7.5.1 Differential Braking on Straight Road

In this scenario, it is assumed that a trapezoidal braking torque with a maximum of 1000 N.m is
applied and distributed to the wheels. The nominal torque applied to each wheel is multiplied by a

factor as shown in Figure 7-29 (a). The simulation is carried out at an initial speed of 100 km/h.

The time history of the longitudinal and lateral velocity responses are plotted in Figure 7-30. The
results show that the time history of longitudinal velocity of the two types of vehicles coincides while
the lateral velocity of the PSS vehicle is slightly larger than that of the conventional vehicle. This
slight deviation is also reflected in the vehicle trajectories plotted in Figure 7-31. The deviation may
be resulted from the difference of the longitudinal stiffness between the two types of suspensions. It is
evident that the tire longitudinal slip can affect the lateral friction force even with the same lateral slip
angle, as discussed in Chapter 5. In the braking condition, due to the difference of longitudinal
stiffness, the tire longitudinal slip at the contact patch for the two type of vehicles are different,
resulting in different lateral friction forces. Such a deviation, however, is so small that can be
neglected. It can be concluded that the directional stability of a PSS vehicle in an uneven straight line
braking operation is comparable to that of a conventional vehicle. The longitudinal strut in a PSS does

not result in a notable influence on the vehicle directional behaviour in straight line braking.
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Figure 7-30: Time history of vehicle velocity responses in an uneven straight line braking

manoeuvre
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Figure 7-31: Vehicle trajectory in an uneven straight line braking manoeuvre

Figure 7-32 illustrates the time history of acceleration responses. It can be seen that there is no
difference in the longitudinal acceleration between a PSS and a conventional vehicles. A small
deviation is observed in the lateral and vertical acceleration responses. The difference for the lateral
acceleration may be induced by the different lateral friction forces while that for the vertical
acceleration may be associated with the pitch motion and braking dive. Since the vertical acceleration
at the gravity center of the chassis in such a manoeuvre is caused only by pitch motion than anything
else, the magnitudes of the vertical acceleration in both types of vehicles are rather small. It is evident
that soft longitudinal connection between the body and tires can induce relatively large pitch motion
[100]. This point is also reflected in the pitch velocity and displacement responses illustrated in

Figure 7-33 and 7-34, respectively.

The results shown in Figure 7-33 indicate that the pitch rate of the PSS vehicle is larger than that
of the conventional one, while the roll and yaw rates of the PSS vehicle are very close to those of the
conventional vehicle. As a result, the pitch angle of the PSS vehicle is larger than that of the
conventional vehicle as shown in Figure 7-34. The difference of pitch motion is actually caused by
the difference in anti-dive and longitudinal stiffness. Even though, the difference of pitch angle is
only about half degree, and therefore can be neglected. In other words, the relatively soft longitudinal

strut in a PSS has little influence on the roll, pitch and yaw motions of a vehicle.
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Figure 7-33: Time history of angular velocity responses in an uneven straight line braking

manoeuvre
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Figure 7-34: Time history of angular displacement responses in an uneven straight line braking

manoeuvre

The changes in the normal load at each wheel are displayed in Figure 7-35. In the braking
manoeuvre, the load transfer occurs between the front and rear wheels as expected. Such a transfer in
a PSS vehicle is about 120 N larger than that of a conventional vehicle in a half g straight line
braking. The difference in the load transfer is obviously associated with the position change of wheels
with respect to the body. For the conventional vehicle, the position changes are very small due to the
relatively stiff longitudinal linkage. For the PSS vehicle, however, such changes could be large owing
to the soft longitudinal strut. The relatively large pitch motion, and slightly large roll and yaw

motions in the PSS vehicle may result from the relatively larger normal wheel load transfer.
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Figure 7-35: Time history of normal wheel load in an uneven straight line braking manoeuvre

7.5.2 Differential Braking in a Turning Manoeuvre

A brake-in-turn manoeuvre is an important scenario in vehicle handling and stability study. The
unevenness of braking force in such a manoeuvre may cause some influences on the vehicle
directional stability. It is therefore necessary to investigate the dynamic behaviour of a PSS vehicle.
In this investigation, it is also assumed a trapezoidal braking torque with a maximum of 1000N.m is
applied and distributed to each wheel. The nominal torque applied to each wheel is multiplied by a
factor as shown in Figure 7-29 (c). The steering input is a 2" step angle. The braking and steering

inputs are applied to the vehicle simultaneously at an initial speed of 100 km/h.

The vehicle trajectory in the differential brake-in-turn is plotted in Figure 7-36. The paths of the
two types of vehicles are very close. The path radius of the PSS vehicle, however, is slightly larger
than that of a conventional vehicle. This indicates that the PSS vehicle exhibits more understeer
characteristic in a differential braking-in-turn manoeuvre. However, this difference is so small that
can be neglected.
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Figure 7-36: Vehicle trajectory in a differential brake-in-turn manoeuvre

The time history of velocity and acceleration responses is illustrated in Figure 37 and 38,
respectively. As shown, the longitudinal velocities are very close between the two types of vehicles
although there is a small difference of about 0.1m/s, whereas the lateral velocity of the conventional
vehicles is slight larger than that of the PSS vehicle during the last half of braking process. The results
shown in Figure 38 imply that the acceleration responses along the three orthogonal directions are
generally comparable prior to the moment when the braking torque starts to decrease. After this
moment, the deviation in the acceleration responses is observed in all the three directions. In the
longitudinal direction, the acceleration response of the PSS vehicle changes relatively smooth
compared to that of the conventional vehicle. The difference in longitudinal dynamics between the
two types of vehicles may be related to the longitudinal dynamic friction. When the braking torque
starts to decrease, tire ground friction loses its steady-state and the relative longitudinal slip of tires
undergoes successive state changes. Because of the soft longitudinal strut in the planar suspension
system, the relative longitudinal slip in the PSS vehicle tires changes milder than that of the

conventional vehicle.
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Figure 7-37: Time history of velocity responses in a differential brake-in-turn manoeuvre
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Figure 7-38: Acceleration response in a differential brake-in-turn manoeuvre

Figure 39 shows the time history of vehicle angular velocity in the differential brake-in-turn
manoeuvre. Before the braking input starts to decrease, the roll, pitch and the yaw rates of the PSS
vehicle are very close to those of the conventional vehicle, except the pitch rate of the PSS vehicle is

relatively larger at the beginning of the manoeuvre when the braking torque increases. After the
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moment when the braking input starts to decrease, the magnitudes of the roll and pitch rates are close
between these two types of vehicles whereas there is a time delay for the conventional vehicle. This
time delay may be related to the difference in the longitudinal stiffness of the two types of suspension
systems. When the braking torque starts to decrease, the kinetic energy stored in the compressed
longitudinal springs of the planar suspension systems can push the wheels back to their original
locations, and induce a relative velocity (forward) between tires and ground. However, due to the stiff
longitudinal stiffness, the relative motions in the conventional vehicle are not so evident as in the PSS
vehicle. Such a relative velocity can reduce the tire slip velocity (backward) defined by equation (5-
4). As consequence, the tire friction forces in the PSS vehicle decrease faster than those in the

conventional vehicle, so that the PSS vehicle can response earlier in roll and pitch motions.
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Figure 7-39: Angular velocity responses in a differential brake-in-turn manoeuvre

The time history of the roll and pitch angles is plotted in Figure 7-40. Similar to the uneven
straight line braking scenario, the roll responses are very close between the PSS and conventional
vehicles, whereas the pitch motion of the PSS vehicle is larger. However, the difference is only about
half degree in such a half g braking operation while the vehicle is turning.
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Figure 7-40: Time history of angular roll and pitch angle in a differential brake-in-turn

manoeuvre

The suspension longitudinal deflections in the uneven braking-in-turn may be of interest. They
are also investigated and plotted in Figure 7-41. As expected, the suspension longitudinal deflections
of the PSS vehicle are considerably larger than those of the conventional vehicle. Combined with the
results presented previously, a certain amount of longitudinal relative motion between the body and
wheels may not be harmful to the vehicle braking, handling and roll performance. A large transient
deflection at the rear right wheel takes place when the braking input decreases. Such a deflection
exceeds the value of d, (5cm) in equation (7-13.1), and may challenges the design space. This
problem can be easily solved by adding a bumper or stopper for the longitudinal strut in the detailed
design, and equation (7-13.1) can be modified with piecewise characteristics in case a stopper for the

longitudinal strut is employed.
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Figure 7-41: Suspension longitudinal deflections

The normal wheel loads at the four wheels are illustrated in Figure 7-42. The results indicate that
the normal wheel load can be laterally transferred from the left side to the right side during the brake-
in-turn manoeuvre (turn left). The simulation results also show that the increase of the normal wheel
at the front right wheel is larger than that at the rear right wheel, while the reduction at the front left
wheel is smaller than that at the rear left wheel. This implies that the normal load transfer also occurs
between the front and rear duo to the braking. The results further indicate that the normal wheel loads
of the PSS vehicle are larger than those of the conventional vehicle at the wheels (front right and rear
left) where the applied braking torque is larger. At the moment of 7 second, the difference is about
132N, which is slightly larger than the load transfer in the straight line braking as shown in Figure 7-
34 At the wheels (front left and rear right) where the applied braking torque is smaller, the normal
wheel load of conventional vehicle is slightly larger. However, the variation in the wheel normal load

is very small compared to the magnitude of the wheel load, and, therefore, can be negligible.
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Figure 7-42: Time history of normal wheel load in an uneven brake-in-turn manoeuvre

7.6 Investigation of Dynamic Response due to Asymmetric Potholes

The dynamic behaviors of a PSS vehicle to a pair of asymmetric obstacles are investigated using the
proposed models. The simulation is carried out at 50 km/h. Two 200 mm long, 100 mm deep potholes
are respectively assigned to each side of the road as shown in Figure 7-43. The distance between the
potholes is 1m. The chassis translational acceleration; roll, pitch and yaw rates; roll and pitch angles;

and the normal wheel load for the PSS and conventional vehicles are predicted and compared.
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Figure 7-43: Illustration of the pothole positions
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Figure 7-44 illustrates the time history of acceleration response. It can be seen that the lateral and
vertical accelerations of the PSS and conventional vehicles are comparable, although a small variation
is observed in the lateral acceleration response. Four peaks correspond to the impacts when four
wheels traverse the potholes. In the longitudinal direction, the acceleration response of the
conventional vehicle exhibits oscillations with large magnitudes, whereas that of the PSS vehicle is
much small and smooth. The simulation results have clearly demonstrated that the planar suspension
system has a significant improvement in absorbing the longitudinal shocks induced by the road
obstacles. The acceleration response of the PSS vehicle is very small compared with that of a
conventional vehicle in the longitudinal direction. This is the primary advantage of the planar

suspension over the existing automobile suspensions.
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Figure 7-44: Time history of vehicle acceleration responses to asymmetric potholes

The time history of the longitudinal and lateral velocity responses are plotted in Figure 7-45. The
results show that the forward velocity of the conventional vehicle oscillates very seriously when the
vehicles traverse the asymmetric potholes. Such oscillations, as well as those exhibited in the
longitudinal acceleration response, are related to the large longitudinal stiffness in the conventional
suspension. On the contrary, the changes of forward velocity in the PSS vehicle are smooth. Due to
the obstacle steering effect, the asymmetric potholes induce small lateral velocity. As shown, such

small lateral velocities for both types of vehicle are generally comparable.
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Figure 7-45: Time history of vehicle velocity responses to asymmetric potholes

When vehicles pass over road obstacles, the longitudinal tire-ground interaction forces at four
wheels are different and the moments generated by these forces about the vehicle vertical axis, z, are
not balanced. The unbalanced moment can induce directional deviation. Such a phenomenon is called
obstacle-steering effect. The trajectories of the vehicles traversing a single pothole located in the right
side, as well as two asymmetric potholes at two sides are plotted in Figure 7-46. It is very interesting
to see that the directional deviation of the PSS vehicle due to the road potholes, although not very
significant, is smaller than that of the conventional vehicle in this scenario. The small directional
deviation of the PSS vehicle may be attributed to the soft longitudinal strut which can provide good

capacity of longitudinal impact absorption.

The roll, pitch and the yaw rates of the two types of vehicles due to the asymmetric potholes are
plotted in Fig 7-47. As shown, the roll rates of the two types of vehicles are very close. The peak
value of the pitch rate for the conventional vehicle is slightly larger than that of the PSS vehicle. But
the difference is very small and can be negligible. Fig 7-47 further shows that the yaw rate of the PSS
vehicle induced by the potholes is smaller than that of the conventional vehicle. The relative small
yaw response of the PSS vehicle is due to the fact that the longitudinal spring damping struts can
attenuate the longitudinal impact, whereas the considerably rigid longitudinal connection in the
conventional suspension cannot provide sufficient cushion, and, therefore, the longitudinal impact is

completely transmitted to the vehicle body. As a consequent, the PSS vehicle has a small directional
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deviation as discussed previously. This means that the PSS vehicle has a better ability to stabilize its

direction against disturbance of potholes than the conventional vehicle.
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Figure 7-46: Vehicle trajectories when experiencing potholes
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Figure 7-47: Time history of angular velocity responses due to asymmetric potholes

Figure 7-48 displays the response of the roll and pitch angles. The simulation result indicates both
the roll and pitch angles induced by the road potholes are very small and can be negligible. The
negligible angles are attributed to the vehicle suspension system. Also, the roll and pitch angles for
both types of vehicles are very close. There should be no surprise to the pitch response in this

scenario when comparing with the results presented before where the pitch of PSS is always larger. In
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this asymmetric potholes scenario, the coupling among the different factors such as the right and left

sides, the front and rear ends, and different motions may play a more important role in the response.
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Figure 7-48: Time history of angular velocity responses due to asymmetric potholes

The normal wheel loads at the four wheels are predicted and illustrated in Figure 7-49. The
results indicate that the normal wheel loads of the PSS vehicle are slightly larger than those of the
conventional vehicle. However, the difference in the wheel normal loads is very small and can be

negligible.
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Figure 7-49: Time history of normal wheel load when traversing asymmetric potholes

7.7 Summary

In this chapter, 18-DOF analytical full-car models, as well as the Adams/car virtual models for the
PSS and conventional vehicles were developed. The validation between the 18-DOF mathematical
and the Adams/car models for both PSS and conventional vehicles were carried out in three scenarios,
including passing over a single pothole, braking on a straight road, and turning on a flat road. The 18-
DOF model together with a dynamic 2D friction model can account for the effect of the longitudinal

elasticity in a suspension system on the total dynamic behaviour of vehicles.

The total dynamics of the PSS vehicle was first studied using the Adams/car virtual models for
several basic maneuvers. The simulation results reveal that the PSS system has slightly small ride
rate, considerably small afore-aft wheel center stiffness and higher roll center compared to the
conventional suspension. The dynamic responses of the two types of vehicles in a step steering, single
and double lane changes are general comparable, but small deviations are observed. The results of
turning simulation indicate that the PSS vehicle has small roll displacement. In addition, the result

also exhibits time delay between the corresponding response of the PSS and conventional vehicles.

The study under differential braking shows that the implementation of planar suspension systems
will not deteriorate the roll, pitch and yaw performance of a vehicle. In some cases such as uneven
braking-in-turn, the PSS vehicle exhibits, although very slight, more understeer characteristic. The
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study of the dynamic response due to the asymmetric road potholes demonstrates that the
implementation of PSS can significantly improve the vehicle capacity of longitudinal shock
absorption, while the roll and pitch performance are comparable to those of the conventional vehicle.
When passing road potholes, the PSS vehicle has a better directional stability. Actually there is no
surprise to the investigation results because the “soft” longitudinal strut in a PSS is soft only when the
deflection under a threshold value .When the longitudinal deflection exceeds this threshold value, the
longitudinal spring becomes as stiff as the longitudinal connection in the conventional vehicle. The
possible relative longitudinal motion between chassis and wheels is constrained by this property and
thus cannot be too large. It can be concluded from that the small relative longitudinal motion will not
change the total vehicle dynamic performance significantly besides its merits as exhibited in this

study.
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Chapter 8

Conclusion and Future Work

8.1 General

The main objective of this research is to study the dynamic behaviour of a vehicle equipped with
planar suspension systems (PSS). The specific objectives are: a) to develop a quarter-car model for
preliminary evaluation of ride comfort; b) to develop a half-car pitch plane model for pitch dynamics
study; ¢) to develop a single-track yaw plane model for handling study incorporating with the half-car
pitch plane model; d) to develop a full-car model for total dynamics study; and e) to construct virtual
models in Adams/car, the most popular commercial software in automobile industry, to reveal the
suspension properties and to validate the proposed mathematic models. Unlike the common reported
models in which the effect of longitudinal compliance in the suspension system is completely
neglected, and the wheels are assumed to be fixed to the vehicle body, the mathematical models
developed in this research take into account the relative longitudinal motions between wheels and
vehicle body. Therefore, these models can be used to study the influence of suspension longitudinal
compliance on the overall dynamics of a vehicle. The radial-spring tire model was modified by
adding the tire damping and employed in this study to generate the road excitation forces due to road
discontinuities in the vertical and longitudinal directions. A dynamic 2D tire friction model based on
the LuGre friction theory was modified and employed to simulate the 2D friction in the tire-ground
contact pitch.

This study was focused on the consideration of ride comfort, handling characteristics,
traction/braking performance, directional stability and the roll behaviour. The purpose of this study
was to gain a total insight on the dynamic behaviour of a vehicle with the proposed planar suspension
systems, and to provide a platform to implement the concept of the PSS system in automobiles. In
this study, a parallel investigation of the dynamic performance of the same vehicle with conventional
suspensions was carried out. The results of this investigation were used as a baseline for the
evaluation of the PSS vehicle dynamics. Ride and pitch dynamics of the PSS vehicle were studied
using a planar quarter-car and half-car models, respectively, in both frequency and time domains. The
ride quality of the PSS vehicle was evaluated using the basic comfort evaluation method provided by
ISO 2631, taking into account the chassis bounce, pitch and the longitudinal acceleration. Handling

performance was also studied using a single-track yaw plane half-car model. The steady-state
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handling characteristics, transient and frequency handling responses in various scenarios were
investigated in depth. The total dynamic behaviour when combining the bounce, pitch, roll and the
longitudinal dynamics in some important maneuvers, such as single lane change, obstacle avoidance,
brake-in-turn, and asymmetric obstacle traversing, was thoroughly investigated. The results obtained
in the above mentioned studies were validated by those obtained from the virtual vehicle models

constructed in Adams/car environment.

8.2 Highlight of Contribution

From reviewoing literature, it was concluded that the spring-damping element of a typical suspension
system is conventionally designed to connect the vehicle’s chassis and wheels vertically. This design
layout can only provide good isolation of the chassis from vibrations in the vertical direction. The
impacts from the ground along the longitudinal direction are entirely transmitted to the vehicle body
with little absorption. This study has thus focused on the development of a new suspension system to
overcome this limitation to achieve a better longitudinal ride quality without sacrificing other

dynamic performance. The main contributions were summarized as follows:

e A novel design layout of automobile suspension was proposed and a longitudinal spring-
damper strut was implemented in addition to the vertical one.

e The relative longitudinal motions between the wheels and body were taken into consideration
in the development of various mathematical models. The effects of longitudinal suspension
compliance on the vehicle dynamics can thus be quantitatively investigated using these
models. These effects are rarely reported in the published literature.

¢ In the formulation of half-car pitch plane model, the tire friction force was taken into account
for the simulation of vehicle pitch dynamics in time domain. This friction force in some
cases, such as obstacle traversing, can be very large but was neglected in the reported studies.

e The unsprung mass and inertias were taken into account in the formulation of vehicle
handling model and full-car model, whereas they were generally neglected in the reported
literature.

o Wheel load transfer due to the lateral friction forces developed in the tire-ground contact
patch was considered in the formulation of full-car models. This transfer was always
neglected.

e The damping of tires was added in the radial-spring tire contact model.
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In order to well capture the transient friction behaviour between the tires and ground, a newly
developed dynamic tire friction model was modified. The effective tire rolling radius, contact
patch length and normal wheel load are state-dependent instead of constant in this modified

tire friction model. These variables are estimated by the radial-spring tire contact model.

8.3 Conclusions

The major conclusions drawn from this dissertation research are summarized below:

The planar suspension system has smaller afore-aft wheel center stiffness, and thus exhibits
good potential to attenuate the impact and isolate vibration due to road excitations, regardless
of single or random distributed, in both vertical and longitudinal direction. In addition, the
replacement of the rigid trailing arm by a soft longitudinal strut can slightly improve capacity

of vibration isolation in the vertical direction.

The overall ride quality of a vehicle could be improved with a PSS system when the
vibrations along the longitudinal direction are taken into account in accordance with 1SO
2631, although the soft longitudinal strut can induce slightly larger pitch motion. Significant
improvement of shock attenuation can be obtained in the longitudinal direction through the

application of a PSS system.

The handling performance of a PSS vehicle is generally very close and comparable to that of
a similar conventional vehicle, although at high frequency the PSS vehicle is more sensitive
to the directional excitation than the conventional vehicle, particularly in terms of the lateral
acceleration. Therefore, the PSS vehicle needs relatively small steering input for a same

single lane change.

While a PSS vehicle exhibits a similar steady-state handling performance to a conventional
vehicle, the application of PSS in vehicles can enhance the understeer trend, i.e. understeer
becomes more understeer, neutral steer becomes slightly understeer and oversteer becomes
less oversteer. The longitudinal force can enhance the understeer trend of a vehicle with PSS

more than that of a vehicle with the conventional suspension.

Due to small distance between the vehicle CG and the roll center in a PSS vehicle, the roll
angle of the PSS vehicle is smaller than that of a conventional vehicle in a turning

manoeuvre.
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The implementation of planar suspension systems will not deteriorate the roll, pitch and yaw
performance of a vehicle. In some cases such as uneven braking-in-turn, the PSS vehicle

exhibits, although is very slight, more understeer character.
In some cases such as passing road potholes, the PSS vehicle has a better directional stability.

Due to the implementation of the longitudinal strut in the PSS vehicle, the longitudinal
impact applied to the tires by road obstacles can be sufficiently absorbed, and the longitudinal
force can be significantly reduced. Therefore, PSS can protect the suspension components
(joints, bushings, links and vertical struts), tires and vehicle body from the damage caused by

impact.

8.4 Recommendation for Future Work

The dissertation research exhibits a potential to develop the planar suspension system and implement

it in ground vehicle design. In view of the potential benefits and promising results of the present

study, the implementation of this concept in real automobiles is feasible. A list of further studies that

can be undertaken, along with recommendation for research improvement, is presented in the

following:

An optimization needs to be conducted for the suspension longitudinal parameters, the
maximum value of allowed suspension longitudinal travel, d;, and the longitudinal damping
coefficient, to make a reasonable comprise between design space, longitudinal vibration

isolation, handling and roll dynamics.

Detailed design should be carried out to implement this idea in real automobile suspension.
More attention should be paid on the connection of drive-line, brake-line and steering system
to the front wheels so that the control command from the driver can be accurately and timely

transmitted to the front wheels.

A prototype of the PSS should be fabricated after the detailed design. In-lab experiments are
necessary to investigate the dynamic performance of the planar suspension system for

refining the PSS design.

The refined PSS should be installed in a vehicle to conduct in-lab and on-road tests in various
conditions to further validate the results obtained in this study, and to improve the detailed
design of the planar suspension system.
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Appendix A
Definitions of Suspension Kinematics and Compliance (K&C)

Characteristics

1. Camber angle: the angle measured in the front elevation between the wheel plane and the

vertical;

2. Caster angle: the angle measured in the side elevation between the steering (kingpin) axis

and the vertical;

3. Toe angle: the angle measured in the top elevation between the longitudinal axis, x, of the

vehicle and the line of intersection of the wheel plane and the road surface;

4. Kingpin Inclination angle: the angle measured in the front elevation between the steering

(kingpin) axis and the vvertical.

5. Ride rate: the spring rate of the suspension relative to the body, measured at the tire contact
patch. It is different from the “wheel rate” which is defined as the vertical stiffness of the
suspension relative to the body, measured at the wheel center. Ride rate is the equivalent rate

of the wheel rate and tire rate.

6. Afore-aft wheel center stiffness: The stiffness of the suspension in the fore-aft direction

relative to the body, measured at the wheel center.

7. Scrub radius: the lateral distance in the y direction from the point at the intersection of the
steering axis (the kingpin axis) and the ground plane, to the line of intersection of the wheel

and ground planes.
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